The design and development of a high speed composite flywheel for hybrid vehicles by Shah, Sejul & Shah, Sejul
THE DESIGN AND DEVELOPMENT OF 
A HIGH SPEED COMPOSITE 
FLYWHEEL FOR HYBRID VEHICLES 
by 
SEJUL S SHAH 
Thesis submitted for the partial fulfilment of the requirements for 
the degree of Doctor of Philosophy of the University of London and 
the Diploma of Imperial College 
Department of Mechanical Engineering 
Imperial College London 
December, 2006 
/LtýL 
{ L(D D01, 
Abstract 
Hybrid electric vehicles, although superior to conventional vehicles, convert significant 
amounts of energy from electrical to mechanical and back again, reducing their overall ef- 
ficiency. Additionally, battery power capability is directly coupled to battery size, hence, 
batteries with excessive energy storage capacity are normally required. In contrast, fly- 
wheel mechanical storage ensures that significant energy conversions are not required. 
The power is decoupled from the energy storage and only depends on the transmission 
capability. 
This thesis describes the research, development and construction of a high speed energy 
storage flywheel for use in vehicles. The flywheel, operating up to 50,000 rpm in a low 
vacuum, utilises high speed rolling element ball bearings supporting multi-layered helically 
wound carbon fibre rotor. 
A long cylindrical rotor is utilised, to reduce gyroscopic bearing loads. Neck down 
regions are incorporated into the winding, solving a fundamental problem of attaching the 
rotor to the shaft; using metal hubs smaller than their free hoop diameter. This requires 
a novel collapsible mandrel. 
Turbomolecular Pumps were investigated for pressurising the bearing environment, to 
allow conventional lubricants in place of viscous vacuum lubricants, resulting in the devel- 
opment of a 3D C++ Monte-Carlo analysis tool. However, research into perfluropolyether 
based lubricants, allowed direct use of bearings under 17 mm. 15 mm bearings, using o- 
ring mountings, for operation above the system natural frequencies, were selected, having 
sufficient life with the rotor balanced to BS 6861-1. Direct shaft connection incorporating 
a magnetic ring vacuum seal was used. 
Hammer testing of the flywheel prototype, used to validate the predicted natural fre- 
quencies, demonstrated no significant modes for the operating range of the flywheel. Run 
down tests were carried out on the flywheel up to 22,400 rpm in a low vacuum as well as 
lower speed tests at atmospheric pressure. Atmospheric losses were very similar to those 
predicted and a good correlation between the predicted and actual losses under vacuum 
was demonstrated. 
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Nomenclature 
General 
E Pa Youngs Modulus 
I m4 Second Polar Moment of Area 
J kgm2 Moment of Inertia 
r Pa Shear Stress 
k - Ratio of Inner Layer Thickness to Overall Thickness of the Rotor. 
W 3-1 Angular Velocity 
Rotor Design 
a m Inner Radius 
b m Outer Radius 
l m Beam Length 
m kg Beam Mass 
N - Stiffness Ratio 
Pa Pa Internal Pressure 
Pb Pa External Pressure 
p kgm Material Density 
v - Poissons Ratio 
b m Radial Extension 
ee - Hoop Strain 
Ai - Vibration Mode Constant 
Containment 
Cf - Skin Friction Coefficient 
Kn - Knudsen Number 
M - Mach Number 
R Jkg-'K-' Gas Constant (Universal/Molecular Weight) 
Re - Reynolds Number 
h m Gap Between the Rotor and the Containment 
T K Temperature 
U MS-1 Velocity 
U' MS-1 Friction Velocity 
y - Ratio of the Specific Heats 
a - Specular Reflection Coefficient (0-1) 
o Wm-2K-4 Stefan-Boltzmann Constant 
C - Emissivity (0-1) 
A Wm-1K-1 Thermal Conductivity 
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Turbo-molecular Pump 
Vi m 
N_ m 
P- 
Pm 
Po m 
ts 
u ms-1 
A- 
Bearings 
Vertex Vector i 
Surface Normal Vector 
Probability 
Arbitrary Point Vector 
Starting Position Vector 
Time 
Velocity Vector 
Specular Coefficient 
B mm Bearing Width 
C33 N Dynamic Load Capacity Corresponding to a Life of 106 Revolutions 
Co N Static Load capacity 
d,  mm Bearing Pitch Diameter D mm Outer Diameter Of Bearing 
eper gmmkg'1 Permissible Residual Specific Unbalance 
Fr N Radial Force Acting on a Bearing 
F,, N Axial Force Acting on a Bearing 
G mms-1 Balance Grade (BS 6861-1 [15]) 
H W Heat Flux 
i - Bearings in a Set 
k - Additional Load Capacity For Bearing Sets 
L kgm2s'1 Angular Momentum 
Llo - Basic Bearing Life Revolutions (10% Failure rate) 
Lloh Hours Basic Bearing Life Hours (10% Failure rate) 
Ml Nm Bearing Torque Due To applied Load 
Mf Nm Bearing Torque Due To End Flanges 
M Nm Bearing Viscous Torque 
n rpm Bearing Speed 
P N Equivalent Dynamic Load 
p - Contact Factor Ball bearing: 3, Roller bearing: 4/3 
t s Time 
Uper 
gmm Permissible Out Of Balance 
Vh rpm Maximum Speed With Oil Lubrication 
Vg rpm Maximum Speed With Grease Lubrication 
X - Radial Equivalent Load Factor 
Y - Axial Equivalent Load Factor 
a degree Nominal Contact Angle 
V cSt Kinematic Viscosity 
A Wm-'K-1 Thermal Coefficient 
Vibration and Damping 
C kgs'1 Viscous Damping Coefficient 
f Hz Frequency 
A Hz Natural Frequency 
fd Hz Damped Natural Frequency 
fa Hz Axial Natural Frequency 
fr Hz Radial Natural Frequency 
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K kgs-z 
M kg 
R N4cm-1 
T- 
Coupling 
Spring Stiffness 
Mass 
Bearing Rigidity 
Transmissibility 
Damping Ratio 
E W Power Loss 
Fr N Force Radial 
F. N Force Axial 
G M Rotating Fluid Seal Gap 
ho m Rotating Fluid Seal Base Fluid Level 
ho m Rotating Fluid Seal Pressure Head 
p Nm-2 Rotating Fluid Seal Pressure Difference 
ro in Rotating Fluid Seal Radius 
S MS-1 Surface Speed 
T Nm Torque 
V m3 Fluid Volume Required 
W W Power Transmittable by a Shaft 
Terms 
AABB Axially Aligned Bounding Box 
Ansys Finite Element Solver 
Mathcad Analytical maths analysis program 
Advisor Software tool written by the National Renewable Energy Labo- 
ratory for powertrain simulation. 
CVT Continuously Variable Transmission 
Drive Train The combination of mechanisms connecting the engine to the 
driven wheels. 
DOD Depth Of Discharge 
DOF Degrees Of Freedom 
EDC European Drive Cycle (93/116/EEC) 
Epicyclic Gearbox Gear arrangement consisting of sets of gears in a sun, planet and 
ring arrangement 
FEA Finite Element Analysis 
HV Hybrid Vehicle 
HEV Hybrid Electric Vehicle 
HMV Hybrid Mechanical Vehicle 
HTS High Temperature Superconductor 
MIHPOW Mild Hybrid Heavy Duty Vehicle project in conjunction with 
Imperial College and TNT 
NPV Net Present Value 
Octtree Hierarchical 3D space tree. 
Rarefied Gas Gas where the mean free path is large compared to the charac- 
teristic length 
RMS Root Mean Square 
Simulink Mathworks software tool used to design and simulate continuous- 
and discrete-time systems 
TMP Turbomolecular Pump 
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Chapter 1 
Introduction 
1.1 Chapter Overview 
This thesis describes the research, development and construction of a high speed energy 
storage flywheel suitable for use in vehicles. 
Vehicles are a sector where large amounts of energy are consumed. They are continu- 
ously increasing in number, and there are no indications that this trend will alter in the 
near future, due to reducing vehicle capital and maintenance costs and standard of living 
changes. The latter is especially marked in newer markets such as Asia and China. 
Vehicle emissions can be divided into toxic emissions (pollutants) and CO2. The 
primary pollutants for a vehicle are generally regarded as hydrocarbons (HC's), NOx 
and Sulphates. Although these emissions have successfully been reduced by improved 
engine design and additional components such as a catalytic converter, overall pollutant 
emissions continue to increase to the detriment of the environment. The amount of carbon 
dioxide, however, can only be reduced up to a limit, due to the fundamental constraints 
of the combustion cycle, which directly couples the CO2 emissions to fuel consumption. 
Fuel consumption for transportation in the UK is shown in Figure 1.1. Although road 
transport equivalent fuel use has remained relatively stable, it is still the most significant, 
of which passenger vehicles are by far the highest users of fuel. 
For conventional vehicles, the engine can only operate close to the peak efficiencies 
allowed by the combustion cycle under certain driving conditions, for example low speed 
motorway driving (extra urban). Fuel efficiency with town driving (urban) where con- 
tinuous acceleration, followed shortly by deceleration occurs, is much reduced. Clearly 
research into vehicle propulsion systems that reduce both fuel consumption and emissions 
is needed, especially with depleting supplies of petroleum. 
The fuel consumption of modern vehicles varies from country to country according to 
the market and driving profile, for example the 2004 average fuel consumption for Amer- 
ican cars according to the EPA was 20.8 mpg (Miles per Gallon)[33]. This consumption 
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Figure 1.1: Equivalent Fuel Use for Various Modes of Transport in the UK [26] 
is especially poor when compared against the Ford Model T, first produced in 1908, with 
an estimated fuel consumption of 25 inpg. 
Hybrid electric vehicles (HEV's) offer substantial gains in fuel savings and environrnen- 
tal benefits, compared to standard vehicles in an urban environment. HEV's utilise, in 
addition to a standard vehicle engine, an additional power source in the form of batteries 
and a motor/generator. 
IIEV's, however, have to convert substantial power continuously front mechanical to 
electrical and back again, storing energy in batteries. Batteries require it significant aniount, 
of management to keep the life at reasonable levels; the lives of batteries are highly de- 
pendent on the DOD (depth of discharge) and charge/discharge cycles [7,37,47]. 
1.2 Technologies 
Vehicles generally have an internal combustion engine as their power source. Substantial 
amounts of research and development each year is performed by the vehicle manufactur- 
ers, resulting in cars that can perform beyond the average required level, with very high 
efficiencies at optimal running (such as when on a motorway). With general driving in 
towns, however, the vehicles are not running optimally: The engine is not at its most 
efficient. Continuous acceleration followed shortly by deceleration occurs with the de- 
celeration (normally) accomplished by friction brakes, where kinetic energy is wasted as 
heat. 
If the energy from braking could be re-utilised, significant reductions in fuel consump- 
tion would be achieved. This method of reclaiming energy is called "regenerative braking" . 
A common method to achieve regenerative braking is to use an electrical subsystem to 
convert kinetic into electrical energy. A hybrid Vehicle (11V) is a vehicle whose propulsion 
power comes frone more than one source, e. g. an internal combustion engine and an energy 
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storage device, whereas in conventional vehicles it comes from a single source; the IC 
engine. 
The alternative to hybrid vehicles are pure electrical vehicles, but the range achievable 
is unacceptable compared to the performance expected in terms of range and power. Re- 
cent advances have made the technology far more attractive, however, a major problem 
is still the `refuelling' of the car, where the batteries have to be recharged. As there is 
virtually no infrastructure in place at the moment, this has to be performed at home, 
normally overnight. A current use for electric vehicles (in some cities) is for firms where 
employees can use company cars for security patrols, deliveries, meetings, and transporta- 
tion between company offices. Public resources provide the electric cars, charging plugs, 
parking at the station, and project administration. Private resources provide the leases for 
the vehicles, insurance, registration, and maintenance [33]. Another example is incentives 
such as 100% discounted parking and congestion charges [106] for electric vehicles, which 
makes them a viable option for inner city transport. 
1.3 Prime Mover 
Conversion of stored energy into motive power is primarily accomplished using a device 
known as the prime mover. The most common prime mover is the internal combustion 
(IC) engine, these can be further classed into (for most vehicles) compression ignition (CI) 
and spark ignition (SI) engines. 
The IC engine is a highly developed technology, with much research being continu- 
ously undertaken to improve the performance and efficiency further. This has resulted in 
efficiencies of up to 30-40% with reduced emissions of NOx and CO (when combined with 
exhaust catalysts). 
An alternative IC engine is the gas turbine (which for a small unit suitable for a vehicle 
is referred to as a microturbine), which unlike the CI and SI engines continuously burn 
fuel. The gas turbine consists of 3 main stages: 
Compressor Compresses the air to 3-5bar. 
Combustion Chamber Burns the fuel to increase the volumetric flow rate. 
Turbine Used to extract energy from the gas exhausting from the combustion chamber. 
A substantial part of the energy extracted is used to drive the compressor. A recouper- 
ator is often used to preheat the gas entering the combustion chamber, by utilising the 
heat in the exhaust gas. This is needed to achieve higher efficiencies. The main disadvan- 
tages of gas turbines (for vehicles) are the large manufacturing costs, low efficiencies and 
the early stage of development [16]. 
All fuel burning engines convert the fuel into kinetic energy and waste heat, and are 
limited by the thermodynamic cycle limits of heat engines (Carnot cycle [21]). 
19 
Chapter 1- Introduction 
A relatively new technology into the vehicle sector is the fuel cell (which has been 
producing power since the start of the space age for a limited number of applications). 
A fuel cell is an electrochemical energy conversion device that converts fuel (normally 
hydrogen) and oxygen into electricity (DC) and heat (as well as water). As the fuel 
cell does not burn the fuel, the normal heat engine thermodynamic limits[21], are not 
applicable, allowing efficiencies of over 70%. However, current efficiencies are lower for 
vehicle applications. 
There are several different types of fuel cells, each using different mechanisms, normally 
classified by the type of electrolyte used. Fuel cells (as batteries) consist of an anode, 
cathode and an electrolyte Figure 1.2. 
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Figure 1.2: Fuel Cell Schematic 
For vehicles the most prevalent fuel cell is the `proton exchange membrane' (PEM) fuel 
cell. The electrolyte allows only positive ions to travel through. A hydrogen molecule at the 
anode comes in contact with a platinum catalyst, splitting it into H+ ions and electrons. 
The electrons are conducted through the anode, to the external circuit and return to the 
cathode side of the fuel cell. At the cathode, oxygen with the aid of a catalyst ionises, 
taking up electrons. These ions attract the H+ ions through the membrane, where they 
combine to form water. The PEM cell produces about 0.7 volts, and operates at a low 
temperature of about 80°C. 
Anode: 2H2 -º 4H+ + 4e- 
Cathode: 02 + 4H+ + 4e- -+ 2H20 
The chief disadvantages of PEM fuel cells are the requirement for hydrogen as a fuel and 
the `poisoning' by impurities such as sulphur. Hydrogen is hard to store and distribute; 
unless the infrastructure for a hydrogen economy is in place, using hydrogen as a fuel 
directly is infeasible. 
A solution for this is using a reformer, which is a device for converting complex hy- 
drocarbons into hydrogen, water and C02, however, the reforming process (similar to 
cracking) requires significantly elevated temperatures. This contributes to reducing the 
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efficiency of the fuel cell. 
Another kind of fuel cell is the `solid oxide fuel cell' (SOFC), although not very de- 
veloped for vehicles, much ongoing research is taking place. The SOFC works at high 
temperatures (700 - 900°C), but has the advantage of reforming the fuel internally and 
not being poisoned by normal levels of sulphur. SOFC's are unique in that the electrolyte 
is a ceramic that develops an electrical potential in the presence of an oxygen gradient. 
This means that the ion moving through the electrolyte is oxygen. 
Anode: 2H2 + 20' -º 2H20 + 2e- 
Cathode: 02 --' 20- + 2e- 
The high operating temperatures of a SOFC require thermally compatible materials to 
avoid high thermal stresses. There are two main types of geometry used in SOFC designs: 
planar and tubular. With the planar SOFC, fuel is on one side, while air/oxygen is on the 
other, whereas with a tubular geometry, fuel is fed to the inside of the tube and air to the 
outside. Tubular geometries have the advantage that they are simpler to seal than planar 
geometries, but have higher resistance. 
1.3.1 Plug-In Hybrids 
Plug-in Hybrid Electric Vehicles (PHEV) are hybrid vehicles that incorporate substantial 
extra batteries that are re-charged by plugging them into an electrical outlet. The extra 
batteries allow the vehicle to operate in electric only mode for significant amounts of the 
time, yet when necessary (such as on an extended journey) revert back to a hybrid vehicle 
with a conventional prime mover in operation. Plug-in hybrids stand between electric 
vehicles and hybrid vehicles, offering benefits of both. 
A report by the ERPI [34] shows the performance characteristics of various hybrid 
vehicles including plug-in hybrids. The vehicles were designated as follows: 
CV Conventional Vehicle 
HEVO A parallel hybrid with a small battery for power assist and regenerative braking, 
but not electric only mode or plug-in capability. 
HEV20 Similar to HEVO, but with a plug-in capability and a battery pack sufficient to 
enable 20 miles electric only drive. 
HEV60 Similar to HEV20, but with a battery pack sufficient to enable 60 miles electric 
only drive. 
The classes of vehicle examined were a 2001 Saturn 1.9L, 2001 Ford Explorer 4L V6 
and a 2001 Chevrolet Surburbian 5.3L V8. The most interesting is the Saturn 1.9L, as it is 
the closest to the average UK vehicle of the study. The specifications of the various levels 
of hybridisation are shown in Table 1.1, with the performance of the various hybridisation 
levels shown in Figure 1.3. 
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Table 1.1: ERPI 2001 Saturn Hybridisation Levels Specifications 
CV HEV 0 HEV 20 HEV 60 
Engine Peak Power (kW) 74 53 41 32 
Motor Rated Power (kW) - 23 37 61 
Battery Capacity (kWh) - 2.2 5.1 15.4 
Mass (kg) 1209 1221 1292 1381 
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Figure 1.3: ERPI 2001 Saturn Ilybridisation Performance and Cost 
One key advantage of the plug-in hybrids over convectional hybrid vehicles is the use of 
the energy from the grid rather then petrol (when operating in electric mode). Electricity 
from the grid, although still normally generated from non-renewable sources, is more 
efficient than using an internal combustion engine, thus cutting emissions Figure 1.3(b). 
It also normally translates to lower operating costs as off-peak electricity is cheaper than 
petrol per mile (Figure 1.3(d)) especially as taxes are lower on electricity than petrol. 
The big disadvantage (which is similar for pure EV's) is the added initial cost for 
storage batteries, which is estimated at $1000 for 10 mile extended range (Figure 1.3(c) 
and also [53,54]). However, plug-in hybrids are a compelling choice, as has been shown by 
groups such as the Californian Cars Initiative [17,35,54], where individuals have modified 
existing hybrid vehicles, for example modifying a Toyota Prius and replacing the standard 
1.3kWh battery pack with upto 9kWh Li-Ion battery packs referring to the vehicle as the 
Prius+ (Figure 1.4). 
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Figure 1.4: CALCAR Prius+ Extended Battery Pack [17] 
Many manufactures are showcasing prototypes or are developing plug-in hybrids, par- 
ticularly for the European and American markets [35], for example Daimler-Chrysler and 
Mercedes-Benz are developing a PIIEV Sprinter van. Renault built a PIIEV called the 
"Elect'Road" based on the hauigoo in 2003, which incorporated a `limp home' small IC 
engine, which was discontinued after producing 500 units [17]. 
1.4 Energy Storage 
For regenerative braking an on-board energy storage medium is needed, the most developed 
technologies are; batteries, hydro-pneumatic storage and flywheels, whilst ultracapacitors 
are also being actively developed. 
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Figure 1.5 shows the energy characteristics of current storage technologies. It is 
important to note that the power density of flywheels is misleading as the power density 
is not significantly limited by the flywheel, but by the coupling mechanism between the 
flywheel and the rest of the vehicle system. Using a pure mechanical system the projected 
boundary could be pushed further, especially as the power density and energy density can 
be decoupled unlike batteries; The power available from a lead acid battery for example 
is dependant on the surface area of the lead electrodes, thus to increase the power more 
plates are added, but the greater the number of lead plates, the higher the energy. 
1.4.1 Batteries 
The use of batteries for an energy storage device is an obvious possibility as they are 
available, able to be charged and discharged and can store energy while the car is not 
being utilised. 
For a HEV, battery selection is made according to low cost, vehicle reliability, and recy- 
cleability. Low self-discharge rate and high charge acceptance are secondary options [115]. 
Technological difficulties include low energy density, poor cold temperature performance, 
and low cycle life. 
Table 1.2 shows an overview of battery technologies that are available, the chemistry, 
energy characteristics and their main problems. Of the battery technologies that are 
shown in Table 1.2, only 3 are normally considered; Lead Acid, Nickel Metal Hydride 
and Lithium Ion. Nickel Cadmium is no longer considered except for specialist applications 
as the battery has high raw material costs, is difficult to recycle and cadmium is toxic [115]. 
Lead Acid 
Lead-acid batteries are the most established battery technology, and are currently used 
in commercially available electric vehicles. Sealed, bi-polar lead acid batteries are being 
developed specifically for HEVs, with a spiral-wound matrix or with a prismatic matrix. 
The lead acid technology can provide an energy density of 30-50 Wh/kg, costing in the 
region of $150 per kWh [6,79]. The main disadvantages of the lead acid batteries are 
low cycle life and the low power and energy densities. However, the low costs of Lead 
acid batteries ensures their continual application. Indeed, this was the driving factor in 
their adoption in the MIHPOW project [39,69], for which the life and performance of the 
vehicle was analysed [117], using a charge depleting strategy with a plug-in design. 
Nickel Metal Hydride 
Nickel Metal Hydride batteries are a much newer technology, having higher energy densities 
and charge capabilities than Lead Acid. 
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While similar to Nickel Cadmium, the batteries are non-toxic and readily recyclable, 
with cycle life better than Lead Acid, although not as good as NiCd. However, the batteries 
have a higher cost, suffer from higher rates of self-discharge than Lead Acid and require 
a more complex charging arrangement. The main challenges with nickel-metal hydride 
batteries are a very high cost, hydrogen leakage and low cell efficiency which leads to high 
temperature during charging. The nickel-metal hydride technology currently provides an 
energy density of 70-100 Wh/kg, but at a much higher cost of over $250 per kWh [62,115]. 
Lithium Ion 
Lithium Ion batteries are one of the most promising technologies, with very high theoretical 
energy densities. Li-Ion batteries are capable of high cycle lives (> 1500 © 80% DOD), 
have low maintenance and self-discharge rates. Additionally, the batteries do not have 
memory effects and have a greater temperature tolerance. However, Li-Ion batteries suffer 
from limited shelf lives, irrespective of use and are expensive (at present the costs for 
lithium ion are roughly twice as expensive as NiMH [72]). The batteries currently require 
additional protection to avoid over voltage and require sophisticated charging. 
1.4.2 Flywheels 
Flywheels are a very old technology that have the potential for high efficiency, energy 
and power, using a spinning mass to store kinetic energy. Flywheels are used in many 
areas, including aerospace and commercial use [43,90,107]. The development of energy 
storage flywheels for vehicles is not new, as attempts have been made in the past to 
develop the flywheel, but unfortunately flywheels tended to suffer from low specific energy 
due to material and speed constraints. Also, the power conversion equipment needed was 
bulky and expensive. Recent advances have opened up areas of research into flywheels 
[57,641. This includes high strength to weight ratio materials, new bearing technologies, 
high efficiency motor/generators and low-cost, miniaturised power electronics and control. 
The operating principle of a flywheel, is that by rotating a mass around an axis, angular 
kinetic energy is bestowed upon it. The energy stored in a flywheel depends on the moment 
of inertia and the speed at which it is spinning. The energy of the flywheel is calculated 
by Equation 1.1, where J is the moment of inertia and is given by Equation 1.2. 
E=2 Jw2 (1.1) 
J=f r2dm (1.2) 
For a given size and shape the energy is proportional to the mass, thus by just using a 
denser material, the energy for a given configuration will increase respectively. However, 
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it is more important to note that the energy stored is highly influenced by the distribution 
of the mass, as the energy stored is proportional to the square of the distance of the mass 
from the axis of revolution. The energy also is proportional to the square of the angular 
velocity. Thus, for a vehicle where mass and size is a concern, it is preferable to design 
a flywheel where the mass is distributed towards the circumference and to increase the 
speed. This is in contrast to simply increasing the mass of the flywheel (by using denser 
materials) which will increase the mass of the flywheel and hence the vehicle. 
The advantages of using the flywheel to store energy mechanically are: No large elec- 
trical to mechanical conversion of energy, the flywheel allows large DOD's and can cope 
with large power demand surges independently of the total storage capacity [2]. Flywheels 
are an efficient way to store energy, for regenerative braking, as well as to augment the 
engine during high demands [29,101,112]. Also, the expected life of the flywheel is not 
significantly dependent on the driving cycles that are experienced [50,97] or shelf life. 
Materials 
Modern flywheels have conventionally been made from steels due to the availability, 
strength and high densities, which will give large storage compared to low density mate- 
rials for a given speed and size. However, specific energy is also an important factor, as 
well as the absolute energy of the flywheel for mobile applications. 
The stresses in a rim rotor due to centrifugal loading is given by Equation 1.3. 
o, = pR2w2 (1.3) 
Thus, the maximum angular velocity that the ring can rotate (for a given materials 
maximum stress) is given by Equation 1.4. 
Amax 1 
Wmax= R P 
(1.4) 
For a simple rim flywheel the energy storage is given by Equation 1.5. Substituting 
in the maximum speed for a given material (Equation 1.4) yields Equation 1.6. 
E= 
1 
mR2w2 (1.5) 
Emax 
a 
Qmax (1.6) 
mp 
Equation 1.6 shows that the maximum specific energy of the flywheel, is dependent 
on the ratio of strength and density. Steels are limited in the speed that they can be 
rotated, due to stresses induced by their high densities, giving rise to a low specific energy. 
While modern composites, do not have high densities, but have very high tensile strengths 
giving a much higher potential specific energy. 
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For example, steel with a UTS of 800 MPa and density of 7850kg m-3 has a maximum 
specific energy of roughly 10% of carbon fibre with a UTS of 1540 MPa and a density of 
1580kg m-3. 
1.4.3 Hydro-Pneumatic storage 
Hydro-Pneumatic storage uses the principle that potential energy can be stored in a com- 
pressed gas. Energy is stored, by compressing the gas, and is recovered by making the gas 
do work. In practice, a fluid such as oil is used to pressurise gas in an accumulator, and 
thus work is done through the fluid. Hydro-pneumatic storage is potentially very efficient, 
but, the specific energy and complexity means that it is of limited use as a primary en- 
ergy store [1,28]. An example of a modern passenger bus incorporating hydro-pneumatic 
storage is the VEUNAM (Electric vehicle UNAM) by the UNAM Engineering Institute 
[20,45]. This vehicle is unusual in that the primary energy source is batteries with the 
secondary the hydro-pneumatic storage. 
1.4.4 Ultracapacitors 
Ultracapacitors (UC's) are able to store and supply electrical energy over a short time, 
efficiently and are similar in operation to normal capacitors. The energy is stored in a 
polarised liquid layer between the electrolyte and electrode. The current supplied and 
accepted can be very high, giving very high powers, but UC's cannot store large amounts 
of energy. Thus UC's are best at complementing other energy storage devices to buffer 
peak power transfers (such as heavy braking). Significant research in UC's has improved 
their performance conciderably, for example, in older UC's the SOC after 4-5 days was 
reduced to 50% [115], however, with modern UC's the self discharge rate is reduced to 
1.5% SOC per day [67]. 
1.5 Current Flywheel Research 
1.5.1 NASA 
NASA is heavily engaged in flywheel research within its power and propulsion office at 
the Glen Research Centre [44]. The goals are to eventually demonstrate flywheels with 
the following specifications for use in many applications (Figure 1.6): 
" System Specific Energy (usable) > 44 Wh kg-1 (20 Wh lb-1) - before 2007 
"> 220 Whkg-1 (100 Whlb-1) long term 
" Cycle Life > 75,000 
" Round Trip efficiency > 90% 
" System Cost Reductions > 25% 
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Figure 1.6: NASA - Applications of Flywheel Technology [44] 
The main research areas are in magnetic bearings and advanced bearing control incor- 
porating passive (repulsive) bearings with fault tolerant actuators and health monitoring. 
The powertrains are focused in optimising motor generator control with advanced motor 
generators. 
The current airri of the NASA research is the "G2" flywheel: 
" 320 Wh usable energy storage 
" 1000 W average charge/discharge power 
" Speed ratio of 1: 3 
" Maximum operating speed, GOkrprn 
" Motor/Generator, P\I synchronous 2-pole, 3 phase-Y connected 
" DC Bus voltage, 130V 
" Magnetic Bearings, hornopolar PMbias, 4-pole 
1.5.2 AFS Trinity 
AFS Trinity Power Corporation (formed through the merger of American Flywheel Sys- 
tems, Inc. (AFS) and Trinity Flywheel Power) is developing advanced flywheel systems 
for power quality, distributed generation, light rail power management, alternative energy 
systems, hybrid electric vehicles and spacecraft. 
Most of the flywheels that are being currently developed or shipped are for UPS 
and similar power systems using composite rotors and intrinsic permanent magnet mo- 
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tor/generators. The systems rely on magnetic bearings (though custom rolling elemen i 
bearings are also used) with the system in an evacuated environment except for the stator. 
The largest system by AFS Trinity currently is the M4A 200 kW Flywheel Power 
System for UPS use which is rated as: 
" Output Power: 200 kW 
" Energy Storage: 2.0 kWh/7.2 NIJ (usable energy) 
" Discharge time: 25 seconds 
" Cycle Life: At least 100,000 charge / discharge cycles 
" Maximum standby power: 700 W 
" Typical standby power: < 500 \V 
AFS Trinity has patented an "Active Counter-rotating Containment" Flywheel [82], 
where a slower heavier flywheel rotates around a faster inner rotor. This is used for 
containment, as well as energy storage and can result in a higher energy density and 
allows neutral gyroscopic operation, using contra-rotating flywheels (Equation 1.7). 
AFS Trinity is also developing a flywheel based hybrid for light duty and heavy duty 
vehicles incorporating the "Active Containment Flywheel". The system is based on a 
plug-in hybrid design (Figure 1.7), where most of the power conies from the grid. This 
(reportedly) will allow the vehicle to achieve 200-250 mpg with the engine being off, when 
not necessary - operating in an all-electric mode. 
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Figure 1.7: Trinity Plug-in Flywheel hybrid [3] 
The drive train is composed of 5 primary elements: 
" Advanced lithium ion batteries that are recharged at night with off-peak power frone 
the power grid 
" An advanced flywheel for improved energy capture (up to 80%) and storage from 
regenerative braking 
" Advanced power-conversion and management electronics 
"A high efficiency steady-state Internal Combustion Engine 
30 
Smau ICE CVT 
Chapter 1- Introduction 
" An electric powertrain 
As the hybrid system (called Extreme HybridTM by AFS Trinity) is a plug-in hybrid 
the fuel consumption figure is misleading as the vehicle is using electrical energy from 
the grid and not fuel for its energy source. The hybrid powertrain must be connected 
to the grid each night (or when needing charging) through a wireless inductive coupler. 
The vehicle is able to operate purely electrically for an estimated 40-50 miles and since 
most journeys (in America) are less than that no petrol is required. When the engine is 
operating the fuel consumption is around 50 nipg, thus the average of 200-250 mpg. 
1.5.3 Urenco Power Technologies 
Urenco [109] has recently stopped all activities related to Kinetic Energy Storage. Urenco 
used to provide flywheel based systems for electrical applications from UPS systems to 
peak load supplies for electrified rail systems. 
Urenco flywheels are based on a flywheel system 900 min long and 330 mni external 
diameter, tubular rotor made from carbon and glass fibre composite (Figure 1.8). 
The centre bore of the cylinder is loaded with a permanent magnet powder (NdFeB - 
Neodymiurn Iron Boron). This provides the magnetic medium. After curing, the magnetic 
inner core is magnetised with two different patterns. At one end, poles are imprinted 
circumferentially to form one half of a passive magnetic bearing. 
Top Bearing __C, 
Steel Container 
Stator IGl' 
Rotor 
Bottom Bearing -=ý 
Figure 1.8: Urenco Flywheel Rotor Module [109] 
The rest of the rotor is magnetised axially with twelve poles that form the rotor of a 
permanent magnet machine and a3 phase stator is used. 
The flywheel rotates up to 630 Hz (37,800rprn) with a surface speed equal to 622 nis 1. 
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1.6 Flywheel integration 
For successful use in a vehicle, the flywheel(s) must be able to be incorporated without 
compromising the vehicle design or cause a detrimental effect on the passenger comfort. 
One of the possible ways to do this is to incorporate the flywheels as part of the 
structure of the vehicle and not just an added module. This can be achieved as the 
flywheels will have containment, which is strong and can be suitable for incorporation into 
a structure. 
It is also important that the use of the flywheels in a vehicle does not impinge on 
the driving experience of the vehicle, including any unusual forces acting on the vehicle. 
This is important, as a high speed flywheel will act as a gyroscope, which will impose 
a torque (T) on the vehicle when turned, due to conservation of angular momentum 
(Equation 1.7). 
dL 
=rxF=T (1.7) 
L= Jw 
To compensate for the gyroscopic forces a pair of contra-rotating flywheels can be 
used. Each flywheel will impose forces individually onto the vehicle frame, which must be 
able to cope with this extra force, but as the net momentum of the two flywheels is zero, 
there is no moment external to the flywheels. It is important that the flywheels operate at 
synchronous speeds for zero net momentum, thus for a mechanical drive to the flywheel, 
a gearbox with two outputs could be placed between the flywheels. 
An example of the flywheels arrangement proposed is shown in Figure 1.9. It shows 
the relative positioning of the flywheels and drive incorporated into a small passenger 
vehicle. 
Although there is flexibility in the length of the flywheel system, as a structural unit 
could conceivably be along most of the length of the vehicle, the width and depth of the 
system is much more limited, due to the normal vehicle components such as the engine 
and passenger compartments. 
For current vehicles without altering the overall body shape, it is possible to incorporate 
a flywheel as outlined above. However, the size is significantly limited. For example, for 
incorporation into a shell of a sports vehicle, the limiting size including containment is 
250 mm by 250 mm by 1 m. However, this does not really utilise the flywheel containment 
as a structural element, thus with vehicle modifications by using a transmission tunnel 
[32], the flywheel size can be increased. 
For larger vehicles, the flywheel size is not so important since space is not as much of a 
premium. Thus, for buses and trucks, flywheels with containments of 500 mm by 500 mm 
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Figure 1.9: Flywheel Integration Into a Vehicle 
are possible. 
The size limits are important as, in order to utilise the material and have comparable 
energy storage, a smaller diameter flywheel must rotate faster. With a very small flywheel 
the speed at which it is operating becomes difficult for transferring power in and out of the 
system, whether it be gears of motor/generators, also the high speeds will present difficult 
design problems with respect to the bearings and energy losses due to windage. However, 
the use of a smaller rotor will lead to a higher specific energy. 
Flywheel sizes (not including containment) of between 200 mm-300 mm diameter were 
considered as suitable sizes. 
1.7 Research Objectives 
This thesis describes the research and development leading to the design of a flywheel 
suitable for incorporation into a vehicle. To achieve this, the following objectives should 
be examined. 
Investigate the benefits and requirements of a flywheel based powertrain. 
The advantages that are leveraged from using a flywheel must be investigated, including 
the fuel savings and performance advantages along with the modifications that are required 
for incorporating flywheels into vehicle powertrains. 
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Formulation of tools required for analysis and design of the flywheel. 
To attain a suitable design of a flywheel, many issues must be investigated; The shape 
and profile of the rotor must be developed, for sufficient energy storage and safe oper- 
ation. Containment issues including windage and burst containment must be examined 
and selection of bearings must be carried out. 
Demonstrate feasibility of flywheel for hybrid vehicle energy storage 
Construction and testing of a composite flywheel using a design suitable for vehicular 
applications must be carried out to demonstrate the design and loss predictions. 
1.8 Thesis Description 
As the flywheel is for a vehicular application it is essential to size the flywheel correctly, 
as an undersized flywheel will not be capable of supplying or storing the energy demands 
of the vehicle and the performance requirements expected of the vehicle. Conversely, if 
the flywheel is far too oversized, not only will there be a penalty in the mass and space 
used in the vehicle, but the design will be substantially more expensive, reducing the 
commercial viability. The storage requirements for a vehicle will depend on the driving 
cycle and the expected performance by the consumer, for example a sports car will have 
different requirements to a small family car. Chapter 2 describes the characteristics of 
a vehicle based on the Toyota Prius, incorporating two flywheels of similar size to that of 
the designed flywheel. This is compared to a conventional vehicle and the Toyota Prius. 
Chapter 3 describes the design of the carbon fibre rotor and the attachment to the 
main shaft using analytical, as well as computational methods. The flywheel must fulfil 
the energy requirements, be safe in operation and be readily manufacturable. The driving 
factor in the design is the stresses induced, which are highly dependent on the layering of 
the composite. 
The flywheel requires enclosing in a containment to ensure safety and maintain a suit- 
able environment. Chapter 4 describes the effect of pressure on the flywheel aerodynamic 
losses. The maximum pressure possible before the losses cause softening of the matrix is 
analysed using simple thermal models. Containment for the flywheel is important as the 
containment acts as an enclosure for the flywheel, maintaining the low pressure, and stop- 
ping any material entering into the flywheel region. The containment must also be able to 
keep a catastrophic failure of the flywheel from causing damage to the rest of the vehicle 
and passangers. Finally, it has to be designed so that maintenance of the flywheel can be 
perfomed relatively easily. 
An initial idea was to allow the bearings to be in a higher pressure environment than 
the rotor, simplifying the choice of lubricant and reducing the chance of loss of lubricant. A 
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possible method to achieve this is to incorporate a TMP (turbo-molecular pump), to pump 
from the rotor volume to the bearing area. Chapter 5 describes the implementation of a 
TMP analysis tool, written in C++. The analysis tool is a full 3D surface analysis, using 
Monte-Carlo methods, allowing arbitrary surface geometry and molecular gas profiles. 
The selection of bearings is described in Chapter 6. The bearings must support 
the flywheel and have sufficient life expectancy, whilst operating through the speed range 
of the flywheel, at reduced pressure, for which lubricants suitable for low pressure were 
examined. Another source of losses for the flywheel are the bearing losses, which are 
calculated, along with the expected temperature rise in the outer race, which is important 
as the vapour pressure of the lubricant increases with temperature and loss of lubricant 
must be avoided. A simple vibration analysis is carried out, modelling the bearings as 
springs, and the effect of damping materials in the housing. 
As the flywheel is in a low pressure environment, a method of coupling the flywheel to 
the external drive needs to be used which will not breach the containment environment. 
Chapter 7 describes the coupling of the flywheel to the external drive, with initial analysis 
on eddy current couplings, followed by direct drive using seals. For sealing the use of a 
rotating fluid seal and a magnetic fluid ring seal was examined. 
Chapter 8 describes the specific design issues for manufacturing the test rig. This 
included specific design issues of the hubs, the drive setup for the rig including a speed 
pickup and the bearing housing design. The winding of the carbon fibre is described as 
well as the balancing issues related to the rig. 
The experimental results are presented in Chapter 9, which includes hammer testing 
of the flywheel rig, and run down tests at various speeds, under vacuum and atmospheric 
conditions. 
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Assessment of Flywheel 
Performance in a Mechanical 
Powertrain 
2.1 Chapter Overview 
This chapter describes an assessment of a powertrain in a passenger vehicle utilising fly- 
wheel energy storage with mechanical transmission, which was presented at the European 
ELE-DRIVE Transportation Conference [95]. 
The mechanical hybrid vehicle incorporated a double epicyclic gearbox for power flow 
through the drive train using a simple control system derived from the Toyota Prius. The 
flywheels were modelled on the parameters developed throughout the thesis, including the 
size and operating speed range. These were derived from initial estimates for the flywheel 
inertia range from previous work [94]. 
The mechanical hybrid was compared against a conventional vehicle and a HEV (based 
on the Toyota Prius). The efficiency and the performance of the vehicles were considered. 
2.2 Hybrid Mechanical Storage 
A mechanical hybrid vehicle utilising' flywheels for the energy storage system and a double 
epicyclic gearbox for the power control was simulated. The flywheel and engine were 
connected in the drive train by a double epicyclic gear box (Figure 2.1), which controlled 
energy flow through various components. 
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Figure 2.1: Mechanical Energy Hybrid Components 
2.2.1 Flywheel 
The flywheel system consisted of a pair of composite contra-rotating cylindrical flywheels 
using conventional high speed rolling element bearings (Table 2.1). 
Windage loss was calculated using Beck's solution (Equation 4.4) which is applicable 
for drum windage in a rarefied atmosphere with high Mach numbers. 
Numerical time stepping was used for calculation of the flywheel speed and the energy 
balance (Equations 2.1-2.2) when modelling in Simulink. 
Table 2.1: Flywheel Parameters 
Mass 
Inertia 
Diameter 
Length 
Operating Range 
Pressure 
f(wf, i) =1 2J 
22 (wf, i-1 -wfi) - DEf =0 
i) rt(i) rw(t) Ef =J Tfwfdt+J MBwfdt+J MAD 
t(i-1) t(i-1) w(t-1) 
12 kg 
0.1 kgm2 
250 mm 
400 mm 
25000-50000 RPM 
10 Pa 
Tf Torque requested from the load 
MB Bearing Moment 
MAD Windage Moment 
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2.2.2 Epicyclic Gearbox 
The Epicyclic Gearbox was modelled in Simulink, according to Willis [118]. An energy 
balance was used to solve the speed of components at each discrete time step. 
Figure 2.2 shows a representation of the power flow paths in the Mechanical Hybrid 
by using two epicyclic gearboxes. 
Figure 2.2: Power Flow In Mechanical Hybrid Epicyclic Gearbox 
The prime mover and the flywheel system were attached to epicyclic gears, which in 
turn were connected together through a common ring. 
2.2.3 Control Strategy 
A simple control strategy was implemented for the vehicle, derived from the operation of 
the Toyota Prius with necessary modifications [58]; for vehicle accelerations, the power 
demand was met solely by the flywheel until the vehicle's minimum speed was reached, 
when the prime mover was turned on. When operating, the prime mover provides power for 
"cruising", as well as additional energy to recharge the flywheel system, allowing for charge 
sustaining operation. During braking, all regenerative energy recovered was directed to 
the flywheel system. 
2.3 System Simulation 
To evaluate the performance of the Mechanical Hybrid, simulations were conducted us- 
ing Advisor [74]. Two additional vehicles, a conventional vehicle and the Toyota Prius 
(Japanese model) [60,61,76] were simulated alongside the Mechanical Hybrid to provide 
a benchmark. 
2.3.1 Vehicles and Advisor Models 
The models for all the vehicles incorporated the same basic chassis as the Toyota Prius 
model, for uniform comparison. The Mechanical Hybrid was simulated using the same 
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Table 2.2: Overview of Vehicles Compaired to the HMV 
engine as that of the Toyota Prius, while the conventional vehicle had a standard en- 
gine. The conventional vehicle was fitted with an automatic transmission so the driving 
experience was similar to that of the other two vehicles. The vehicles are summarised in 
Table 2.2. 
2.3.2 Drive Cycle 
The vehicles were simulated under the European Driving Cycle (Figure 2.3) which is 
in accordance with the Passenger Car Fuel Consumption Order 1983 and the European 
Union Directive 1999/100/EC [111]. The overall statistics of the drive cycle are shown in 
Vehicle Powertrain Transmission Mass (kg) 
Conventional Conventional Automatic 1000 
Toyota Prius Electrical Hybrid CVT 1350 
HMV Mechanical Hybrid CVT 1280 
Table 2.3. 
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Table 2.3: European Drive Cycle Data 
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Figure 2.3: (93/116/EEC) 
2.4 Vehicle Performance 
Distance 11 km 
Duration 1225 s 
Average speed 32.1 kmh-1 
Maximum speed 120 kmh-1 
Idle time 339 s 
The Mechanical Hybrid was able to achieve fuel savings and emissions reduction compa- 
rable to that of the Toyota Prius as shown in Figure 2.4(a), with the simple control 
system. The emissions of HC and CO were reduced, but the NOx levels were slightly 
higher than that of the Toyota Prius, as the engine operated at a higher load due to the 
simple control system, without optimising the charge sustaining operation [95]. 
Figure 2.4(b) shows the acceleration that the vehicles were capable of. The Toyota 
Prius and the HMV were assumed to have an average state of charge and operated with 
the control system used in the simulation. The HMV had a higher acceleration than the 
conventional vehicle, which was in turn higher than the Prius acceleration. 
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Table 2.4: Results of Vehicles Simulated Against the HMV 
Fuel Consumption Relative Emissions 
(L/100km) HC CO NOx 
Conventional Vehicle 7.7 100% 100% 100% 
Toyota Prius 5.2 34% 43% 42% 
I-IMV 5.1 31% 42% 48% 
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Figure 2.4: Simulated Vehicle Performance [95] 
Additionally, estimates on the life cycle costs of the vehicle were ascertained taking 
account of incentives and perceived values according to Equation 2.3 [114], which are 
detailed in Table 2.5. 
£TotalCost 
- 
£Chassis + ýPuucvtrain - 
thicciitives -J Perrwued6'aluc - -Goviny+ 
(2.3) 
Table 2.5: Life Cycle Costs of Simulated Vehicles 
Total Chassis Powertrain Incentives Perceived Savings 
Vehicle / f- 
Cost Cost Cost Value 10 vears 
Corolla T3 13913 13913 - -0 - 
Simulated Prius 13831 - 18295 -+ 1000 500 2964 
MIIV 13731 13913 4300 1000 400 3082 
The chassis cost was based on the cost of the Toyota Corolla T3 [105], except with 
the case of the Toyota Prins, where the chassis and powertrain costs were combined. The 
incentives were based on government grants [86], while the perceived value was based on 
consumer demand for "greener" technologies [92] and as such is very subjective. The fuel 
savings were accounted over a 10 year life of the vehicle, which is the life of the batteries 
in the Toyota Prizes, using a petrol cost of £0.78 per litre ignoring inflation with an annual 
milage of 9500 miles or 15200km [26]. 
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2.4.1 Integration with Existing Powertrains 
Alternate development in the powertrain design has been carried out using the same 
flywheels models by Diego-Ayala [27], using components designed to integrate with existing 
powertrains, with minimal modification Figure 2.5. The system utilises a mechanical 
CVT system placed at the ring to provide torque, in preference to an electric motor, as 
this will avoid the use of batteries with the associated complexity and cost. 
'--T-; Transmission ý- Engine 
cl -l 
LL II Brakes 
>1 Transmission ý- , Engine 
i Brakes 
IftI 
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Figure 2.5: Bolt-on Powertrain [27] 
Table 2.6: Bolt-On Passenger Vehicle Performance (UK Driving Cycle)[27] 
Weight Energy Fuel Consumption 
Vehicle 
(kg) re-utilised (%a) (rnpg) (0) 
Conventional 1511 - 20.48 
HMV 1661 37.40 38.24 -2.20% 
Table 2.7: Bolt-On Bus Performance (8 x UK Driving Cycle) [27] 
Weight Energy Fuel Consumption 
Vehicle (kg) re-utilised (%) (nlpg) (A) 
Conventional 15525 - 6.16 
HMV 15734 19.58 7.70 -20.01% 
For use in a medium passenger vehicle according to Diego-Ayala [27] the hybrid is 
unable to attain significant advantages over that of a conventional vehicle (Table 2.6), 
whereas for a bus, fuel savings of 20% have been simulated (Table 2.7). However, this 
result is highly dependent on the specifics of the design parameters chosen and the trans- 
mission, and modification could yield further advances for passenger vehicles. 
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2.5 Assessment Summary 
Simulation using a simple model of a mechanical powertain, incorporating a flywheel 
operating between 25,000-50,000 rpm with an inertia of 0.1 kg ßn2 showed that the HMV 
can achieve fuel savings that are better than that of the Toyota Prius, with a potential 
acceleration time from 0-60mph of 9.9s, which is better than that of the conventional 
vehicle at 10.2s [95]. 
The life cycle cost for the HMV is a little lower than that of the Toyota Prius, with a 
lower capital cost and greater fuel savings. 
The simple model has some drawbacks that reduced the performance of the IIMV, 
of which the most prevalent is the large corner powers (Figure 2.7(a)). These corner 
powers are caused by large changes in demanded power, when the vehicle changes from 
acceleration to braking or back again (Figure 2.6). For a given power demand, the torque 
required is inversely proportional to the rotational speed (Figure 2.7(b)). During these 
changes of demand, the relative speed is low with operation at the `corner' resulting in 
very high torque demands which are infeasible, but still result in the high torque levels 
shown in Figure 2.6. If the corner power demands could be met, fuel saving of 15% over 
the Toyota Prius are possible. 
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Chapter 3 
Rotor Design 
3.1 Chapter Overview 
Design of a rotor that can store sufficient energy at the operating speeds, whilst ensuring 
that stresses are within the material limits, is fundamental for the flywheel. 
This chapter describes the research and analysis leading to the design of the carbon 
fibre flywheel rotor, solving one of the most difficult problems: the attachment of the 
flywheel to the shaft. Analytical techniques were used to examine some of the possible 
geometries of the flywheel, and to understand the effect of layup parameters on the stress 
and rotor dynamics. 
Finite element models were used to analyse the stresses and natural frequencies of the 
flywheel, including shaft and hub attachments. Attachment of a cylindrical rotor to the 
shaft via a hemispherical carbon fibre hub was analysed with focus on the effect of the 
hub on the stresses on the rotor. 
A novel neckdown on the carbon fibre rotor was investigated as the design has the 
advantage that a metallic hub can be used safely as the attachment diameter is much 
reduced. The shape of the neckdown and the corresponding hub shape was investigated, 
resulting in a design that was successfully manufactured. 
Due to the unusual carbon fibre shape resulting from the neck down, a custom col- 
lapsible mandrel was designed for the manufacture of the rotor. 
The final proposed design was fully modelled using finite elements incorporating the 
proposed winding layups with the fibre orientation and position changes in helical paths 
for the rotor. 
3.2 Carbon Fibre Composite Material Properties 
Carbon fibre has very high strength and low density, but its strength is uni-directional, 
requiring layup of fibres in different orientations for most applications. For a flywheel hoop 
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stresses are the most significant and thus, using carbon fibre, the layup can be tailored for 
this. 
A filament wound carbon fibre flywheel will have a very complex structure, with the 
individual tows of fibre having different helical angles, which makes it hard to analyse. 
The fibre orientation is very significant as the carbon fibre is orthotropic and as such 
the strength and modulus changes markedly as the angle changes, because the material 
properties along the fibre direction differ from that of the other two perpendicular direc- 
tions. The measure of the orthotropicity is given by the stiffness ratio Equation 3.1. 
N= 
E213 
(3.1) 
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Figure 3.1: Example Carbon Fibre Carpet Plot [104] 
One method to predict the elastic properties of a laminated carbon fibre structure is 
to use "carpet plots", which provide property data for orientation and composition of the 
laminate. An example plot is shown in Figure 3.1 which shows the overall bulk UTS for 
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a laminate composed of a mixture of 45°, 90° and 0° fibres. However, "Carpet Plots" are 
normally of limited use as it is normally assumed that loading is uniaxial and that the 
laminate is made to certain design criteria for specific applications. 
The carbon fibre composite material analysed was initially T300, due to its commercial 
availability in comparison to other higher graded carbon fibre, such as T1200, along with 
the fact that its strength is expected to be sufficient for the application. For the actual 
manufacture T700 was used, due to the nominal cost difference and enhanced properties. 
The properties of T300 are shown in Table 3.1. 
Table 3.1: T300 Material Properties [301 
Variable Symbol Value 
Young's Modulus EX 144.2 x 10 
(Pa) Ey 9.96 x 109 
Ez 9.96x109 
Poisson's Ratio vvy 0.295 
vyz 0.295 
vXZ 0.422 
Shear Modulus GXy 5.26x10 
(Pa) Gyz 5.26 x 109 
Gxz 3.89 x 109 
Density (Kg/m) p 1580 
Strength SX 1540 x 106 
(Pa) SY Z 54.6 x 106 
SY 200 x 106 Z 
Carbon fibre tubes are normally made using helical winds, with the greater the angle 
of the wind to the axial direction, the more hoop aligned the layer. It is rare to utilise only 
hoop wound layers (except for short sections) when winding tubes, as the axial strength of 
the structure will only be due to the matrix material, which has a relatively low strength. 
Thus, helical layers are normally added to enhance the axial properties such as strength 
and stiffness, for example in pressure vessels and drive shafts. The winding strategy 
for most structures is designed using computational methods, allowing for the desired 
properties. The actual winding path of an individual tow of carbon fibre has to account 
for not just the desired layer properties, but surface friction and geometrical constraints. 
It is possible to analytically calculate the paths of the tows even on complex geometry, for 
example for non-geodesic objects [65], however this is rarely achieved directly, but used in 
winding software. 
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3.3 Conventional Hub Design 
Conventional flywheels generally have low length to radius ratios, as to increase the energy 
capacity of the flywheel it is more effective to increase the radius rather than increase 
the length for a fixed speed. However, for vehicular applications, it is advantageous to 
increase the rotor length to allow greater bearing span which will reduce bearing loads 
under gyroscopic couples. Conventional flywheels consist of a ring of material, which is 
the main energy store, connected to a shaft via a symmetrical hub. 
-, 'ý ý, 
ý Cri 
Figure 3.2: Simple Hub Designs 
Figure 3.2 shows examples of conventional hub designs, including simple disk and 
spoked designs. As speeds increase, the hubs have to be more carefully designed, to avoid 
compatibility issues with the rim. For example if a metal rim expands more than the hub, 
a loss of contact will occur. Conversely, it is possible that composite rims will expand less 
than the hubs, which can lead to high stresses. 
High speed hub designs have been developed matching the rim and hubs, for exam- 
ple Optimal Energy Systems [78] has patented a hub design that matches rotor growth, 
allowing the rotor rim to reach a speed of just under 1000ms-1. 
3.4 Initial Analysis 
To approximate the complex geometry, which consists of helical windings, the rotor was 
considered to consist of two layers of carbon fibre referred to as the inner layer and the 
outer layer. The inner layer was considered to consist solely of axially aligned carbon fibre, 
which is an idealisation as real carbon fibre winding cannot produce such an alignment 
angle (0 degrees aligned with the axial). The outer layer was considered to be purely hoop 
wound carbon fibre, with a fibre direction of 90 degrees from the axial (which again is not 
possible with most winding, as the tow width is less then the winding width). 
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Varying the ratio of the layers allows approximate modelling of the helical winding 
angles. This neglects any ends or non-cylindrical regions of the rotor. This cylindri- 
cal analysis complements the initial design of a carbon fibre tube with attached hubs 
(Figure 3.3). 
_ayer 
. ayer 
Shaft 
Hub 
Figure 3.3: Schematic of rotor with separate hubs 
Figure 3.3 shows the initial proposed design. The main rotor is cylindrical and is 
attached to the shaft with hemispheric hubs. This design has the advantage that the 
main cylindrical rotor can easily be wound using conventional filament winding without 
the need for complex fibre paths. The use of hemispheric hubs in the inside of the rotor 
allows for a more compact design by providing a cavity in the system in which bearings 
or other supports can be placed. 
An initial analysis was undertaken to assess the stresses and vibrational frequencies 
that would be expected in the flywheel rotor. The stresses in a thick walled cylinder 
with orthotropic materials can be analysed using modified Lames equations incorporat- 
ing the stiffness ratio Equation B. 1 [64] (Appendix B) using the geometry shown in 
Figure 3.4. 
Pb 
Pr 
cab 
Figure 3.4: Geometry Of Thick Walled Cylinder 
The effect of the stiffness ratio can be seen in Figure 3.5 for a thick walled tube for 
stiffness ratios of 1,3.8 (T300) and 10, with the following properties: 
v=0.24 w= 50,000 RP\\1 p= 1650 kg/rra3 
Pa =0 a =0.10 
Pb =0 b =0.13in 
When N is 1, the material is isotropic and the standard Lame equations apply. As the 
value of N increases the radial stresses decrease, while the hoop stresses tend to become 
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Rotor Stresses With N Variance 
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Figure 3.5: Effect of N on Rotor Stresses 
more uniform across the rotor, developing a stress inversion at high N values. 
To categorise the rotor, which was composed of 2 layers of carbon fibre, the overall 
inner and outer radii were used, along with the ratio between the outer hoop layer thickness 
and the overall through thickness of the rotor, as shown in Equation 3.2. The thickness 
ratio is a measure to how close the rotor is to a pure hoop rotor. 
1. = 
tt (3.2) 
As the analytical rotor model incorporated two distinct layers, the rotor cannot be 
modelled as a single thick-walled cylinder, due to the different material properties and the 
different stress regimes. 
To calculate the stresses in the rotor, two methods were considered: a simple inner 
layer pressure model, and a full model using an "interference" pressure. 
For the inner pressure layer model, the inner axial aligned layer was considered to have 
no impact on the strength of the rotor (in the radial and hoop plane) as the strength in 
the plane is only from the matrix material. The inner layer was only modelled to apply 
body loads to the hoop layer, acting as a liquid ring. 
This gives boundary conditions of radial pressure imposed by the axial layer on the 
inside of the hoop layer and zero radial stress on the outside. This model has the advantage 
that it can be directly solved. Unfortunately, the stresses in the outer layer will only be 
estimated as the inner layer will be part of the structure of the flywheel and become 
stressed. This is especially important when rc is smaller as more and more of the loading 
is taken by the inner layer. Thus, this was only used as an initial estimation of stresses 
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on mostly hoop rotors. 
The interference pressure model, takes into account both of the layers with the modified 
Lames equations and equates the pressure at the interference regions. From this the 
stresses can be calculated for each layer. This model was used for finding the stresses in 
the rotor. 
To calculate the stresses, the boundary conditions are that the inner and outer surfaces' 
radial stress is 0, and there is an interference stress between the two layers. The inner layer, 
being axially aligned, has a stiffness ratio of 1 (simplifying to normal Lame equations). 
To find the interference pressure between the layers, the assumption that the layers 
remain in contact is used. 
The displacement of the layers is given by Equation 3.3 where Co is the hoop strain, 
which is given by Equation 3.4. To remain in contact Equation 3.5 must be satisfied. 
5= cor (3.3) 
1-v2 (ao v 
CO 1- or 
(3.4) 
Ee 
5a-ao=0 (3.5) 
The stresses for various geometries of 2 layer rotor were examined using the interference 
pressure model. Originally the stresses were examined at 60,000 rpm for a range of rotors, 
however the analysis was repeated for 50,000 rpm due to the simpler design constraints. 
Rotor Stresses (0.5 Layer Ratio) 
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Figure 3.6: Two Layer Stress Distribution Example 
Figure 3.6 shows the stresses in a rotor of inner radius 0.1 m, a thickness of 40 mm 
and a layer ratio of 0.5 rotating at 50,000 rpm. 
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The maximum radial stress in the two layer rotor occurs at the interference of the two 
layers and is compressive in nature. The maximum hoop stresses occur at the inner radii 
of the layers, with the hoop stress in the outer layer being substantially larger than that 
of the inner layer as expected. 
The maximum stresses for rotors of inner radii between 0.08 m-0.11 m and thicknesses 
of 10 mm - 40 mm for thickness ratios of 0.25,0.50 and 0.75 are shown in Figures 3.7-3.8. 
E 
C, 
d 
s 
r 
(a) is = 0.25 
003 
0.02 
MPa 
-15 
-30 
-45 
60 
90 I-75 
-105 5 
Inner 
£ 
0.03 
0.02 
(c) rc = 0.75 
MPa 
-is 
-30 
-as 
-so 75 
-gp 
-105 
Figure 3.7: Two Layer Analytical Maximum Radial Stresses 
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The maximum radial stresses are shown in Figure 3.7. For all the configurations 
examined, the maximum compressive stress of 200 MPa that the T300 composite is capable 
of is not exceeded (Table 3.1). As expected, the maximum compressive radial stress 
decreases with increasing hoop layer ratio and increases with increasing thickness and 
diameter. With a high layer ratio, such as 0.75, the maximum compressive radial stress is 
under 60 MPa even with an inner radius of 0.11 m and a thickness of 40 mm. However, 
even the mild compressive radial stresses that occour with a layer ratio of 0.75, ensures 
that the radial stresses throught the rotor do not exceed the matrix material strength of 
54.6 MPa (Table 3.1). The maximum radial stress calculated was 3.6 MPa, with an inner 
radius of 0.08 m and a thickness of 0.1 m. 
The maximum hoop stresses in the inner axial layer are shown in Figures 3.8(a)- 
3.8(e). As the inner layer is axially aligned, the hoop strength is determined by the 
50 
Inner Radius (m) 
(b) K=0.50 
Chapter 3- Rotor Design 
matrix material - 54.6 MPa. For low hoop layer ratios (0.25), the maximum hoop strength 
is exceeded for all geometries considered, and with medium hoop layer ratios (0.5) the 
maximum hoop stress is exceeded for all but the thinnest and smallest rotors examined. 
With a 0.75 Hoop Layer Ratio, the maximum hoop stress is significantly reduced (due 
to the higher constraining force of the outer hoop layer), but still exceeds the maximum 
stress allowable for most of the geometries considered. 
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Figure 3.8: Two Layer Analytical Maximum Hoop Stresses 
The maximum hoop stress in the outer hoop layer are shown in Figures 3.8(b)- 
3.8(f). The outer layer is hoop wound and thus has a maximum strength of 1540 MPa. 
For low hoop layer ratios (0.25), the maximum hoop stress is exceeded for most of the 
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rotors (only rotors with inner radii of 0.08 m and < 30 mm thickness or 0.09 m radius 
rotors with a thickness of < 20 mm have a stress below the maximum). With a hoop layer 
ratio of 0.5, the hoop stresses are within the limits of the material for all but the rotor 
with a inner radius of 0.11m and 40 mm thickness. With a higher hoop layer ratio of 0.75 
all the hoop stresses are significantly below the maximum hoop stress permissible with 
the highest stress from the 0.11 m radius 40 mm thick rotor at 1170 MPa. 
From the stresses shown from the analytical layer model, the performance of the rotor 
is highly dependent on the hoop layer ratio. With a low hoop layer ratio, the rotor is 
mostly composed of axially aligned carbon fibres, and thus the stresses as expected are 
quite high (as this is not using the strength of carbon fibre) with most examined geometries 
failing outright in the hoop stresses of the outer and inner layers. The only benefit in terms 
of stress of a lower hoop layer ratio is to ensure that radial stresses will never exceed the 
tensile limits of the matrix material. 
With a higher hoop layer ratio the carbon fibre is better utilised and the hoop stresses 
in the outer rotor are easily within the limits of the material as are the radial stresses 
which are mostly compressive. 
The hoop stress within the inner rotor remains an issue, with nearly all the combi- 
nations examined exceeding the matrix strength, with the best performance seen with 
higher hoop layer ratios. Failure of the inner layer will still occur in a rotor manufactured 
this way according to the analytical analysis. In reality, due to helical wind paths and 
intermixing of winding angles, such distinct layers will not exist, and as such the stresses 
will be more complex. 
3.4.1 Modal Analysis 
From the analysis of stresses, using a higher hoop layer ratio is required to satisfy the stress 
limits, and would indicate that using a pure hoop rotor - as long as the radial stresses 
in the rotor do not exceed the stress limits of the matrix - would be ideal. However, for 
the long rotors that are considered for use in a vehicle, as opposed to short or stubby 
rotors, axial structural bending and the natural frequencies are important considerations. 
It is important that the flywheel does not operate close to any natural frequencies that 
are present. For a given structural make-up, the longer the rotor the lower the natural 
frequencies. For a pure hoop rotor only the matrix material is available for the axial 
stiffness, and compared to the carbon fibre is insignificant (rather like a slinky spring). 
Beam bending analysis was used to estimate the natural frequencies of the cylindrical 
rotor, using Equation 3.6 [12]. 
a? EI z f: =21r12 
\m/ 
(3.6) 
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) depends on the end conditions that are used for the rotor. Pinned - pinned and 
built-in - built-in modes were examined, as the use of bearings is likely to behave as a 
mixture of pinned and built-in. The values of ) are shown in Table 3.2, along with the 
equation for the mode shape. 
Table 3.2: Beam Bending Constants 
End Condition ) i=1,2,3... Mode Shape Shape Constant(o1) 
4.73004074 0.982502215 
7.85320462 1.000777312 
Builtin-Builtin 10.9956079 cosh(L) - cos(L) 0.999966450 
14.1371655 -oi(sinh(L) - sin(L )) 1.000001450 
17.2787597 0.999999937 
(2i + 1)"; i >5 1.0; i >5 
Pinned-Pinned iir sin(-) - 
The use of a two layered cylinder requires determination of the product EI. It was 
shown that a simple sum E'=1 EI corresponded well to the actual value [94]. 
Using pinned pinned beam end conditions, the first natural frequencies of rotors with 
the same geometry as that on the stress analysis were examined. The first natural fre- 
quency for 0.8m long rotors is shown in Figures 3.9(a)-3.9(e). 
For Ic values of 0.25, the natural frequencies are generally quite high, with the minimum 
predicted frequency of 83,600 rpm for the 0.08 m radius rotor with a wall thickness of 
10 mm. All the rotors with a radius of 0.1 m and over examined, have predicted natural 
frequencies over 100,000 rpm. 
Using a is value of 0.5, all the rotors examined have a first natural frequency above the 
flywheel operating speed, but the margins have dropped substantially, with the 0.08 m 
radius 10 mm thick rotor only having a natural frequency of about 68,000 rpm. No rotors 
that were analysed had a natural frequency over 100,000 rpm. 
With a is value of 0.75, the first natural frequencies are reduced again, with the 0.08 m 
radius 10 mm rotor having a predicted natural frequency just under 50,000 rpm. All other 
configurations considered have natural frequencies above 50,000 rpm, but the highest 
predicted is now only just over 70,000 rpm. 
As the flywheel is operating sub-critically the second natural frequency of the rotor is 
not very significant for the design, but these were also calculated. However, more usefully 
the second natural frequency is equivalent to the first natural frequency of a flywheel of 
half the length (Equation 3.6), thus the first natural frequencies of 0.4m long flywheels 
is shown in Figures 3.9(b)-3.9(f) 
The natural frequencies shown in Figures 3.9(b)-3.9(f) are far, above the operating 
range of the flywheel for all the examined configurations and thus do not need to be 
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Figure 3.9: Two Layer Analytical Pinned-Pinned Natural Frequencies 
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examined further. Thus, to satisfy the stresses and vibrational requirements for a two 
layer flywheel rotor according to basic analysis, a shorter flywheel should be used with a 
high hoop ratio. The rotor length, however, cannot be made too small, as the energy stored 
is proportional to the length and the moment arm for the bearings is also proportional to 
length. 
The analysis only allows the stresses and vibration for the cylindrical rotor region to 
be examined in the absence of any other constraints. It demonstrates; 
"A low rc value will allow the radial stresses to remain compressive and below the 
maximum radial stress. The lower the value of n, the greater the beam bending 
natural frequencies. 
"A higher rc value will better utalise the stenghth of the fibre and reduce the maximum 
hoop stresses. 
. The shorter the flywheel length, the higher the beam bending natural frequencies, 
but the lower the energy store and the higher the gyroscopic moments on the bear- 
ings. 
However, the rotor requires attachment to the shaft system and this will affect the 
stresses in the flywheel. 
3.5 Hemispheric Carbon Fibre Hub 
Attachment of the cylindrical rotor to the main shaft of the flywheel is critical to the 
design. A number of methods were envisaged, including using conventional metal hubs. 
Using large metal hubs were however felt to be unsuitable, due to the inherent safety 
effects of a metallic rotor burst in a passenger vehicle. 
One possible construction would be to have the cylindrical rotor connected to the shaft 
by a composite hemispheric hub. This has a number of advantages; if a burst occurs the 
hub will have the relatively benign failure of a composite and the cavity created by the 
hub would allow more compact packaging of components. Also the two hubs needed for 
each flywheel can potentially be manufactured from one winding of a `spherical ball' as 
described in Appendix C. 
The complex geometry of the hub shape prevents use of analytical methods, hence 
finite element analysis (FEA) using ANSYS was carried out, assessing the impact of the 
hub on the rotor using a simple model. 
The hemispheric hub was modelled with a constant thickness, with the composite fibre 
orientated radially at the shaft and progressing to axially at the interface of the rotor. 
The shaft was not modelled, being replaced by the hub extending all the way to a zero 
radius. 
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The contact area between the rotor and the hub is produced by either the removal 
of material from the hub or by manufacturing a flat area on it. The area is defined by 
a `virtual overlap' which is the overlap that would occur between superimposing the hub 
and the rotor, if the hub did not have a flat area on it. Figure 3.10 shows the model 
geometry used. To model the orthotropic materials, a full 3D analysis had to be carried 
out with FEA to allow proper alignment of the material directions. 
Outer Layer 
Inner Layer 
II 
Virual Overlap 
Inner Radius -ý^ 
Figure 3.10: Hemispheric Hub Geometry 
3.5.1 Influence on Stresses In the Rotor 
Due to the simplicity of the hub model, it was not envisaged that the stresses in the hubs 
would be very accurate, however the additional stresses caused on the rest of the rotor 
due to the displacement of the hub would be important to investigate (Figure 3.11). The 
effects on the cylindrical rotor were initially investigated, examining the peak stresses in the 
rotor with a 10 mm constant thick hub, an overlap region thickness of 2 mm and 3 mm and 
a length of 400 mm and 300 mm running at 60,000 RPM. The layer ratio (Equation 3.2) 
was varied, along with the inner radius and the overall rotor wall thickness. 
The `virtual overlap' region thickness value was found to have little effect on the stresses 
in the rotor and the difference in the stresses due to rotor length was not very significant 
either. 
Hoop Wound Layer 
The radial stresses in the hoop layer are well below the maximum strength limits for T300 
on all the geometries examined Figure 3.12(a), with the material in radial compression 
throughout with thick rotors and medium to large layer ratios. 
A highly compressive stress (for the matrix material) occurs with larger bore rotors. 
The maximum compressive stress occurs when the rotor has a large bore, a thick wall 
and a lower layer ratio as in the analytical predictions. However, the stress is under the 
maximum compressive strength of 200 MPa for T300. The effect of wall thickness was 
slightly less pronounced on the 300 mm long rotor. 
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Figure 3.12: Hemispheric Hub Hoop Layer - Peak Radial Stresses 
Axial Wound Layer 
The radial stresses in the rotor are shown in Figure 3.13. The maximum radial tensile 
stress does not exceed the limits of T300 for the geometries considered, however the 
compressive stresses can exceed the limits (200 MPa), when the inner radius is larger. 
A smaller layer ratio results in a larger compressive stress. The high compressive forces 
present are caused by the end cap, which result in high stresses in its vicinity, especially 
with higher radii. 
The hoop stresses in the inner layer Figure 3.14, are again affected by the end cap 
resulting in tensile stresses that exceed the limits for T300 for virtually any geometry 
examined. Away from the effects of the end cap, the stresses are similar to those predicted 
by the Lame equations. The hoop stresses are always non-compressive, and only for some 
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of the geometries, is the minimum hoop stress within the limits for T300. 
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Figure 3.14: Hemispheric Hub Axial Layer - Peak Hoop Stress 
3.5.2 Effect of Layer Ratio and Rotor Length on Modal Frequencies 
With Hemispherical Hubs 
Using a fixed candidate rotor, with an inner radius of 120 mm and outer radius of 145 mm 
and a fixed 10 mm thick end cap, a modal analysis was carried out. The "virtual overlap" 
was kept to 3 mm with the rotor length and layer ratio varied. The model used was 
essentially the same as that used in the stress analysis. The bearings were not taken into 
account directly as the hub was constrained at the axis, allowing only axial movement. 
The first predicted vibration mode frequency is shown in Figure 3.15(a) which is a 
"bounce like" mode caused by the hubs deflecting. The mode is not dependent on the 
layer ratio, as the rotor does not distort, but moves in the radial direction only. The 
vibration is predicted to occur from 30000 RPM with a large length rotor, to 54000 RPM 
with a small rotor length. This mode could therefore be within the operating range of the 
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flywheel. 
The frequency for the mode shown in Figure 3.15(b) is dependent on the rotor length 
as well as the layer ratio. The effect of the layer ratio reduces as the length increases, as 
the natural frequency is inversely dependent on the square of the length. The predicted 
frequencies are very high and do not occur within the operating ranges of the flywheel. 
Figure 3.15(c) shows the frequency of the first predicted bending mode. A `corner' is 
clearly visible on the top right of the map, representing a switch between rotor length and 
layer ratio dependence. For small rotor lengths, the frequency is dependent on the length, 
where as for longer rotors, the dependence is mainly on the layer ratio. The behaviour 
shown is hard to predict analytically (Equation 3.6), and is influenced by the interaction 
of the hub on the rotor. The predicted frequencies do not occur within the operating range 
of the flywheel. 
Axial vibration leading to squashing and stretching of the rotor is shown in Fig- 
ure 3.15(d). The mode shows dependence mainly on the rotor length, but the layer ratio 
becomes important for longer rotors, with a higher ratio giving a lower frequency. The 
predicted frequencies only occur in the required flywheel operating range with large rotor 
lengths and high layer ratios. 
Radial vibration, causing the rotor to grow and shrink radially is shown in Fig- 
ure 3.15(e). The mode is mostly dependent on the rotor length, but a higher ratio 
increases the frequency (due to the increase in hoop wound fibres). The predicted fre- 
quencies do not occur within the operating range of the flywheel. 
Figure 3.15(f) shows the frequency for an axial `bounce' mode. The bounce mode 
occurs at a high frequency and is mainly dependent on the rotor length with a lesser degree 
on the layer ratio. A higher layer ratio results in a higher natural frequency. The mode 
occurs at very high frequencies outside the operating range of the flywheel. 
With the geometry considered, there will be a radial `bounce' like mode within the 
operating range of the flywheel and for larger rotor lengths and higher layer ratios axial 
vibration occurs within the operating range of the flywheel. 
Manufacture and attachment of hemispheric hubs is discussed in Appendix C, but 
due to the difficulties alternative designs were investigated. 
3.6 Integrated end shape 
The use of the hemispheric hub for the flywheel was shown to be very complicated, with 
the advantages of a more compact design being outweighed by difficulty of manufacture 
and attachment, thus an alternative was investigated. 
Creating the cylindrical rotor for the flywheel by removing the excess turn around 
regions is an extra step and is wasteful. Having the hub incorporated directly into the rotor 
winding would eliminate the attachment problems occurring with a separate wound hub 
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and rotor and remove the need to make separate parts with the associated manufacturing 
requirements. Unfortunately, having a complete hub would mean that the mandrel cannot 
be removed from the winding and also the attachment to the shaft remains a problem. 
The use of a metallic hub would be beneficial, as the problems due to balancing and 
attachment to the shaft would be resolved. However, having a large disc of metal in the 
design would reduce the safety of the flywheel. 
Incorporating a neckdown in the rotor to reduce the end diameter allows attachment 
to the shaft with a smaller metallic hub - which will not be as highly stressed, it also 
allows turn-around regions for the winding. 
Neck Down 
-- 
------------ 
- 
1R Rai Rj 
Figure 3.16: Integrated End Shape 
The necking down of the rotor means that the mandrel cannot be removed trivially, and 
has to collapse to be removed. The size of the neckdown is therefore limited by the hole 
in which the mandrel pieces can be taken through. A very complex mandrel constructed 
from many pieces can be used so that only a small hub is required. However, this would 
become uneconomical, needlessly complex and difficult to assemble with a smooth surface 
for winding. Additionally, a very small hub would not provide reasonable balance planes 
for balancing the rotor. 
The winding of the carbon fibre over the dome shaped ends is not a trivial task to anal- 
yse and depends on the winding strategy used by the manufacturers. Before approaching a 
carbon fibre winding specialist, a simple model was required to examine potential designs 
of the hub. 
It was assumed that the axial inner layer would continue over the doilies, with the 
winding layer thickness in the normal direction increasing at smaller radii. The hoop layer 
could be wound over this layer with a constant thickness. 
The inner axial layer, when actually wound, will form a helical shape that will turn 
to hoop aligned fibres around the dome, but for a simple analysis the inner layer was 
kept aligned axially. The outer hoop layer can account for this, which will also be more 
significant to the end dome stresses, than the axial layer. 
If it is assumed that the axial layers are turned around at the smallest radius of the 
domes, then the thickness of the inner layer can be easily calculated as the cross-sectional 
normal area must be constant. 
The design of the hub to complement the rotor adds another layer of complexity. It 
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was decided to fix the rotor radial dimensions to an outer diameter of 250 mm and an 
inner diameter of 200 mm with a layer ratio of 0.75, as the stresses and modal perfor- 
mance predicted for a rotor of this size are acceptable and the rotor will fit into the space 
envelope within the vehicle. The length of the rotor can still be varied for energy storage 
requirements and ensuring sufficient moment arms so that gyroscopic loading forces on 
the bearings are within limits for acceptable life (Chapter 6). 
A rotor with a neck-down diameter of 120 mm was chosen, this allowed use of a hub of 
120 mm diameter. The hub was smaller than the `free hoop' radius at the design speeds 
of the flywheel. This allowed a mandrel made from 6 pieces, which could be removed from 
the finished winding through the neck-down opening. 
3.6.1 Metallic Hub Shape 
Finite element analysis of the unsupported rotor shows that the neck-down region has a 
tendency to deflect axially towards the rotor centre and radially towards the axis, resulting 
in a flattening effect which gives rise to localised stresses that are far higher than the limits 
of T300. 
The excessive movements in the rotor must be accommodated by the hub, which 
must be designed such that the stresses are reduced to an acceptable level. As the rotor 
deflects in a single direction, an asymmetrical hub was proposed that would be under 
radial compression, while accommodating the rotor. The hub was designed by iteratively 
examining the stresses and deflections predicted by finite element analysis and modifying 
the design parameters. 
An example of the model is shown in Figure 3.17(a), consisting of a pie sector of 
the carbon fibre rotor and hub. The shaft is not modelled and the hub is assumed to be 
radially restrained, where the shaft-hub interface occurs. Contacts were not modelled, as 
it would be computationally expensive, resulting in a linear model. Thus, twisting of the 
rotor which would result in gap openings at the hub-rotor interface were not accounted 
for. This led to higher stresses than a contact model due to the extra restraint, but the 
results were still indicative of the performance. 
Figure 3.17 shows the Von Mises Stress for various iterations of the hub design. 
Initial iterations consisted of a hub with an asymmetrical base with a mostly radial neck 
as shown in Figure 3.17(b), but with successive iterations a more cantilevered design was 
favoured, which is shown in Figure 3.17(d). Much of the material for the base remains 
under-utilised and thus the base size was reduced. 
The model was refined further as is shown in Figure 3.17(e) and Figure 3.17(f), 
with a higher mesh density, which necessitated the use of a smaller pie sector for the 
model. The flaring of the hub at the top was removed as this material would not be any 
use in the hub. This is because in the model, without contact elements, the material is 
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Figure 3.17: Iterated Hub Design 
connected to the rotor, which leads to excessive displacement and stresses, whereas in 
reality the materials would separate leaving part of the hub redundant. The reduced rotor 
neck suited the final design of the rotor very well as the actual winding resulted in a far 
more slender neck down region (Figure 3.21). 
A flared base was added to the hub base, which will not be stressed by the rotor due to 
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the thin material segment between it and the main part of the hub. This has the advantage 
that it will allow the hub to be anchored to the shaft by the use of an interference fit, 
irrespective of the movements in the main hub area. 
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Figure 3.18: Iterative Hub Model 
The Von Mises Stresses are shown for the hub and rotor for the final hub iteration in 
Figure 3.18. The Von Mises stresses in the hub neck vary with the core material only 
lightly stressed and the stresses at the surface approaching 260 MPa. Limited regions near 
the base have higher predicted stress. However, these excessive stresses are local to the 
surface and are partially attributed to the rigid modelling without contacts and also the 
boundary conditions as further analysis shows in Chapter 8. 
The stresses in the carbon fibre in the neck down region are acceptable and are much 
reduced from the unsupported case, thus the hub design was satisfactory in conjunction 
with the neck down carbon fibre. Without the restraining carbon fibre, the shape of the 
hub allows large bending moments, which could lead to failure of the hubs even with the 
diameter being under the mean free hoop diameter. 
3.6.2 Modal Analysis of Necked Rotor and Hub 
A modal analysis with the rotor and the hubs was carried out. The model included a 
connecting metallic steel shaft, but did not incorporate any bearings, so only body modes 
were calculated. The first 6 modes were examined. 
All modes were predicted to occur above the operating range of the flywheel (0Hz- 
834Hz). The first mode, Figure 3.19(a), was axial vibration with the shaft moving 
along the central axis. Figure 3.19(b) shows the rotor twisting about the centre plane. 
Figure 3.19(c) is similar but with the twisting mirrored around the centre plane. The 
next mode (Figure 3.19(d)) is essentially the same as the previous mode, except that the 
64 
Chapter 3- Rotor Design 
(b) 1840 Hz 
(c) 3526 Hz 
ý: s: ix: xx 
zT. ý A7 
-ý 
,. ý..,. - 
:ý -i. 
nN 
:: ýFVýFH^T 
ý1 
A 
(f) 4759 Hz 
Figure 3.19: Modal Analysis of Necked Rotor and Metal Hub 
shaft twists in phase with the rotor. Figure 3.19(e) shows the rotor and shaft vibrating 
by compressing along the axis together, with Figure 3.19(f) the same, except that the 
shaft is out of phase with the rotor. 
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3.7 Mandrel Design 
The necking down of the rotor means that the mandrel cannot be removed directly, but 
has to collapse to be removed. 
A mandrel which consists of many pieces would allow simpler extraction or a larger 
neck-down on the rotor. However, the design and complexity increases significantly. With 
many parts it is harder to specify that all the faces will meet flush and concentrically, also 
the manufacturing costs (for the mandrel and assembly) would increase. Conversely, a 
minimum number of pieces are required for a collapsible design, and too few pieces would 
mean that it would be hard to remove the mandrel. 
A design, based on 6 pieces, was decided on with 2 sectional shapes (Figure 3.20). 
The sides of the mandrel were tapered in order to allow easy extraction from the carbon 
fibre. The whole mandrel was held together for winding by tapered holders, which locked 
the subpieces in place. This allowed the mandrel design to be easily reusable. (See 
Appendix G for detailed drawings. ) 
Figure 3.20: Winding Mandrel 
3.8 Final Winding Analysis 
The analysis of the simple two layered flywheel served to illustrate the feasibility of a 
high speed carbon fibre flywheel of the proposed dimensions and also the required layer 
profile. It also demonstrates the need for a specially shaped hub to accommodate the 
rotor deflections. However, the design did not fully take into account some of the limits 
imposed by the winding process, and was a simple two layer model, where in reality there 
would be mixtures of different helical and hoop layers. 
The proposed mandrel and carbon fibre layup were discussed with a carbon fibre 
winding company (CTG [24]). The proposed winding strategy was to intermix the hoop 
and `axial' layers, such that the helical layers would be alternated with the hoop layers 
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and also the helical angles would become successively more hoop. The hoop layers are 
only wound over the cylindrical region and not over the domed ends. The helical layers are 
wound around the cylinder, as well as around different positions on the domed ends. To 
help the helical paths the mandrel shape was slightly altered to accommodate the winding. 
Table 3.3 shows the winding layers for the rotor. T700 was chosen for winding due to 
the the nominal extra cost and the safety afforded by the enhanced properties. 
Table 3.3: Winding Layers 
Layer Type Angle Thickness 
1 Helical 39 1.25 
2 Hoop - 1.84 
3 Helical 45 1.25 
4 Hoop - 1.84 
5 Helical 50 1.25 
6 Hoop - 1.84 
7 Helical 50 1.25 
8 Hoop - 1.84 
9 Helical 62 1.25 
10 Hoop - 1.84 
11 Helical 69 1.25 
12 Hoop - 1.84 
13 Helical 76 1.25 
14 Hoop - 1.84 
15 Helical 82 1.25 
16 Hoop - 2.12 
As the helical layers turn around at different positions along the domed ends (in ac- 
cordance to the angle of the winding) the layer thickness and winding angle change. The 
exact layered structure had to be modelled iteratively as each subsequent layer depended 
on the previous layers, which was the only provided data. 
An adaptive mesh was used that generally followed the layer boundaries as much as 
possible Figure 3.21. Where the hoop layer stops at the edge of the cylindrical section, 
the axial layer would enclose a region which does not have any significant carbon fibre 
entrapped. This would form a resin rich region. 
As the carbon fibre layers did not always follow the mesh boundaries, elements with 
multiple material layers were present. These were modelled with composite elements 
that have linear material thickness changes across them. Each element in the mesh was 
individually assigned properties, including the angles and thickness variations internally 
of the carbon fibre. 
An analysis of the unsupported winding was carried out using FEA, to assess the 
behaviour of the rotor. The rotor was modelled spinning at 50,000 rpm. 
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Figure 3.21: Winding Layers 
Figure 3.22 shows that the rotor behaves in a similar fashion to the two layered rotor, 
with the cylindrical region growing radially and the domed ends displacing axially towards 
the centre of the rotor, leading to a flattening effect. 
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Figure 3.22: Unsupported Winding Model Stresses 
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The proposed winding will meet the requirements of the design in conjunction with 
the asymmetrical hubs and is a satisfactory solution. The stresses in the rotor are within 
the material limits with the maximum unsupported hoop stress of 1040 MPa. The rotor 
and hub assembly has a first natural frequency of over 1400 Hz and has sufficient energy 
storage (Appendix H). 
3.9 Rotor Design Summary 
This chapter described the design of a rotor for a carbon fibre flywheel suitable for a 
vehicle. 
The complex helical winding was simplified by modelling the rotor with two layers, 
each with fibre orientated in solely one direction; an inner axial layer and an outer hoop 
layer. The ratio of outer hoop layer to the total thickness (ic) was used to characterise the 
rotor. 
Stress analysis of rotors with varying geometry and ic demonstrated that higher values 
of n result in lower stresses such that pure hoop rotors are favoured. However beam bend- 
ing analysis demonstrated that for long rotors with higher values of X, natural frequencies 
are close or within the operating range of the flywheel. 
FEA was used to model the effects of a carbon fibre hemispheric hub (allowing tight 
packing of components), on the stresses on the rotor. The stresses in the vicinity of the hub 
are increased from those away from the influence, which agree well with those predicted 
analytically. The stresses are reduced with higher values of k and smaller inner diameters. 
Modal analysis on a rotor with fixed diameters, demonstrated that only the shortest rotors 
(< 0.36 m) have a first natural frequency over 50,000 rpm. 
An alternative to the hemispheric hub attachment was investigated due to the stresses 
and attachment; A novel neckdown using the carbon fibre, allowing a metal hub under its 
free hoop stress, to be used. The neck down required the design of a collapsible mandrel. 
A rotor with an outer diameter of 250 mm and an inner diameter of 200 mm with a 
n of 0.75 and an overall length of 0.35 m was chosen as the stresses were acceptable and 
sufficient energy could be stored. A cantilevered asymmetric hub was designed iteratively 
which complemented and maintained contact with the rotor whilst operating. Modal 
analysis of the rotor and hub demonstrated that all the body modes occurred significantly 
above the operating range of the flywheel (> 1400 Hz). 
The actual layup was modelled using FEA incorporating the fibre orientation and 
position changes in helical paths. Stress analysis on the unsupported rotor compared 
favourably with the unsupported layered shaft model. 
The proposed winding will meet the requirements of the design in conjunction with 
the asymmetrical hubs and is a satisfactory solution. 
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Containment 
4.1 Chapter Overview 
The containment for the rotor is important, as it must allow the safe and continuous 
operation of the flywheel rotor. The containment must thus provide a physical barrier 
between the rotor and the environment of the vehicle. In normal use the containment 
should allow safe and efficient use of the rotor, with minimal impact on operation of 
the vehicle, such as noise, yet not reduce the integrity of the vehicle in the event of a 
catastrophic event such as rotor failure or collision of the vehicle. Windage losses must be 
kept to an acceptable level, which requires a reduced pressure environment, which must 
be maintained. The use of a composite for the rotor has an advantage that if failure 
occurs, the bursting of the rotor results in a high degree of fragmentation, when compared 
to metal rotors, resulting in smaller pieces of debris [19], with a lower potential to inflict 
damage. 
4.2 Windage 
Windage is the term used to describe the aerodynamic losses due to the rotation of the 
flywheel in a fluid atmosphere. Keeping the windage to an acceptable level is critical to 
the flywheel's efficiency. High windage losses will not only reduce the efficiency of the 
flywheel, but could compromise the carbon fibre rotor by frictional heating, as the carbon 
fibre matrix material starts to lose strength over 180°C. 
Conversely, aerodynamic windage is not the only source of losses in the flywheel system, 
which also includes bearing and transmission losses. Thus, reducing windage to negligible 
levels will be prohibitively expensive and unnecessary. 
The windage for the flywheel can be categorised into two distinct types: drum windage 
around the cylindrical section and disk windage. Additionally, internal pumping losses will 
occur. The geometry of the rotor was approximated as shown in Figure 4.1, to account 
for the change in radius of the neck-down region. 
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Figure 4.1: Simplified Rotor Geometry 
Using Navier-Stokes or simple shear modelling as in Equation 4.1 directly to calculate 
the windage is not feasible as the flow is highly complex. 
T=µdu (4.1) 
y 
A flywheel with an outer radius of 125 mm, rotating at 50,000 rpm, has a surface speed 
of roughly 645 ms-1 - Mach 1.9 (in air at 20°C). It has been shown that the flywheel 
spinning under these conditions (Table 4.17) can result in over 30kW of windage losses, 
which is unacceptable. 
The most practical method to reduce the windage is to reduce the pressure around the 
flywheel. As the air pressure is reduced, the air flow behaviour changes from turbulent to 
laminar and at low pressures (< 0.1 Pa), to molecular [48]. 
4.2.1 Effect of pressure on Windage 
A rarefied atmosphere is where the pressure is reduced such that the flow is molecular. 
The extent of rarefication is given by the Knudsen Number Equation 4.2, which is a 
dimensionless number defined as the ratio of the mean free path length of a molecule (A) 
to a representative length (Q), but can also be defined in terms of the Mach and Reynolds 
numbers: 
A( 
Kn== 7r7)O. 5 (4.2) 
Re 
Kn > 0.01 Molecular flow. 
Kn < 0.01 Continuum flow. 
0.1 > Kn > 0.01 Slip flow. 
10 > Kn > 0.1 Transition flow. 
Kn > 10 Free molecule flow. 
With a rarefied atmosphere, continuum methods cannot be used to calculate the 
windage. Milikan and Beck developed equations to describe the drum windage loss in 
rarefied atmospheres. The aerodynamic skin friction coefficient can be calculated from 
Millikan's work using Equation 4.3 [56,70]. 
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2 
Cf = 
Re (4.3) 
1+2(2-a) Kn 
v 
Equation 4.3 is for flat plate geometry and straight line velocity profiles, but is valid 
for cylindrical Couette flow providing the gap to radius ratio is small. 
Beck derived the following expression for skin friction coefficient in a rarefied gas 
[8,56,100]: 
= 
4Kn 1 Cf 
1+ 2Kn (2i ry)o"5M 
(4.4) 
This expression assumes that the specular reflection coefficient is 1, and there is in- 
significant temperature difference between the rotor and the containment. Both the 
'Millikan and Beck expressions were compared to experimental results of Kuhlthau and 
Bowyer [56]. Millikan's solution gives good agreement and is valid for Mach numbers 
up to M=1.4, while Beck's provides good agreement for M/Re>10 and M/Re<0.1, with 
deviation occurring when 1<M/Re<10. 
At 25,000 rpm the flywheel has a surface speed of Mach 0.95 (in air at 20°C), and at 
50,000 rpm the surface speed is Mach 1.91. This means that Millikan's windage expression 
is not valid for the upper speed ranges of the flywheel, where the windage is the most 
significant, hence Beck's expression was considered for the windage calculations. 
The drag on one side of a rotating disk in a rarefied atmosphere can be calculated by 
Equation 4.5 [46], which applies to rarefied unbounded disks, but has not been inves- 
tigated for higher pressures in the transition region, except in the case where the flow is 
regarded as incompressible [56]. 
T= 
, wr 
4 (4.5) 
(27RT)-! 
Rarefied Drum Windage Using Beck's Expression 
To calculate the windage with Beck's equation (Equation 4.4), Equations 4.7-4.11 
are used. The windage loss is given by the torque multiplied by the angular velocity, 
and the torque is shear force multiplied by the rotor radius (Equation 4.6). Using 
Equation 4.4, Equation 4.2 and Equation 4.11 results in Equation 4.12. 
W= Tw = F3row =21rlrörw 
where: F, =21rlro-r 
(4.6) 
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M 
(yRT)o. s 
(4.7) Re = 
pµh (4.8) 
Mach Number Reynolds Number 
M RT 0'5 it (4.9) p= pRT (4.10) Re =() Tt 
M/Re To Pressure Pressure Density Relation 
Cf= 
1T 
(4.11) 
2pU2 
Skin Friction Coefficient 
2 
T= U21W= U2 
27rlr0w 
4.12 P 
(Re 
+ (27rry)°. 5M p 
(Re 
+ (27ry)0.5M 
() 
Table 4.1: Properties of Air (293K Mar) 
Unit Value 
Specific Heat Ratio - 1.4 
Gas Constant Jkg-1K' 1 287 
Viscosity kgm-ls-1 1.81 x 10-5 
Kinematic Viscosity m2s-1 1.7X10-5 
Speed Of Sound ms'1 343.1 
The effect of pressure on the drum windage of the rotor was examined using the 
properties of air shown in Table 4.1. Pressures of 1000 Pa, 100 Pa, 10 Pa, 1 Pa, 0.1 Pa 
and 0.01 Pa were used for the windage calculation on a 125 mm radius rotor with a 300 mm 
drum length and gaps of 1-5 mm. The 1000 Pa and 100 Pa pressures were not expected 
to be valid as the flow is viscous, but the losses were calculated as they would indicate the 
windage at intermediate pressures in the mBar range. 
As Beck's rarefied windage loss deviates for 0.1 < M/Re < 10, the ratio was examined 
for the various pressures and gap sizes Figure 4.2. 
Figure 4.2 shows that for viscous flows the M/Re ratio is less than 0.1 for the gap 
sizes examined. For pressures below 0.1 Pa, the M/Re ratio is above 10 for all the gap sizes 
examined. Between these pressures, some or all of the gap cases examined have M/Re 
ratios within the deviation region. Specifically, with 1 Pa pressure all the examined gap 
cases are within the deviation region and with 10 Pa pressure only the 5 mm gap case is 
outside the deviation region. This means that for the 1 Pa and 10 Pa cases the windage 
predicted is likely to have a slight error. 
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Figure 4.2: M/Re Ratio With Pressure For Rotor Windage 
The rotor windage losses predicted by Beck's for the viscous flows (Appendix D) are 
beyond the limits of Beck's solution and thus, not expected to be valid. However, the 
windage predicted is still useful to examine and compare to the losses of the run down 
tests (Chapter 9). 
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Figure 4.3: Beck's Druiu Rotor windage - Transition Flow 
The rotor windage losses are shown for the transition flows in Figure 4.3. For 10 Pa 
pressure the windage at 1 nun gap at 50,000 rpm is 778 W, and 288 W with a5 mm gap. 
With a1 Pa pressure (Figure 4.3(b)) the windage drops significantly with only 126 \V 
predicted at 50,000 rpm with a1 rani gap, and 99 W with 5 mm gap. The effect of the 
gap is less significant as the pressure reduces. 
For the free molecular flows (Figure 4.4), the rotor windage becomes small and iii- 
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Figure 4.4: Beck's Drum Rotor windage - Molecular Flow 
significant with a loss of 13-14 W predicted at 50,000 rpm for any examined gap with a 
0.1 Pa pressure and similarly a loss of less then 1.4 W with a pressure of 0.01 Pa. 
The reason that the gap becomes less important at lower pressures is that the Reynolds 
number (Equation 4.8) decreases (as it is inversely proportional to pressure) for a given 
gap, while the Nlach number remains constant. This means that the Knudsen number 
increases in inverse proportion to the pressure. With a high Knudsen number in Equa- 
tion 4.4: 
4Kn 
- *2 1+2Ku 
2 
Cf 
(27rry)° 5M 
Internal Drum Windage 
(4.13) 
The drum windage has been calculated for the outside surface of the flywheel. However, 
windage also occurs on the inner surface of the flywheel and the significance of this must 
be ascertained. Unfortunately, no published information on the losses of internal drum 
windage in a rarefied atmosphere could be found. Thus, the losses were estimated by 
considering the internal surface, as a first approximation, as a mirror of the outer surface 
with a proportionally lower speed, it large air gap and a different flow regime. 
From Equation 4.11 and Equation 4.6, the windage in terms of the Skin Friction 
Coefficient is: 
L L' = 27rlr-C f9 pU2W 
_ ýrplC fW'i } r-, 
(4.14) 
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With low pressure the gap does not affect the windage, and Beck's equation tends 
towards Equation 4.13, with the Skin Friction Coefficient inversely proportional to Mach 
number, and hence inversely proportional to the radius and angular velocity. 
With low pressure (< 0.1 Pa where the gap is not important) for a given speed, the 
external drum windage is proportional to r3. For the rotor with an inner radius of 100 mm 
and an outer radius of 125 mm, this will equate to a 50% increase in the overall drum 
windage. 
A problem with directly comparing the inner drum windage with the outer drum 
windage is that the flow regime will differ (and indeed Beck's equation has not been 
tested for internal drum windage). This can easily be thought of by examining a molecule 
impacting the surface. On the outer surface of the rotor, the molecule after impinging 
on the surface, will be given an impulse in the tangential direction, which will send the 
molecule outwards to rebound off the containment and return again, whereas on the inner 
surface, the impulse will result in the molecule re-impacting the rotor directly again after 
a short time, but with a low relative speed. This will result in a molecular "boundary 
layer" on the inner surface. As the relative speed of impact is slower, this is equivilant to a 
reduction in the angular velocity in Equation 4.14, where drum windage for low pressures 
is proportional to w2. If the angular velocity reduction is taken to be proportional to the 
radius, the overall inner drum windage is 33% that of the outer. 
At higher pressures, the gap term will have an effect on the windage. However, exam- 
ining the effect of the gap on the windage (Figure 4.3), it becomes clear that the rate 
at which windage reduces diminishes as the gap increases. The inner windage is therefore 
unlikely (using the same analogy as the low pressure) to be 30% above the outer drum 
windage with a5 mm gap. 
Rarefied Disk Windage 
Using Equation 4.5, the disk windage for various pressures was calculated as shown in 
Table 4.2. 
The losses as shown in Table 4.2 are for two disk surfaces with 125 mm radius and 
two disk surfaces with a radius of 100 mm, representing the internal and external surfaces 
of the rotor ends. With the high dependence on radius for the windage, the effects of the 
hub geometry are negligible. 
For the rarefied pressures of 0.01 Pa and 0.1 Pa, the losses from the disk windage was 
around 21% of the total (including internal) drum windage for any gap. 
For a pressure of 1 Pa the disk windage is calculated to be 24% of the total drum 
windage with a1 mm gap or 29% with a5 mm gap, whereas for a pressure of 10 Pa the 
disk windage is calculated to be 44% of the total drum windage with a1 mm gap or 100% 
with a5 mm gap. 
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Table 4.2: Disk Windage Losses 
RPM 0.01 Pa 
Pressure 
0.1 Pa 1 Pa 10 Pa 
5000 3.84 x 10 3.84 x 10 3.84 x 10-1 3.84 
10000 1.54x 10-2 1.54 x 10-1 1.54 1.54x 101 
15000 3.46x10-2 3.46x10-1 3.46 3.46x101 
20000 6.15 x 10-2 6.15 x 10-1 6.15 6.15 x 101 
25000 9.61 x 10-2 9.61 x 10-1 9.61 9.61 x 101 
30000 1.38x 10-1 1.38 1.38x 101 1.38x 102 
35000 1.88x 10-1 1.88 1.88X 10, 1.88X 102 
40000 2.46x 10-1 2.46 2.46x 101 2.46 x 102 
45000 3.11x10-1 3.11 3.11x101 3.11x102 
50000 3.84 x 10-1 3.84 3.84x 101 3.84 x 102 
At higher pressures in the transition region, the validity of Equation 4.5 has not been 
demonstrated and it is unlikely to be correct; The losses from the disk will be significantly 
less than that of the drum, considering the areas at different radii. However for it 5 mnr 
gap with a 10 Pa pressure the disk loss is calculated to be equal to the drum windage. 
The disk windage is thus taken to be 21% of the total drum windage. The total 
aerodynamic windage is thus 160% that of the outer drum windage in the case of a5 nine 
radial gap. 
4.2.2 Limiting Heat Transfer Of The Flywheel 
Ideally, the flywheel would operate in a high vacuum to eliminate windage for energy 
storage efficiency. However, the economic cost of achieving and maintaining the vacuum 
as well as the problems with bearings render this impractical. As the windage losses are 
directly dependent on the pressure, the maximum pressure irrespective of efficiency will 
be determined by the maximum temperature of the rotor and the heat transfer. For the 
low pressures that are in the flywheel, convection is unlikely to be a major heat flux path. 
This leaves radiation to the casing and conduction through the flywheel and hubs to the 
bearing housings as the methods of heat transfer (Figure 4.5). 
Radiation 
Case 
Rotor 
Conduction 
Shaft 
Figure 4.5: Heat Transfer Paths Of The Flywheel 
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Radiation 
Radiation is heat transfer by electromagnetic energy and follows the Stefan-Boltzinann 
Law [85]. The radiation heat flux from a body is given by Equation 4.15. 
q=AeaT1 (4.15) 
Where a is the Stefan-Boltzmann constant and has a value of 5.6703 x 10-8 Wm-2K-'l 
F is the emissivity, a constant depending on the material properties, and has a value in 
the range of 0<E<1, with a value of 1 representing a black body. A black body will 
absorb all radiation that falls upon it. 
For a given body the heat flux radiated is only dependent on its temperature. The 
body will also receive radiation from other bodies, thus the net heat flux is lower and will 
depend on geometry and temperature of the parts, as well as the emissivities. 
If the radiation flux is considered as transferring heat radially with negligible axial 
flux, as in the case of a "long" cylinder (or approximating for the geometry) the overall 
heat flux from the inner cylinder to the outer casing can be found. The geometry used is 
shown in Figure 4.6. 
9. - 
Figure 4.6: Simplified Geometry For Radiation 
The heat flux frone a long cylinder enclosed by another cylinder is given by Equa- 
tion 4.16, which assumes that the axial heat flux is negligible and the rotor has all 
uniform temperature distribution. As r>g for the geometries concidered 1. 
r+, y 
Aia (Ti1 - T) 27rrla(Ti - Tz ) q12 1 
(4.16) 
+2 
(E2 
-l) 1+r+9 z-1) 
Typical values of emissivity are shown in Table 4.3 for various materials. The emis- 
sivity of the rotor is likely to be in the 0.8-0.9 region, as carbon filament has a emissivity 
of 0.77, but the matrix material which is used is a plastic and so has a higher emissivity, 
thus an average of 0.85 was used. The emissivity of the containment is highly dependent 
on the material that is used. However, use of coatings can change the emissivity. 
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Table 4.3: Typical Emissivities of Some Materials 
Material Emissivity 
Aluminium - Commercial sheet 0.09 
Aluminium Heavily Oxidised 0.2-0.31 
Aluminium Anodised 0.77 
Carbon - unoxidised 0.81 
Carbon filament 0.77 
Mild Steel 0.20-0.32 
Plastics 0.91 
Steel Oxidised 0.79 
Stainless Steel - weathered 0.85 
Stainless Steel - polished 0.075 
Stainless Steel - Alloy 301 0.54-0.63 
Using a length of 300 mm (as in the drum windage calculation) with an outer casing 
temperature (T2) of 20°C (293K), the heat flux for various rotor temperatures and casing 
emissivities was calculated and is shown in Table 4.4. 
Table 4.4: Radiation heat flux with varying emissivities (W) 
Casing Emissivity 
Rotor °C 0.1 0.3 0.5 0.7 0.9 1 
80 10.71 31.05 50.07 67.9 84.64 92.63 
90 13.12 38.04 61.34 83.18 103.69 113.48 
100 15.74 45.63 73.58 99.78 124.38 136.12 
110 18.57 53.85 86.84 117.76 146.8 160.66 
120 21.64 62.75 101.19 137.21 171.04 187.2 
130 24.95 72.35 116.67 158.21 197.21 215.84 
140 28.52 82.69 133.35 180.82 225.41 246.69 
150 32.36 93.81 151.28 205.14 255.72 279.87 
160 36.47 105.75 170.54 231.25 288.27 315.49 
The heat flux by radiation is a very significant heat transfer method. However, for 
higher pressures it is insufficient on its own to maintain the rotor at a low temperature. For 
example, the predicted maximum drum windage on the outside of the rotor with a5 mm 
gap at 10 Pa (Figure 4.3(a)) is about 288 W, which means that the rotor temperature 
will exceed 160°C with a casing emissivity of 0.7 or less. The inclusion of the approximate 
inner drum windage and disk windage will mean that the rotor will exceed 160°C for 
any emissivity as the loss is 460W. With high losses, the casing will not stay at ambient 
temperature and will heat up, which will reduce the net radiation heat transfer and hence 
result in higher temperatures. 
For lower pressures such as 0.1 Pa, with an emissivity over 0.3, the temperature will 
not exceed 80°C as the total windage is under 22 W. 
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To ensure the highest heat flux, the emissivity of the casing should be as high as 
possible and sufficiently cooled. Table 4.3 shows that many of the casing materials have 
relatively low emissivities, especially "newly machined" parts. To increase the emissivity, 
ageing or oxidation of the part is beneficial, as well as high emissivity coatings. As the 
pressure is only a medium vacuum, the oxide layers will remain on the surface and not 
desorb off the surface as would be the case with a high vacuum. 
Conduction 
Conduction through the flywheel and into the shaft and out of the system is another 
method of heat transfer. Heat conduction follows the diffusion law and for conduction 
through a given area A in a 1D system, the heat flow is given by Equation 4.17 and is 
known as Fourier's law of conduction. 
q= -AA dx 
(4.17) 
The thermal conductivity of the material (A) will determine the maximum heat transfer 
for a given geometry. The thermal conductivity actually varies with temperature, but for 
the limited temperature envelope, it can be regarded as constant. 
Aluminium has a thermal coefficient of around 205 WK-1m-1 (whereas mild steel has 
a thermal coefficient of about 50 WK-1m-1, and stainless steel about 15 WK-lm-1). 
The thermal conduction coefficient of carbon fibre is much more complex as it is a 
composite material, not only depending on the matrix material and the carbon fibre, but 
also the orientation and layup. 
NASA [77] has performed investigations into the thermal conductivities of carbon fi- 
bre (carbon-carbon) composites from room temperature to 1922 K, using 28 different 
materials, with most composed of T300 fibre. For the materials tested, in-plane thermal 
conductivity values ranged from 10 to 70 WK-1m-1 (excluding sample 28, which is un- 
usual and has a much higher in-plane thermal conductivity of upto 233 WK-IM-1), and 
through-thickness values ranged from 2 to 21 WK-1m-1. This is a very broad spectrum 
of values, with the top conductivity in excess of that for steel. 
Material sample 1 is typical of the samples, and is similar to the carbon fibre that is 
used in this thesis (T300), except that the composite is rated to very high temperatures 
(> 1900°C) due to the phenolic matrix. The main properties are shown in Table 4.5, with 
an extract of the thermal conductivity values found for the material shown in Table 4.6. 
The thermal conductivity of the carbon fibre sample is generally quite low when com- 
pared to that of aluminium (or even steel), with the normal direction being much lower 
than the in-plane conductivity. 
For the conduction path as shown in Figure 4.5, the heat transfer will be in the plane 
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Table 4.5: NASA Carbon Fibre Conductivity Test Sample Construction 
Fibre/Tow T-300/3k 
Construction tows/in 8HSW 24 x 23 
Layup/Plies 0/90°, 7 
Densification Phenolic 
Table 4.6: NASA Carbon Fibre Conductivity Test Sample Conductivity 
Temperature Thermal conductivity 
Direction °C °K WV/Km 
23 296 24.667 
124 397 27.065 
In-plane 
207 480 29.464 
304 577 31.57 
23 296 4.795 
124 397 5.595 Normal 
206 479 6.1 
304 577 5.959 
of the fibres, but the helical winding is unlike the 0,90° weave of the sample, so this will 
be a major uncertainty, but an estimate of around 25 WK-im-1 is plausible along the 
fibres. Overall, with the helical orientation, the conductivity will be reduced to 25/v or 
17.74VK-1 m-1 
145mm 
T 
Tc An 
cJCJG 
Figure 4.7: Simplified Geometry For Conduction 
Figure 4.7 shows the geometry used for the calculation of heat transfer and the 
simplified worst case scenario where all the heat generated by windage leeds to heating at 
the centre of the flywheel. The geometry is complicated by the fact that the cross sectional 
area reduces in the neck down region with Al, as 1.77x 10-27n2 and A, about 3.8x 10-3m2. 
To account for this the rotor is modelled as two distinct parts; the cylindrical region with 
an area of A1, and the neck down region with an average of the two areas Al, and A( . 
It can also be assumed that as aluminium has a much higher conductivity than that of 
carbon fibre; any heat flux that reaches it can be transported away to the bearings and 
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out of the system giving little temperature gradient across the hub. It is also assumed 
that the hub and rotor are connected well along the whole area (A, ). 
Equating the temperature at the join of the two segments, the overall heat flux can 
be found using Equation 4.18 (allowing for symmetry on the rotor) and is shown for 
various temperature differentials in Table 4.7. 
_ 
2A(Th - Ta) (4.18) q-0.145 0.09 
Ah + Ah + Ac 
Table 4.7: Conduction heat flux from the rotor 
Th - Tc 
(K) 
q (A=17.7) 
(W) 
q' (A=25) 
(W) 
20 57.08 80.62 
30 85.62 120.94 
40 114.16 161.25 
50 142.71 201.56 
60 171.25 241.87 
70 199.79 282.19 
80 228.33 322.50 
90 256.87 362.81 
100 285.41 403.12 
110 313.95 443.43 
120 342.49 483.75 
130 371.03 524.06 
Table 4.7 indicates that heat conduction through the rotor (q), assuming that the 
hub is at room temperature (TT = 293K), is just under twice that of black body radiation, 
with the rotor at 80°C, which is quite low. 
Although relatively low (compared to metals), as long as the hub remains cool, con- 
duction from the rotor is able to cope with the heat generated from the outside drum 
windage at 10 Pa and a gap of 5 mm with the rotor rotating at 50,000 rpm. In reality 
due to the limited cooling paths from the shaft to the environment the hub temperature 
is likely to increase (with additional loss from the bearings having an impact), thus for a 
hub temperature of 60°C, windage with a 10 Pa atmosphere and a5 mm gap will result 
in a rotor temperature of over 160°C with A= 17.7WK-lm-1. With a pressure of 1 Pa, 
the rotor temperature with just conduction will reduce to below 120°C. 
Heat generation actually occurs only at the surfaces of the rotor, which means that 
the thermal model is actually much more complex, with thermal gradients through the 
rotor thickness. However, the simple model will give an idea of the conduction possible in 
a steady state system. 
82 
Chapter 4- Containment 
With both conduction and radiation assuming that the hub temperature is 60°C, 
while the casing remains at 20°C and has a high emissivity of 0.7 with a maximum rotor 
temperature of 150°C for safety, the total thermal transfer is just over 460 W, which is 
sufficient to cope with the windage at 50,000 rpm for any gap size over 5 mm with an 
atmospheric pressure of 10 Pa or any gap size examined with an atmospheric pressure of 
1 Pa. 
4.3 Minimum Sizing for Pressure 
The containment of the flywheel will be evacuated to reduce windage. As a minimum 
requirement for the containment, it must be able to safely "contain" the vacuum. 
As the pressure in the containment is much less than the environment, the pressure 
difference is almost 1 atmosphere -1x 105 Pa. 
The hoop stresses caused by this pressure on a cylinder were calculated for a cylinder 
with an inner diameter of 260 mm (giving a5 mm gap), using thin wall stress equations 
(Table 4.8). The thin wall equations are a valid approximation as long as the cylinder 
diameter is greater than 20 times the thickness of the cylinder wall (i. e. a 12.5 mm wall 
thickness maximum). 
Table 4.8: Thin-wall Stresses Due to Pressure 
Wall Thickness 
(mm) 
Hoop Stress 
(MPa) 
1 13.0 
2 6.50 
3 4.33 
4 3.25 
5 2.60 
The stresses shown in Table 4.8 are negligible and will not pose a problem for an ideal 
cylinder. However, it is important to ascertain that the cylinder will not buckle, which is 
a likely mode of failure for thin cylinders. 
The critical buckling stress for a short thin cylinder is shown in Equation 4.19. The 
equation is valid for circularly held, but otherwise unconstrained ends [119]. 
22 
P=0.807Et ` 
2t2 Fr 
: 
1:: V: -r 
The critical buckling stress was calculated for steel and aluminium containments with 
the same geometries as in the pressure stress analysis, with the cylinder length being 0.4 m. 
Table 4.9 shows that the critical pressure to cause buckling is actually quite low, 
especially the case of a1 mm thin aluminium casing, which is around atmospheric pressure. 
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Table 4.9: Thin-wall Critical Buckling Stresses 
Wall Thickness 
(inrn) 
Critical Stress (x 105Pa) 
Steel Aluminium 
1 3.1 1.0 
2 17.4 5.9 
3 47.9 16.2 
4 98.3 33.2 
5 172.0 58.1 
The buckling equation Equation 4.19 assumes circular constrained ends and also a 
perfect cylinder. In reality manufacturing discrepancies and the ends deflecting will lower 
the critical buckling stress significantly. 
For safe operation, a safety factor of 10 on the critical buckling stress was used. This 
would mean that it 2 min thick containment is required for steel construction and 3 nun for 
aluminium. The wall thickness, however, is dominated by burst containment requirements 
which requires thicker containment walls. 
4.4 Maintenance of The Vacuum 
4.4.1 Gas Sources in a vacuum system 
The sources of gas in an enclosed vacuum system are: desorption, evaporation, diffu- 
sion/permeation and leaks Figure 4.4.1. 
Leak : vaporation 
Figure 4.8: Gas sources in a vacuum enclosure 
Leaks Leaks can be classified into two types of leak, virtual and true. virtual leaks occur 
when air is trapped, such as in between 2 welds or in an unvented screw. True leaks 
are actual paths froth the atmosphere to the vacuum. 
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Evaporation Evaporation involves the components in the vacuum vaporising. The rate 
can be calculated by Equation 4.20 [9]. 
QE = 3.639 
M (PE - P)A (4.20) 
QE Gas load (Torr 1 /s) 
T Temperature (K) 
M Molecular mass (g/mol) 
PE Material Vapour Pressure (Torr) 
P Pressure (Torr) 
A Area (cm2) 
Desorption This is the process where gas is evolved from the surface of a material in 
vacuum. The desorption is dependent on the material, treatment, temperature, and 
exposure time, and is mainly the result of evolution of gases dissolved in the solid, or 
reduction of surface layers. It is a function of molecular binding energy, temperature 
of the surface and number of monolayers formed on the surface. 
Table 4.10: Outgassing due to desorption [48] 
Material Outgassing (mbar Is- cm-) x 10- 
lhrs @ Vacuum 4hrs © Vacuum 
Aluminium 80 7 
Polished Copper 47 7 
Mild Steel, Ni Plate Polished 40 4 
Stainless Steel Polished 66 5 
Diffusion/Permeation The passage of gas from the atmosphere through the vacuum 
wall material and into the vacuum chamber is a3 step process: 
1. The gas adsorbs onto outer wall of vacuum chamber. 
2. The gas diffuses through chamber wall. 
3. Gas desorbs from interior of chamber wall. 
The determining step for the transfer of gas is the diffusion through the solid (at 
least for metals). The diffusion equation is given by Equation 4.21. 
192C 
D ßx2 - ät 
D Diffusion Constant 
c Concentration 
(4.21) 
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Solving this for a steady state system for a semi-infinite slab, results in the Richard- 
son equation (Equation 4.22) [18,51,73,84]. n varies for materials, but is 0.5 in 
most metals. 
Pý, 
n n (4.22) Q-d U'atm - pvacý 
d Wall thickness 
P Permeation constant - dependant on material, gas and temprature 
4.4.2 Gas Transport Rate with steel containment 
It can be assumed that the containment is in steady state, manufactured well, and also 
the containment has been outgassed for a sufficient time. 
Here leaks, both real and virtual can be discounted. Virtual leaks have been avoided, 
or have had time to become negligible in the vacuum. Real leaks are not accounted for. 
Evaporation can be neglected, as the vapour pressure of steel is extremely low, well below 
the pressure ranges being examined for the device. Desorption of surface layers or trapped 
gases will be negligible, ensured by the vacuum bakeout or a sufficient time scale. 
Considering the permeation gas path only; Richardson's equation (Equation 4.22) is 
derived for a semi-infinite slab, where width and height are infinite, with only thickness 
being finite. The solution is thus only really valid for large plates exposed to vacuum. 
However, thin-walled cylinders can be approximated as a plate (normally where D> 10t). 
For thicker walled cylinders the equation will deviate; by using the inner area, the 
gas permeation rate will be underestimated, while using the outer area, the equation 
would overestimate the permeation. However, as long as the thickness is small this will 
be negligible. 
The permeation rates of gasses through steel at low temperatures (i. e. room) are not 
well documented. Estimates for permeation rates for various gasses were extrapolated 
from given data to 200°C, which is considered acceptable as LogP oc LogT. 
Table 4.11 shows the atmospheric partial pressures for some gases, which are applica- 
ble to permeation through steel, and their associated permeation constants. The contained 
volume is assumed to be at a perfect vacuum as the internal pressure is much less than 
the environment (which is the worst case). 
The permeation constant of oxygen was estimated as the permeation values could 
not be found in literature. A permeation value that is the same as carbon dioxide was 
chosen, as this is the worst case of the heavier gases. Small molecule gases like hydrogen 
and helium have higher permeations due to the ease with which a small atom can diffuse 
compared to a larger molecule. 
Using a length of a year as 3.15x 107s, for various wall thicknesses and cylinder lengths 
given in Table 4.12, the total pressure increase was calculated and is shown Table 4.13. 
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Table 4.11: Atmospheric Gases Partial Pressure and Steel Permeation [51] 
Gas Partial Pressure Permeation 
Pao 5m2s-1 
Flow rate Pa ms-1 
(Through 1 mm) 
Nitrogen 7.85 x 10 10- 2.80 x 10-16 
2.13 x 104 10-19 a 1.46 x 10-14 
Carbon Dioxide 20 - 40 10-19 6.32 x 10-16 
Helium 5.32x10-1 5x 10-17 3.65x 10-14 
Hydrogen 5.05 x 10-12 3x 10-14 6.74x10-17 
a Estimated 
Table 4.12: Surface Area and Volumes For a 260 mm ID Containment 
Length (mm) Surface Area (m) Volume (m') 
350 3.92X10-1 1.86 x 10' 
375 4.12x101 1.99x 10-2 
400 4.33x10-1 2.12x10-2 
425 4.53x10' 2.26x102 
450 4.74x10' 2.39 x 10-2 
475 4.94x10' 2.52 x 10-2 
500 5.15X10-1 2.65 x 10-2 
Table 4.13: Total Pressure increase (Pa) due to Permeation in 1 year 
Length 
(mm) 1 
Wall Thickness (mm) 
234 5 
350 3.44x10- 1.72x10- 1.15x10- 10-6 6.88x10- 
375 3.38x10-5 1.69x10-5 1.13x10-5 8.45 x 10-6 6.76 x 10-6 
400 3.33 x 10-5 1.66 x 10-5 1.11x105 8.31 x 10-6 6.65 x 10-6 
425 3.28X10-5 1.64x10-5 1.09 x 10-5 8.19x 10-6 6.56 x 10-6 
450 3.24X10-5 1.62x10-5 1.08 x 10-5 8.09 x 10-6 6.47x 10-6 
475 3.20x10-5 1.60x10-5 1.07x10-5 7.99x10-6 6.39x10-6 
500 3.16 x 10-5 1.58 x 10-5 1.05 x 10-5 7.91 x 10-6 6.33 x 10-6 
The pressure increases in a year due to permeation through the containment are neg- 
ligible and will not adversely affect the flywheel even over the lifetime of the vehicle. 
4.4.3 O-ring Leakage 
For an ideal system with no actual leaks, the seals where the different parts of the con- 
tainment are connected will be a source of leakage. The seals for these connections will 
be o-rings. 
The leakage rate across an ideal o-ring may be calculated using Equation 4.23 [80]. 
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q=0.7kDPQ(1 - S)2 (4.23) 
q Approximate leak rate of the seal. (std. cc s-1) 
k Gas Permeability rate through o-ring at a given temperature (std. cc cm-ls-lbar-1) 
D Inside diameter of the O-ring (inches) 
P Pressure differential across the seal, lb/in2 
Q Squeeze and lubrication factor (Figure 4.9) 
S Fraction Squeeze 
The permeability (k) of some o-ring materials to air are shown in Table 4.14 at room 
temperature and 200°C. 
Table 4.14: O-Ring Permeability Of Air [80] 
2. 
1. 
1. 
1. 
a1 
ö1 
LL 
Material Temp (°C) kx 10-8 
Room 0.2 
Butyl 200 100 
Fluorosilicone Room 48.4 
Natural Room 6.7 
Natural 200 262 
Silicone Room 18.0-25.6 
Silicone 200 74 
Polyurethane Room 0.5 
Effect of Squeeze and Lubricant on 0-ring Leak Rate 
B 
6 Dry Ring 
4 
2 
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Figure 4.9: O-ring leakage Q factor [80] 
A low squeeze factor and Dry O-rings will give the highest leakage rates and are a 
worst case scenario. Using a squeeze factor of 0.2, gives aQ factor of 1.35, and this is the 
value used to calculate leakage. 
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The permeability of o-rings is very dependent on the material (and temperature). For 
the containment, no dynamic sealing is required and as such, simple o-rings made from 
Butyl or Natural Rubber like o-rings are suitable. Natural rubber is used to calculate the 
leak rate with the following factors: 
k 6.7x10-8 std. cc cm-ls-lbar-1 ( 6.7x10-12 m2s-1) 
D 10.4 Inches (260 mm) 
P 14.508 Psi (1 bar) 
Q 1.35 
S 0.2 
With two o-rings the leakage (q) is 1.22x10-5 std. cc. s-1 (1.22x10'6 Pa m3s-1). 
Using a nominal cylinder of 400 mm and 260 mm diameter, this will lead to a pressure 
rise of 1800 Pa in a year assuming absolute initial vacuum. 
Clearly, using a single O-ring as a seal on each side for the sealing of parts is insufficient 
to maintain the vacuum environment in the containment with the o-ring examined. If the 
material is changed to Butyl and the o-ring has a squeeze factor of 0.4 with lubrication, 
the pressure rise predicted falls dramatically to 18.08 Pa. This pressure increase is still 
relatively high (and is an ideal case) when compared to the pressure required to ensure 
low windage losses. 
To ensure that the containment remains viable between services, additional precautions 
should be taken, using the o-ring manufacturers recommendations of: 
" The surfaces to be sealed and the o-ring groove must be highly finished. 
"A high filling factor should be used, giving a high squeeze and filling the groove. 
" Using multiple seals. 
9 Using a vacuum grease. 
4.5 Flywheel Failure 
In the event of a catastrophic failure the containment must prevent the flywheel from 
breaching and damaging the surroundings. The main requirements are: 
" Prevention of flywheel fragments from escaping and causing damage. 
" Dissipating the energy of the flywheel. 
" Stopping the flywheel as quickly as possible. 
" Prevention of large out of balance forces and oscillations from being transmitted to 
the rest of the vehicle. 
Failure of the flywheel can stem from failure of the carbon fibre rotor or system failures. 
System failures will ultimately lead to rotor failure, though the failure mechanism path 
would be more complex. 
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4.5.1 Rotor Failure Modes 
Failure of the rotor can occur in three different modes: circumferential, radial and axial. 
The main cause of failure in composite materials is due to the matrix to fibre strength 
ratio and the fibre direction, rather than failure through yield or crack propagation through 
cyclic loading, prevalent in isotropic materials [43]. 
Circumferential 
Circumferential failure occurs normally when the hoop stress exceeds the yield of the 
material, causing fibre fracture. This results in the highest energy burst failure as the 
remaining structure is unable to withstand the stresses of the flywheel. The effect of 
a circumferential failure will depend on the rotor geometry. On a short rotor, a local 
crack or tear is likely to propagate through the structure very quickly leading to a full 
circumferential failure due to the significant influence on the surrounding material. On a 
long rotor a similar crack or tear would take longer to propagate through the structure, 
meaning that the failure mode could be complex and not just circumferential. The higher 
the overall stress of the rotor, the quicker the crack growth can occur, thus for overspeeding 
this is likely to result in a primarily circumferential failure. 
Figure 4.10: Circumferential Failure 
With a complete circumferential burst, the rotor fragments are no longer constrained 
to move around the axis and can travel tangentially to the original velocity. The clearance 
between the rotor and the containment will affect the angle at which the fragments hit 
the wall and hence the energy absorbtion profile. 
Radial 
The low fracture strength of the matrix material compared to that of the carbon fibre 
means that radial stresses become very significant for a failure mode. Failure in the 
radial direction will result in delamination of the fibres, which can result in imbalance and 
circumferential failure of the rest of the structure [83]. The fibres delarninating from the 
structure will cause spooling of the fibre material into individual strands, which results in 
less energy having to be absorbed by the containment. 
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Axial 
Axial delamination of the rotor due to stresses caused by Poisons effect is another possible 
failure mode [83]. For squat flywheels this failure mode is normally benign, but as the 
flywheel gets longer the Poisson effect becomes more significant. If an axial failure occurs 
in conventional flywheels, the failure is unlikely to be catastrophic as the rotor parts are 
still individually supported through the bore. 
Figure 4.11: Axial Failure 
With an axial failure on the long flywheel rotor, the parts of the flywheel would be 
supported only on one side and this would result in a loose rotor. 
4.5.2 System Failure 
Failure of the flywheel is not limited to catastrophic failure of the rotor, but will also be 
affected by the ancillaries and the flywheel system, such as bearings, containment integrity 
and system coupling. 
Loose Rotor 
If the flywheel loses its supports, it will rotate around the flywheel containment, resulting 
in high speed rubbing with the containment walls and and high levels of imbalance directly 
vibrating the containment housing (Figure 4.12). 
The out of balance forces caused by a rotor can be estimated with the following as- 
sumptions: 
9 The rotor remains whole and intact 
" The rotor rolls around the containment without slipping 
" The rotor and the containment are considered rigid. 
The out of balance force is given by Equation 4.24. 
F =mdw'2 (4.24) 
w =w-° (4.25) 
rc 
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º- 
Figure 4.12: Loon' Rotor Failure 
The out of balance forces for various speeds and gaps are shown in Table 4.15, its- 
surning that the out of balance mass is 10 kg. The out of balance forces for even it 1 nun 
gap at 10,000 rpni is over 1 tonne, which increases to over 25 tonnes at. 50,000 rpIn. A 
gap of 5 mm has an out of balance force of 5 tonnes at 10,000 rpm, and 132 tonnes at 
50,000 rpm. 
Table 4.15: Loose rotor out of balance force at different gaps (kN) 
Flywheel Gap (train) 
Speed (RPNI) 33 5 7 9 
10,00O 10.88 32.13 52.72 72.69 92.07 
20,000 43.52 128.51 210.89 290.77 368.27 
30,000 97.91 289.15 474.5 654.23 828.6 
40,000 174.07 514.04 843.55 1163.08 1473.07 
50,000 271.98 803.19 1318.05 1817.32 2301.68 
In reality the loose rotor situation is far more complex. If the rotor becomes `loose' it 
would not be instant - but would take a finite amount of time. For example if the rotor did 
suffer from an axial crack, the rotor halves would pivot around the hub supports before 
working themselves loose completely. This would mean that the out of balance would 
grow, initially affecting the shaft only, until the halves broke and rolled around the main 
containment. If the halves managed to remain intact and not shatter, they would still 
have lost significant amounts of energy. 
If somehow the hubs instantly broke and the rotor was free to roll around, the rotor 
would hit the containment wall, but there would be a finite time for the rotor to start to 
move relative to the containment, and the massive sliding friction would be a significant 
loss of energy. 
It is also unlikely that the rotor would remain as a rigid whole piece, as the losses 
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and forces that occur during a rotor burst would cause melting and breakdown of the 
rotor. Additionally, the containment and its mounting are not rigid and would help 
accommodate movement. However, it is clear that the smaller the gap, the less force 
will occur (Equation 4.24). This is opposite to the requirements of a reasonable gap to 
keep windage low. Thus the gap will be a compromise on the safety of a low probability 
but catastrophic failure and the operating efficiency of the flywheel. 
Vacuum Compromise 
If the vacuum environment of the containment is compromised, the pressure will quickly 
return to atmospheric levels. The losses at even low viscous flows are predicted to be high 
(especially for small gaps). With high windage, the flywheel will be unable to transfer the 
heat away leading to overheating and softening of the matrix material, resulting in rapid 
destruction of the flywheel. 
The speed at which failure occurs will depend on the rate at which the pressure in- 
creases (for a given initial speed). If the leak is small, this would result in slowly escalating 
pressure, which could be detected with sensors in the vehicle allowing safe shutdown of 
the flywheel system. 
With a sudden increase in pressure there is insufficient time to safely shut down the 
flywheel. Calculation of the windage in atmosphere can give an indication of how quickly 
the flywheel rotor will fail, as well as the speed at which the failed rotor will expend the 
stored energy in heat. 
The drum windage loss for a cylinder rotating unbounded in fluid can be calculated 
using Equation 4.26 [103] (Re, is the rotational Reynolds number). 
1 
= -0.6 + 4.071oglp 
(Re/Cf, 
n_i) 
(4.26) 
Cj, n 
4wr2 p Red =µ 
Although there is a casing around the flywheel, as a first approximation Equation 4.26 
can be used. Using atmospheric air properties (Table 4.1), the frictional coefficient was 
calculated for various speeds along with the windage (Equation 4.6) on the outside of a 
300 mm long rotor (Table 4.16). This shows that even at medium speeds (20,000 rpm) 
outside drum windage exceeds the limits that the flywheel can transfer heat to the en- 
vironment. At high speeds the predicted drum windage is extremely high, for example 
69.6 kW at 50,000 rpm. 
Even if the windage at 50,000 rpm was maintained, it would still take over 20 seconds 
for the kinetic energy to be used up. The high windage however, would cause rapid over- 
heating of the material matrix, resulting in rapid failure of the flywheel and disintegration 
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Table 4.16: Drum windage in Unbounded Atmospheric Air 
RPM Red Cf Windage (W) 
10000 4.58 x 106 2.24 x 10-3 705 
20000 9.16x 106 2.02 x 10-3 5077 
30000 1.37x 107 1.90 x 10-3 16155 
40000 1.83x 107 1.83x 10-3 36762 
50000 2.29 x 107 1.77x 10-3 69600 
of the rotor. As carbon fibre has a much higher temperature limit than the matrix, this 
will lead to spooling and a similar situation to radial failure of the rotor. The rotor frag- 
ments, due to the vastly greater surface area [19], will increase the windage loss far above 
the solid rotor windage, which will result in the rotor slowing down faster. 
Unfortunately, the losses calculated for unbounded windage exceed the losses calculated 
from spin down tests shown in Chapter 9, thus the losses for a bounded cylinder must 
be calculated. 
By defining a friction velocity as a measure of turbulent eddying on the cylinder surface 
as shown in Equation 4.27, the losses can be calculated by iteratively solving Equa- 
tion 4.28 [116] for the friction velocity. 
U* CP) 
(r2)) Ün=ca 
1+-\1-r2) +'lnI(1+'av 
+(r2)2+lnllri-1/ 
(4.27) 
l 
r2 /J 
U*-lrl 
- 1/] (4.28) av 
Where r. is the turbulence coefficient and has been found to be 0.40 experimentally 
by Von Käxmän [116] from determining the mixing length defined by Prandtl [93]. a is a 
constant equal to 7.5 which was evaluated by Dorfman from Taylor's experiments. 
The outside drum windage losses for various gaps are shown in Table 4.17. The 
outside drum windage shows that as expected with small gaps the windage is high, but 
a minimum windage occurs at a certain gap size before increasing once more. However, 
this does not account for windage on the internal surface. If it is assumed that the losses 
are proportional to the cube of the speed (since the shear stress is proportional to the 
square of the friction velocity in Equation 4.27) and hence the cube of radius for a given 
angular velocity, the total losses can be approximated (Table 4.18) allowing for a large 
central gap. 
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Table 4.17: Outside Drum Windage in Atmosphere with Varying Radial Gap 
RPM 
Loss (W) for Radial Gap (mm) 
135 10 100 
10000 534 417 377 336 514 
20000 3602 2860 2607 2341 3654 
30000 11070 8868 8110 7312 11539 
40000 24608 19830 18176 16430 26126 
50000 45783 37058 34025 30814 49277 
Table 4.18: Total Drum Windage in Atmosphere with Varying Radial Gap 
Loss (W) for Radial Gap (mm) 
RPM 
1 3 5 10 
10000 797 680 640 599 
20000 5473 4731 4478 4212 
30000 16978 14776 14018 13220 
40000 37985 33207 31553 29807 
50000 71013 62288 59255 56044 
Overspeed 
If the flywheel is oversped (such as with a malfunction in the control system), the energy 
stored within the flywheel will be much greater and if a burst occurs (which is more 
likely given the higher stresses in the rotor and heating of the bearings), the fragments 
will have significantly more energy. However the system can be designed such that the 
transmission cannot exceed a certain critical speed due to limiting gearing ratios etc. Thus 
the containment should be able to withstand higher burst energies than at the operating 
speed, but not necessarily an extremely high speed failure (when a burst will happen). 
4.5.3 Emergency Slowdown With Water 
Allowing air into the containment on purpose could potentially be a safety mechanism 
in the case of an emergency to slow down the flywheel, however because of the large 
amount of energy and the inevitable heating by friction, a method to reduce the potential 
temperature rise would be advantageous. 
One potential method is to incorporate a fluid jacket of water to absorb heat, which 
would also act as a fire retardant layer. The specific latent heat of vaporisation is 
2258 kJkg-1 and the specific heat capacity of water is 4.19 kJkg-1 K-1. For the flywheel 
operating at 50,000 rpm, 1.4 MJ of energy will be converted to frictional heat, assuming 
full containment. Ignoring the specific heat capacity of water and assuming all the energy 
is taken up by its boiling at atmosphere, 0.62 kg is required. This will produce 1.04M3 
of steam at 1 bar [23), which potentially could be a hazard if allowed to escape quickly. 
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If it is assumed that the steam cannot escape the containment which is approximately 
0.02 m3 and ignoring the specific heat, the pressure would exceed 57 bar and 270°C using 
the steam tables [23]. In reality the pressure and temperature would be lower due to the 
specific heat capacity of the water, heating of the containment and flywheel, as well as 
losses, but would still be too high for safety. 
To absorb the energy by heating water from 20°C to 100°C without boiling, 4.2 kg of 
water is required. This is equivalent to a 10 mm layer of fluid around a 300 mm diameter 
0.4 m long cylinder, which makes a fluid jacket impractical. However, not relying on 
turning water into steam will be inherently more safe. 
One potential method to avoid having liquid water is to incorporate it into a hydrated 
salt. This has the advantage that it adds to the structure of the containment and also 
energy is required to break the water molecules from the crystal matrix, due to the heat 
of crystallisation. Some examples of hydrated salts are shown in Table 4.19. 
Table 4.19: Hydrated Salts Water Content 
Name Formula 
Water Content 
% (kg/kg) 
Borax Na2B407.10H20 47.2 
Iron Sulphate FeSO4.7H20 45.4 
Iron Chloride FeCl3 "6H20 44.6 
The salt must be safe to use and non-toxic, for example Borax is widely used in 
detergents, water softener, soaps, disinfectants and as a food additive in some countries. 
Further investigation into using a hydrated salt in the structure of the flywheel and the 
energy absorption rate is required. Other fluids could also potentially be used, however, 
the use of water is non toxic, environmentally safe and combines with salts to form water 
of hydration. 
4.5.4 Fragment Impact 
The breakup of the rotor has a critical effect on how the loading on the containment occurs. 
The size of the fragments following a catastrophic failure will determine the amount of 
energy each fragment has in rotational as well as translational energies. If the rotor shatters 
into many small pieces, each piece is going to have predominantly translational energy, 
whereas if the rotor fails and produces a very large pieces, the amount of translational 
energy will be less than that of rotational. The ratio of the rotational to translational 
energy for given segment size is shown in Figure 4.13. 
Failure of conventional housings leading to non-containment by the fragments is caused 
by local shear stresses exceeding yield. One method to reduce the stresses is to use a 
ceramic lining, which is pulverised and distributes the load [63]. Another is to use enough 
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Figure 4.13: Fragment energy ratio with angular segment size [43] 
material that the fragments' energy will be used. However this method will result in very 
large containments that would reduce the appeal to the vehicle market. 
4.6 Containment Summary 
The containment for the rotor is important, as it must allow the safe and continuous 
operation of the flywheel rotor. 
Windage losses in atmosphere are unacceptable and would lead to rapid failure of the 
flywheel at high speed and thus to reduce the losses, windage in vacuum was investigated. 
Rarefied drum windage losses using Beck's equation were calculated at various pressures 
for different radial gaps and speeds. The losses due to windage on the inside of the flywheel 
were derived as well as the disk losses, thus the total windage loss was estimated as 160% 
of the outside drum windage with a5 mm radial gap. 
The maximum pressure, irrespective of efficiency, was determined by modelling heat 
transfer through radiation and conduction. This showed that a pressure of 10 Pa with a 
radial gap of >5 mm or a pressure of <1 Pa with a radial gap of >1 mm was acceptable. 
Maintenance of the "medium" vacuum for the service life of the flywheel is essential. 
The pressure increase due to permeation and o-ring sealing was investigated and it was 
found that permeation was negligible. An unacceptable pressure rise of 18 Pa in a year 
was calculated when using 2 o-rings and thus needs further investigation. 
Stress and buckling analysis demonstrated that a2 mm steel or 3 mm aluminium wall 
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thickness containment was structurally sufficient for vacuum. 
In the event of a catastrophic failure the containment must prevent the flywheel from 
breaching it and damaging the surroundings. Structural failure of the rotor by circum- 
ferential, radial and axial failure and their relationship to system failures was discussed. 
Overspeed failure of the flywheel is likely to result in circumferential failure with a greater 
energy than the operating maximum, which will require more energy to be absorbed by 
the containment. A loose rotor, although unlikely, will result in high speed rubbing and 
high levels of imbalance. It was calculated that at 50,000 rpm, the out of balance force 
was 272 kN with a gap of 1 mm and 2300 kN with a gap of 9 mm. 
Losses in atmosphere were calculated using bound and unbounded models, for as- 
certaining the impact of a vacuum compromise and the high losses at speed (31 kW at 
50,000 rpm) would rapidly lead to failure. The use of water and salts with high water 
of crystallisation to absorb the energy of the flywheel in an emergency was investigated 
finding that 4.2 kg of water (for turning into steam) would be required. 
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Turbomolecular Pump 
5.1 Chapter Overview 
Use of typical vacuum greases will limit the achievable speeds of the flywheel. Enabling 
the bearings to operate at a higher pressure than the rotor permits the use of more 
conventional lubricants. A turbomolecular pump (TMP) will enable a pressure differential 
to be established, allowing the bearings to operate at a higher pressure. 
This chapter describes the modelling and creation of a full 3D surface particle simula- 
tion using Monte-Carlo methods written in C++, suitable for modelling turbomolecular 
Pumps. 
Surface geometry was defined using basic surface elements: triangle, plane and in- 
finitely long axially concentric cylinder, from which arbitrary geometries can be derived. 
Stator and rotor regions were modelled using static and moving references, which rather 
than moving the geometry moves the particle in an opposite frame. 
Molecular distribution was modelled using the Maxwell-Boltzmann distribution law 
and allowing for arbitrary molecule mixtures. Molecule to molecule interactions were 
neglected by assuming the gas is highly rarefied. 
As molecules traverse the model, impacts onto the surfaces, as well as when the 
molecule enters different regions must be detected. Methods to detect such events were 
formulated, as well as the reflected velocities of the molecules. To allow efficient traversal 
through the geometry, the model was spatially divided using an octtree. 
However, further research into lubricants led to investigation into the use of per- 
fluropolyether based greases. These greases potentially allow higher achievable speeds 
with a medium vacuum than conventional vacuum greases, without the use of a TMP, for 
a limited range of bearing sizes (17 mm and smaller bearings). If larger bearings, higher 
speeds or higher vacuum are required, the use of a TMP would be required. 
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5.2 TMP Usage 
The use of rolling element bearings and the requirement for lubrication means that loss of 
lubricant with low pressure is an important consideration, whereas higher pressures would 
produce more windage losses on the flywheel. Using conventional vacuum lubricants is 
problematic as these are viscous and cause significant losses in the bearings and limit 
achievable speeds. 
One method to alleviate the problem is to use a TMP, which is able to maintain a 
pressure differential across it, allowing the bearings to be in a higher pressure euviromiiriit. 
than the rotor, as shown in Figure 5.1. 
Bearings TMP Flywheel 
Higher pressure Low pressure 
Figure 5.1: Integration of TMP in Flywheel 
The TNIP would have to be integrated on the main shafts of the flywheel, which 
means that an off the shelf unit cannot be used and a bespoke solution would be required. 
Unfortunately, there is little information available on the design and the number of states 
required to achieve the required characteristics. Thus, investigation into a simulation for 
TMPs was carried out. 
5.3 Turbomolecular Pump Theory 
A Turbomolecular pump is similar to an axial flow compressor in construction, with rotors 
and stators, although the mechanism for pumping is different. When a molecule collides 
with a rotor it is given a velocity component in the direction of the rotor niovenient. The 
use of orientated stators and rotors ensures that the probability of flow in the desired 
direction is higher than that of the other direction (Figure 5.2). TNIPs are designed to 
operate close to the molecular flow region, normally under 1 mbar. TMPs operate at higli 
speeds, so that the surface speeds of the rotor are in the order of the molecular speeds. 
At 20°C Nitrogen has a speed of 470 ms-t, while Hydrogen is 1900 reis-1 [48], thus TNIPs 
are better at pumping heavier gases than lighter gases. 
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Figure 5.2: TMP Pumping Principle 
The backing pressure is the pressure of the region that the pump is pumping into. 
TMPs can reach Ultra High Vacuum (< 1x 10-8Pa), with a sufficiently low backing pres- 
sure, which is why TMPs are normally fitted in tandem with another pump. A roughing 
pump has to be used as a minimum to reduce the pressure so that the TMP can operate. 
In a rarefied gas, molecule-molecule interactions can be ignored and the molecules can 
be assumed to move in a straight line between collisions on successive surfaces. The degree 
of rarefication is given by the Knudsen number (Equation 4.2). For analysing a TMP it 
is assumed that the Knudsen Number is greater than one. 
To model the particle transport in the TMP, a statistical method using Monte Carlo 
methods was chosen. The advantage of Monte Carlo methods is that there is no need 
to solve any transport equations, it is relatively simple in concept and has the ability to 
handle any geometry. 
Using this method, the performance of the TMP pump is not directly calculated, but 
transmission probabilities for particles moving from one end to another. 
If the transmission probability in the pumping direction is M12 and the probability in 
the other direction is M21 (conventionally the inlet is side 1 and the outlet is side 2), the 
maximum pumping speed is related to the transmission probabilities by Equation 5.1. 
Sm. ax =12 -vp(AlM12 - A2M21) 
(5.1) 
Where vp is the gas speed (which is either the most probable or averaged), Al and A2 
are the flow cross sectional areas of the TMP. 
The maximum pressure ratio occurs at steady state, when the number of molecules 
travelling from side 1 to 2 is matched by molecules travelling from side 2 to 1: 
A1n1M12 = A2n2M21 
n2 A1M12 P2 Kmax=n1 =AiW21 =P1 (5.2) 
Where nj, n2 are the number densities of molecules at the inlet and outlet respectively. 
101 
ý, ý 
Chapter 5- Turbomolecular Pump 
5.4 Surface Models 
To model surface geometry, basic surface elements were defined. These were the triangle, 
plane and infinitely long axially concentric cylinder, from which arbitrary geometries can 
be derived. The infinitely long co-axial cylinder could have been tessellated from trian- 
gles, however the geometry is very simple to model and saves significant computational 
resources. 
5.4.1 Plane 
A Plane is defined as shown in Equation 5.3. To test whether a point is on the surface 
of the plane it can be put in Equation 5.3 as P to check whether the equation is valid. 
(P-_v)"1V=0 (5.3) 
P Arbitrary Surface Point 
v Point On The Plane 
N Plane Normal 
5.4.2 Triangle 
A triangle can be defined as shown in Equation 5.4. 
P=a"VO +0*Vl+(1-a-Q)"v2 (5.4) 
P Arbitrary Surface Point 
of Vertex i (0-2) Of The Triangle 
0<c <1 
0: 5,6: 5 1a and ,3 are variables that satisfy these conditions (a+0) <1 
This method of defining a triangle requires solving two simultaneous equations, to 
check whether a point is on the surface (leaving an auxiliary equation for conformation). 
An alternate method was investigated, which was to view a triangle as a section of a 
plane, defined by one of the nodes and the triangle normal. Thus, a check can be under- 
taken to see if the point lies on the plane of the triangle. This method was investigated 
as it is simple to find the point of intersection between a plane and a line. After finding 
this point, it is necessary to test whether it is in the triangle bounds or not. 
To check if the point is in the bounds of the triangle, the sum of the internal angles from 
this point to the vertices must equal 3600. This unfortunately is numerically expensive, 
with the angle sum being given by Equation 5.5. 
27r (5.5) 
_ 
I(P)II(P)I 
((P_z1). (P_)\ arccos + arccos I(P-V . )II(P-vl)I s-1 
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P Point to test whether on Convex 2D Polygon 
vi Vertex i Of Convex 2D Polygon 
Although numerically expensive this is a simple test to program and by making use 
of the intersection with the plane of the triangle, many triangles can easily be dismissed, 
and thus would be useful with complex unsorted geometries. However, with sorting of the 
geometry it will be better to use Equation 5.4 directly. 
5.4.3 Infinite Co-Axial Cylinder 
This element was added as a primitive, as it is a cylindrical shell centred about the 
longitudinal axis and can be used to represent the shaft or shroud of the TMP pump 
easily. The alternative could be to model these surfaces as tessellated surfaces. However, 
tessellating the surfaces into triangles, with enough resolution to model them reasonably 
accurately, would require many triangles for such a simple shape. Coupled with the simple 
surface definition of the cylinder - that the (normal) distance from the axis to the surface 
is constant and equal to the radius of the cylinder, it is useful to have this as a primitive. 
As the cylinder is axially infinite, finding whether a point is on the surface is a 2D 
problem, so that the z component of the point can be ignored. The equation of the axial 
aligned cylinder is given by Equation 5.6. 
IPyyý =r (5.6) 
. '. 
(Pt)2 + (PA)Z = r2 
5.5 Molecular Modelling 
In a rarefied gas, molecule-molecule intersections can be ignored, as the mean free path is 
larger than the spaces in between the TMP, thus the molecules can be assumed to move 
in a straight line between collisions on successive surfaces. This problem is thus similar 
to ray-tracing in a graphical rendering program, and much of the same techniques can be 
used. 
5.5.1 Path Definitions 
A TMP can be divided into two types of regions - the stator stages and the rotor stages. 
The stator stages are stationary and can thus be easily analytically examined with the 
position of the particle calculated by Equation 5.7, where Po is the original position, t 
is the time and U is the velocity of the particle. 
ý'=Po+t"U (5.7) 
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However, the rotor stage contains moving surfaces. These surfaces are rotating at 
a constant rotational speed around the axial axis, independent of the molecule. The 
simplest solution is to hold the moving surfaces stationary and transfer the rotation to the 
molecule in the opposite direction instead, which is far simpler than attempting to have 
moving geometry. 
The path of the molecule can be visualised by `sitting' on the rotating blade surfaces 
and seeing apparent motion of the molecule. The molecule is in reality moving in a 
straight line, but it seems as if there is a Coriolis force acting on the molecule. This can 
be modelled mathematically, by calculating the actual position in time and rotating the 
position around the axial axis in an opposite direction to the movement of the blade by 
the angle that the rotor would have travelled. 
F. = (cos(wt)(Po= +t" Uz) - sin(wt)(Poy +t" Uy)) 
+ (cos(wt)(Poy +t" Uy) + sin(wt)(Pox +t" Ui)) j 
+ (Po; +t"U; )z (5.8) 
Equation 5.8 shows the only trivial analysis for the position of the molecule in a 
rotating frame is in the z direction, which is a linear equation. For the x and y directions 
there are potentially multiple solutions that are very hard to analyse, thus numerical time 
stepping was used to analyse the path. 
5.5.2 Molecule Distribution 
The model requires that the molecules simulated are a good representation of actual 
molecules and mimic the atmosphere in the TMP. This involves the velocities and molecule 
type, because different molecules have different velocity distributions. For example, the 
average speed of Hydrogen is much faster than that of Oxygen molecules. 
The distribution of molecule speeds for Newtonian gases (e. g. not valid for plasma 
or exotic gasses) is given by Equation 5.9 and is commonly known as the Maxwell- 
Boltzmann distribution law [10,22]. 
'n l' 2( ') e P(u): =4n[2. r. R"TJ 
u (5.9) 
m Molecular Mass (kg mol-1) 
u Speed of gas (ms-2) 
P(u) Probability of occurring speed 
Equation 5.9 gives the probability that the molecule is travelling at a certain speed. 
This means that f° P(u)du = 1. 
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For the simulation, a distribution of molecule velocities in accordance with Equa- 
tion 5.9 warms required. This is most satisfactorily achieved by finding the velocity at a 
particular probability suns. However. Equation 5.9 cannot be analytically integrated. 
The speeds at probability sums were calculated from 0.01 to 0.99 in steps of 0.001. 
The speeds of molecules outside this probability range were not calculated, as a reasonable 
distribution can be obtained from those considered. The velocities were calculated using 
Simpsons' rule to numerically integrate Equation 5.9, for a given temperature and gas. 
These probability-speed mappings were stored for quick access later, allowing the molecules 
to be sampled by matching a random probability and extracting the speed. 
5.6 Surface Molecule Interaction 
Thy beitaviknir eei iuu, lccult: when they impact a surface is important for the validity of the 
Model. Molecular behaviour at a surface is, however, a very complex problem that involves 
many factors, such as electromagnetic potentials, absorption layers, molecular interaction 
including bonding. thermal effects and surface topology to name some. To model all of 
these effects directly is not feasible, due to the amount of information that this would 
require. 
For the model, a subset case was used, in which the molecular relaxation factor was 
0. The model was assumed to be in thermal equilibrium, with elastic collision behaviour, 
meaning that there is no net energy transfers to or from a stationary surface. 
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5.6.1 Collision With A Plane 
In vector form the definition of a plane Equation 5.3 will identify if a point is on a plane. 
For a straight line path, using Equation 5.7 and putting it into Equation 5.3: 
(P- )i =0 
Po+tU-ß"1V 0 
(_v-Po)"N 
UN =t 
(5.10) 
However, for a "rotating" path, the situation is more complex. Due to the trigonomet- 
ric terms in the path definition of Equation 5.8, there is only one trivial solution to the 
problem, which is when the plane normal lies parallel to the z axis, where the time to hit 
the plane can be calculated from just the k vector terms. 
The only impact that is important, however, is the first positive time that an impact 
occurs. Finding the time is accomplished by a numerical time stepping algorithm. Be- 
tween successive iterations, it can be detected whether the path has traversed the plane, 
by putting the position of the path at the time steps into the equation of the plane 
(Equation 5.3). If a change of sign occurs, then the path has crossed the plane. 
Using the two time steps, where the path crosses the plane, the time step can be refined 
and the process continued until the time at which the path intersects the plane is found 
(with a suitable tolerance for floating point calculation limits). 
5.6.2 Collision With A Triangle 
To see whether a point is on a triangle it is possible to use Equation 5.4 and see if there 
are values that satisfy the equations. 
For a straight line impacting a triangle this can be solved directly, resulting in 3 
equations and 3 unknowns. 
1Ta was +a +ýs +(1-a-a). 
a. vov +ii vly +(1-a-Q) v2 = P+t1 
k a"vo: +Q"vi, +(1-a-Q)"v2z 
1Ta vo: +Q v11 +(1-a-Q) vzs -(Poa+tU. ) 
j a"Lty +Q 'ui +(1-a-/i) vzy -(Po: +tU: ) =0 (5.11) 
k a"w: +Q"vl, -(Poz+tU: ) 
However, for the rotating context, this cannot be achieved, thus the time that the 
path contacts the `plane of the triangle' is found. Hence, the position at this time can be 
examined to find whether the path impacts the triangle, using the convex shape internal 
angle test (Equation 5.5) or directly placing into the equation. 
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5.6.3 Collision With An Infinite Co-Axial Cylinder 
The cylinder is cotupictely defitted by specifying its radius. The impact time can 1W found 
when the path reaches this radius and it is the same for a rotating and straight path, as 
the 'radius' of it notated path hit. to be identical to an equivalent straight path. 
I -1. 
C: 
prý + tU1"yl 
(P0,. + tUx)2 + (Ppy + tUy)2 -1 
2 
t2(L-r+U'`)+2t(Po)xUx+P0U)+Pöx+P0 -r2=0 Yyyy 
t2 ((rry " Ury) + 2t 
(Po., 
" Ury) + Por " Poxv - T2 =0 (5.12) 
Equation 5.12 is it quadratic in time with the first positive root, the time when the 
path impacts the cylinder. Other roots indicate negative time or the cylinder and path 
not intersecting. 
5.6.4 Macroscopic Overview Of Reflection 
To model the behaviour of how the molecules 'reflect' from the surface, two basic models 
are used: diffuse reflection and specular (mirrored) reflection. 
Diffuse - Maxwellian Reflection 
The reflected unit vector for diffuse reflection is independent of the impact velocity vector, 
and is of a random profile Figure 5.4. The reflected vector has the same magnitude as 
the original, but the direction is it random direction such that the reflected velocity forms 
a hemisphere defined by the absolute speed value and the surface. 
Figure 5.4: ßefection - Diffuse Maxwell Distribution 
To generate the reflected Maxwell distributed velocity, a unit vector corresponding to 
a point on it hemisphere with the base on the xy plane is randonilY picked. 
The resulting vector is rotated about so that the original hemisphere would lie on the 
surface of the object. Care must be taken to make sure that the distribution lies on the 
correct side of the surface, otherwise the molecule will go through the wall. The resulting 
unit vector is multiplied by the incident velocity modulus to give the final reflected vector. 
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Specular Reflection 
Specular reflection is where the surface acts as a mirror. The reflected vector is found by 
adding a vector, which is scaled from the normal vector to the surface, to the incident 
vector, such that the resulting modulus is identical (Equation 5.13). 
IL+k- NJ =III 
(I, z+k-N. ) (Iy+kNy)2+(Iy+kNy)2 =I "I 
k2N"N+2kN"I+I"I-I"I=0 
-2 (ff) k (5.13) N 
Overall Reflection For A Surface 
To allow full flexibility, a factor named the specular coefficient it was defined for each 
surface, the coefficient was chosen such that 0<p<1, with a coefficient of 0 meaning 
pure diffuse reflection and a value of 1 representing pure specular. Both specular and 
diffuse resulting velocities must therefore be calculated. To keep the reflection elastic, 
the contribution for each reflection mode varies as µ varies. The contribution from the 
specular coefficient, due to its dependence on the incident velocity and the simple calcu- 
lation was linearly tied to the specular coefficient, meaning that for a coefficient of 0.5, 
the contribution from the specular mode will be the resulting specular reflection vector 
multiplied by 0.5. 
The contribution from the diffuse reflection is much more complicated, due to the 
random distribution and the dependence on the specular coefficient, but can be found 
using Equation 5.14. 
III =Iµ"s+Q-DI 
0=02D"D+21LQS"D+142S"S-I. I 
a--µS"Df µ2(S"2)2D"D(µ2S"SI" 
D"D 
But [1"I=S"S=D"D=III2] 
a--µS"Df 
µ2 (S" D)2-I714(µ2-1) 
5.14) 
1Ll2 
Q Equivalent Coefficient for Diffuse Reflection 
1 Incident Vector 
D Diffuse Reflected Vector 
Specular Reflected Vector 
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5.6.5 Rotation Impulse 
The operation of the TMP relies on the rotors imparting a momentum onto the molecules 
which occurs as the molecules impinge on the blade surface for an infinitesimal time. This 
results in an impulse in the instantaneous normal direction of the surface movement and 
hence the name drag pump, which is a class of molecular pumps to which the TMP and 
Gaider Pumps belong. The effect of this impulse has to be accounted for in the reflected 
velocity. This could be directly calculated by differentiation of the molecular position 
Equation 5.8, but this was not investigated. 
The impulse from the moving surface could be added to the standard reflection after 
impact, however a number of problems may occur with this: 
If the rotating surface `catches' up with the molecule, the relative velocity between the 
molecule and the surface, will mean that the incident velocity is away from the surface. 
Thus, the reflected velocity will be towards the surface, which means that the molecules 
can pass through the surface. This must be checked for and resolved. One method to 
do this would be to specularly reflect an incorrect vector to make the vector point in the 
correct direction. 
The most difficult problem is that after reflection from the surface, the molecule will 
not have a velocity vector that would allow the molecule to leave the surface. This will 
cause the molecule to go through the surface wall within the next time step and must be 
checked for. 
By transferring the relative velocity of the geometry to the path velocity before reflec- 
tion, most of the problems are reduced, for example even if the surface catches up to the 
molecule, the relative velocity will ensure that correct reflection takes place. 
5.7 Molecular Creation, Path Changing and Destruction 
The use of the model requires a method to introduce molecules to the model and remove 
them, as well as a method to allow the changing of regions with regard to the molecule - 
for example straight paths and rotating reference paths. 
Modelling everything as a surface, except of course the molecule, has the advantage 
that the same methods can be used throughout the program to find if a molecule interacts 
with any entity. The existing base surfaces are extended to create special surfaces for a 
given application. 
5.7.1 Molecule Introduction Bodies 
The creation of a molecule for use in the model can be assigned to specialist surfaces. 
These surfaces can create molecule paths that fit the requirements of the inlet. 
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All the emission surfaces will have the same core methods, which comprise of routines to 
calculate the probability-speed look up tables for as many types of molecules as required, 
for a given inlet temperature. Other routines create an initial velocity vector for the 
molecule from the probability-speed look up tables using random selections as required 
for Monte-Carlo methods. Each individual surface type must define a method for the 
initial position of the molecule and this will be unique to the element. 
Potential Velocity vectors 
Figure 5.5: Emission Surface 
For example, an emission plane was defined, which is oriented coplanar with the xy 
plane. The limits of the emission area is defined by two radii (Figure 5.5). 
The molecule introduction bodies are just for the introduction of molecules and should 
not interact with the molecules themselves. This can be accomplished by overriding the re- 
flection routines so that the resultant velocity is not changed from the incidental. However, 
additionally, rather than having the element in the model, the element can be removed 
from the list of elements which are candidates for reflection, which will improve the per- 
formance of the model (as well as not being a false impact). This is easily accomplished 
during element sorting, as described in Soup Ordering and Traversal, by overriding the 
element to not be included in the sorting. 
5.7.2 Molecule Removal Bodies 
Rather than just exiting the bounds of the model and detecting for this, the molecule can 
be removed specifically by a surface. This has the advantage that the position that the 
molecule exits the model can be calculated easily as the impact time is known. Using 
specialist elements for exit regions also allows absorption regions within the model to be 
defined (although this is not relevant for a TMP directly). When an impact occurs on 
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these surfaces, the molecule position is recorded and 'removed'. This will then trigger the 
simulation cycle to be restarted. Thus, these surfaces will behave as normal surfaces for 
the simulation except for the reflection routine. 
5.7.3 Path Changing Surfaces 
When it molecule travels through the model it passes through the stator and rotor regions, 
which are stationary and rotating regions respectively. The path must, change frone a 
straight to rotating path as necessary. Rather than defining spacial volumes and continu- 
ously checking for entry or exit frone one, special surfaces can be used to change one type 
of path into another. For the axial model of it TNIP, it plane is the ideal 
base shape to 
develop the path changing surfaces on. 
Rotating Path 
Straight Path 
Figure 5.6: Path Changing Plane 
The reflection routine for the surface is overridden to allow the molecule to pass through 
W'd i)f' converted to it different path. 
5.8 Soup Ordering and Traversal 
Finding the next , urfad that the tuolrcuk ütul)acts requires examining surfaces individ- 
ually for an impact and the time that the impact occurs. The lowest time is the first 
uripatt. 
In an unordered system, the surfaces form an unordered polygon soup, with different 
surfaces at arbitrary positions. This means that all the surfaces have to be examined and 
consequently the time taken increases dramatically as the number of surfaces increase. 
This brute method can be used, repeating the process after each impact, but the solution 
tune would be roughly dependent oil the square of the number of surfaces [41]. This is 
especially it problem for the rotating paths which require numerical time stepping, and 
will result in a itnfe<j.,; iblY lung solution time for complex models. 
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Time stepping for the rotating path requires a time step and an initial upper time 
limit to examine up to, which can be subsequently replaced by impact times, as only the 
first impact is important. The initial upper time limit can be defined relatively easily if 
crudely, as the time when the path reaches the furthest limit in the axial direction of the 
model bounds. Unless all the defined planes are co-planer to the xy plane, the actual 
model will be infinite, thus boundaries for the model are defined, automatically by the 
nodal limits in the model or artificially. 
The choice of a time step is critical; too large a time step could result in a collision 
not being detected, which would invalidate the model or even cause molecules to breach 
surfaces. If the time stepping is very small, the solution will take a very large amount of 
time to solve. To calculate an effective time step is itself a complex task, so it is better 
to be overcautious and have an expensive small time step calculation than an inaccurate 
long time step. 
Ordering of elements within the model would allow a reduction in the number of 
elements having to be examined and help specify the time stepping for the numerical 
solution. There are a number of sorting algorithms to order the elements in 3D, a few of 
which are described below [42,96,110]. 
Octtree Spacial Division This is the method chosen and is explained in depth next. 
The BSP tree "A Binary Space Partitioning (BSP) tree is a data structure that repre- 
sents a recursive, hierarchical subdivision of n-dimensional space into convex sub- 
spaces" BSP tree construction is a process which takes a subspace and partitions it 
by any hyperplane that intersects the interior of that subspace. The result is two new 
subspaces that can be further partitioned by recursive application of the method. 
A "hyperplane" in n-dimensional space is an n-1 dimensional object which can be 
used to divide the space into two half-spaces. For example, in three dimensional 
space, the "hyperplane" is a plane. In two dimensional space, a line is used. 
BSP trees are extremely versatile, because they are powerful sorting and classifica- 
tion structures. They have uses ranging from hidden surface removal and ray tracing 
hierarchies to solid modelling and robot motion planning and are commonly used in 
computer game engines. 
Multiple Ordered Lists By storing the order in which the primitives occur in reference 
to the x, y and z axis, surfaces can be eliminated from being tested for a collision, 
for example, if the path is in a positive z direction, surfaces that exist at a lower z 
value than the start of the path can be safely ignored as there is no chance of a hit. 
For this to be effective, the start and end of the surface bounds must be stored in 
order for the 3 axes - and traversable in both a positive and negative direction. 
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Figure 5.7: Sorting Using a Binary Tree 
5.8.1 Octtnp Implementation 
The method chu, ru for the ordering of the surfaces in the model was the use of an octtree. 
The octtree as a data structure resembles a tree, with each node representing a volume of 
space, with optional branches to 8 child nodes, that represent subsets of the volume. An 
octtree is closely related to the 1D binary tree and the 2D quadtree. 
Time octtree structure is made by recursively dividing it volume until given conditions 
are met `41,42). For the simulation the condition is when the number of surfaces in 
the node is at or below it certain defined number, or that the tree depth has reached it 
mnaxiniuiil defined depth. The method is similar to 1D sorting using a binary tree, where 
each tree node can be potentially divided into 2 child regions. 
Figure 5.7 shows an example of the creation of a binary tree. This particular binary 
tree is created such that there are 2 or less objects in a region. For example frone the initial 
region - the root node - containing 8 objects, 2 child nodes are created, with one containing 
5 objects, the other 3. These each have to be subdivided as they contain over the threshold 
limit of 2 items. The subdivision only stops when the node meets the requirements. 
Volume space is characteristic of the coordinate system, so for a Cartesian system an 
octtree node is represented by a cuboid, and for a cylindrical system, a cylinder section. 
If this volume space is to be divided, then it is made into 8 child volumes, given by 
subdividing the axes into 2 (2's = 8). As the model was based using a Cartesian co- 
ordinate systein, the volume regions represented cuboids. The bounds of these volumes 
are used as 'Axially Aligned Bounding Boxes' (AABB's). 
A major benefit to an octtree is that once the tree has been created, it is fast to traverse 
through the structure, for example locating the node that encompasses an arbitrary point. 
To form the octtree, it is necessary to examine if the surfaces intersect the 3D volume 
of the AABB, to see if they belong to a leaf node or not. 
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Plane AABB Intersection 
Figure 5.8 shows an arbitrary plane and AABB intersecting. To test whether a plane and 
an AABB intersect, a simple test can be used as the plane is infinite; which is to check if 
any of the AABB's vertices lie on different sides of the plane. This is easily accomplished 
by putting the vertices in the equation of the plane (Equation 5.3) and if any of the 
results have different signs from one another the AABB and plane intersect. 
Figure 5.8: AABB Plane Intersection 
Triangle AABB Intersection 
Testing for whether a triangle intersects an AABB is much more complicated as the triangle 
can be any size and orientation. 
As only the confirmation (or not) of intersection is required and not the points of 
intersection, some simple test are carried out which will eliminate most of' the cases. 
Failing this a more rigorous test is carried out [88]. 
" If any of the vertices of the triangle are in the AABB, then the triangle intersects 
the AABB. 
"A check is done to see if the vertices are all to one side of any of the hounding 
planes of the AABB, which will mean that there is no intersection. For example if 
all the vertices are located further along the x axis then the bounds of the AAB13 
no intersection is possible. This is true for all convex shapes. 
" The next test is to check whether the plane of the triangle intersects the AAB B. 
If the plane does not intersect the AABB, then the triangle cannot intersect the 
AAI3B. 
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" More involved tests are now required, the first of which is to test whether the line 
segments of the triangle edges intersect the surface bounds of the AABB. This is 
accomplished by analysing the lines between the vertices of the triangle, with a 
start position as a vertex and the direction vector as the relative vector to the other 
vertex. These lines are then tested to find the point of intersection with the defining 
planes of the AABB (Equation 5.10) and the constant required to multiply the 
direction vector by is found using this. If the constant is not in the range 0<t<1, 
intersection cannot occur. Otherwise the intersection point of the triangle line and 
plane is tested to see of it is in the bounds of the AABB. 
" Finally the lines defining the edge of the AABB are checked for intersection with the 
triangle, in a similar way to the previous test. 
" Failing all the other tests the triangle and the AABB do not intersect. 
Infinite Axial Cylinder AABB Intersection 
To test for an intersection between an Axial Cylinder and an AABB, assuming that the 
AABB does not cross the xz and yz planes, the test for intersection is simple. The 
radial 'bounds' that the AABB is from the axial axis can easily be found by selecting the 
minimum and maximum radii that the corners of the AABB are at, which only requires 4 
corners to be tested. If the radius of the cylinder is between the maximum and minimum 
"radii" of the AABB, the cylinder and the AABB intersect. 
Obviously this is not true for the root node, but this is a special case, in which the 
cylinder will intersect regardless. This is an acceptable assumption for the model, as the 
model volume should be centred around the axial (z) axis, and thus all the child volumes 
will satisfy this condition. 
5.8.2 Octtree Traversal 
Traversal through the octtree along the path of the molecule must be carried out in the 
simulation. The traversal must usable for straight line paths and rotating paths. It is also 
important that the traversal through the octtree is fast so that the benefits of the tree are 
not eroded. 
The method chosen involved finding the octtree node that the molecule is in initially. 
The staring time is 0 as the molecule is already in the AABB and the time that the 
molecule exits the AABB is found. Tests for impact on the surfaces which are within the 
AABB are carried out within these time limits. If no collision occurs, the next octtree 
node is found, which is easily ascertained as the time of exit from the previous octtree 
node is known. The starting time is the time the path entered the octtree node and the 
115 
Chapter 5- Turbomolecular Pump 
end time is where it leaves it. The impact tests are carried out and if no impact is found 
the next octtree node is examined. This process is continued until an impact occurs. 
Having time limits is useful for numerical time stepping as it allows localisation of 
the problem, and thus less problems with accuracy. It is also important for straight 
line paths, as a surface element may span multiple octtree nodes and not necessarily be 
impacted within the node being examined. Thus the time limits can be used to ascertain 
if the impact did occur within the limits of the AABB. This problem does not occur with 
brute force techniques as all the surfaces have to be examined. 
5.9 Multistage Modelling with a Response Matrix 
Although the general methods can handle multi-stage problems directly, by including 
multiple stator/rotor pairs and defining the relevant regions, this is not ideal as it becomes 
a deep penetration problem. This means that the molecule has to travel a long way to 
pass from one end to the other, where in between there will be many more surfaces to 
reflect the molecule. The increase in surfaces means that the molecule could experience 
many collisions before emerging at an exit, resulting in considerably more collision history, 
and thus computational time will increase exponentially with the number of stages. 
A response matrix can be used to combine results from single stages and find the overall 
performance of a multi-stage TMP. The response matrix method uses the pre-calculated 
results from the single stages, as incoming and outgoing 'currents', and solves the current 
balance for all the regions to give the overall linked effect (Figure 5.9). Katsimichas 
[59] suggests that a method to do this is to discretise the `current' which in this case is 
composed of the position and velocities of the molecule. 
The current out can be written as a function of the incoming currents, ignoring volu- 
metric sources which are insignificant for a steady state TMP (Equation 5.15). 
N 
Jöut = ýRi, jJin (5.15) 
i=1 
J Current Flow 
N Discrete States 
Ri, j Contribution factor of state i to state j 
By writing the currents in array form (e. g. (Jo, J1, J2,..., J)T ), the flows for the 
volume are defined as (where R is the response matrix): 
'laut = RJin (5.16) 
By looking at the connected volumes, outgoing currents at state i become incoming 
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Figure 5.9: Response Matrix Method 
currents at state j, thus: 
1 
ifl 
fl 
11 
711"o 
(5.17) 
where H is a matrix fulfilling the equation, so by combining Equations 5.16-5.17, 
two equivalent equations can be given: 
ins = RHJ, ns 
(5.18) 
/r 9) 
`ýnnwc = 
HRJ71ouc AJ. 
1J 
If the volumes have the same subdivisions, then 11 becomes a permutation matrix [59]. 
The result is aNxN system of equations that can he solved numerically. 
5.10 Engine Validation 
To ensure that the engine produced a satisfactory simulation of a TMP, a single stage was 
modelled with the main geometry imported from a STL file. The model was created to 
match the single stage 2D model described in [59] using a specular coefficient of 1. This 
allowed the model to be compared to the 2D models used previously. The transmission 
probabilities from the inlet and outlet were calculated by simulating 1000 particles on each 
side (Figures 5.10-5.11). 
The number of particles are sufficient to obtain a reasonable convergence of the prob- 
ability, but would not be sufficient for analysing the distribution for use in a response 
matrix. 
Particles that exhibited high number of reflections or exited the model were discounted. 
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Figure 5.10: Transiiiission Probability From Inlet 
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Figure 5.11: Transmission Probability From Outlet 
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This resulted in an inlet transmission probability of 0.336 and an outlet transmission 
probability of 0.119. This gives an overall pressure ratio of 2.81 for the single stage, which 
is slightly higher than that shown in [59] and can easily be attributable to the assumption 
of pure specular reflection. 
5.11 Difficulties in Using a TMP 
Although the simulation transmission probabilities compared favourably with the single 
stage geometry examined in [59], further qualification of the simulation is required as a 
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multistage TMP depends not only on the transmission through a given stage, but the 
distributions (caused by the pumping action). To test the simulation further, multistage 
modelling must be carried out and validated against real TMPs. 
The use of fluorinated greases and lubricants (Table 6.3) instead of conventional 
vacuum greases allows medium vacuum to be utilised without significant dentrimental 
effects on the bearing performance for a range of bearing sizes at the speeds required. This 
allowed a solution to be found without having to use a integrated TMP (Chapter 6). 
5.12 Turbomolecular Pump Summary 
The use of a TMP for enabling the bearings to operate at a higher pressure than the rotor 
and allow the use of conventional lubricants, led to the creation of a full 3D molecular 
simulation engine suitable for modelling single stages in a TMP utilising Monte-Carlo 
methods. Arbitrary geometry is modelled using basic primitives: planes, triangles and 
infinite co-axial cylinders. 
Assuming a highly rarefied atmosphere, molecules move in straight lines until impact 
with a surface. Rotating paths were used to model the relative movement of molecules 
in the vicinity of rotors, which required time stepping methods. The gasses was modelled 
according to the Maxwell-Boltzmann distribution of the gasses present. Perfectly elas- 
tic molecular collisions were used, with an arbitrary ratio between diffuse and specular 
reflection. 
Introduction, path type changing and removal of molecules in the model was achieved 
using special surfaces allowing the same routines that are used for other surfaces to be 
utilised. 
Ordering and traversal of the model was accomplished using an octtree, and methods 
for sorting surfaces into the octtree were developed. 
Using a response matrix to calculate the overall performance of a multistage TMP 
from simulation of the individual stages was discussed. 
A test geometry for a single stage was simulated using a specular coefficient of one and 
compared to published results. The simulated results were similar - predicting a slightly 
higher pressure ratio. 
However, with the use of perfluropolyether based greases instead of conventional vac- 
uum greases allows low pressures to be utilised without significant dentrimental effects on 
the bearing performance. Nevertheless with a different rotor or bearing design, the TMP 
could be a viable option. 
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Bearings 
6.1 Chapter Overview 
The selection and design of the bearings is critical to the feasibility of the flywheel, with the 
bearings being selected for their ability to support the flywheel including the static rotor 
load of 12 kg and dynamic forces such as shock loading and gyroscopic forces throughout 
the design operating range of 25,000-50,000 rpm. Additionally, a sufficient life expectancy 
is required, which will be at a minimum the time between services. 
The main factors in the choice of bearing that have to be considered are; Acceptable 
life, which at an absolute minimum has to be for the duration between successive services, 
acceptable cost, no maintenance between services and acceptable losses. 
Bearings fall into 3 categories; sliding surface, magnetic and rolling element. These 
bearing types are discussed with emphasis on the vehicular application. Rolling element 
bearings were chosen as the applicable technology, however their use is complicated by the 
low pressure environment that they have to operate within. For this reason lubrication 
selection is critical, to avoid evaporation of the lubricant 
6.2 Overview of Bearing Technologies 
6.2.1 Hydrostatic & Hydrodynamic Bearings 
Hydrostatic and hydrodynamic bearings work by separating surfaces with a film of liquid. 
If the bearing is a hydrostatic bearing - or a hybrid design as commonly employed, the 
fluid is under pressure, keeping the surfaces apart under static conditions. Hydrodynamic 
bearings are self-acting, as the fluid that separates the surfaces is pressurised, from wedge 
entrapment, by the actual movement of the surfaces [91]. 
Hydrodynamic and hydrostatic bearings can run at high speeds, can damp out high 
vibrations, and can cope with high loads and can have low running torques, however they 
require a suitable oil system. 
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Pressure 
Figure 6.1: Hydrostatic and Hydrodynamic Bearings 
6.2.2 Air Foil Bearings 
Air foil bearings were developed originally for auxiliary power units and military ap- 
plications, where high temperatures and speeds made the use of conventional bearings 
inappropriate. 
Journal 
Bump Foil 
Inner Foil 
Bearing Sleeve 
Figure 6.2: Air Bearings 
The bearings do not require an oil system, and use pressurised air to keep the surfaces 
apart. The low clearances and tolerances in a foil air bearing design permits a soft failure: 
the foils restrain the shaft assembly from excessive movement with a touch down. The 
damage is mostly confined to bearings and shaft surfaces [68]. 
6.2.3 Magnetic Bearings 
Magnetic: bearings are non-contacting, resulting in little friction loss and no wear. The 
bearings require no lubrication (and as such are used in high vacuum environments, or 
where lubricant is undesirable). 
Magnetic bearings can broadly be divided into active and passive bearings (whether 
an external control system is required) as shown in Figure 6.3. 
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Figure 6.3: Active and Passive Magnetic Bearing Pole Arrangement 
Passive 
Passive magnetic bearings require very little external support, and work by repelling op- 
posing poles on permanent magnets. Passive magnetic bearings are thus stable as the 
magnetic restoration force increases as the displacement increases. Unfortunately current 
passive magnetic bearings do not have the ability to withstand high forces. This increases 
the chances of a touch down even under relatively light loading, thus they are normally 
used in conjunction with other bearings (magnetic and conventional). 
Research into high temperature superconductors (HTS) offers great promise for hear- 
ings [5]. Superconductors allow levitation of magnets; the flux of the magnet causes ýc 
current to be set up in the superconductor, but without any resistance the current, does 
not dissipate and can interact with the magnet allowing the apparent levitation. This 
principle is used in some Maglev trains. HTS bearings are naturally stable as they are 
passive and do not require any control circuits for their operation, all that is required is 
the maintenance of the super-conducting status. However, present superconductors only 
work at extremely low temperatures, requiring liquid nitrogen. Currently available IITS 
are used for larger industrial and military applications. One such example is it 5 MW 
HTS Motor [4] which is used for ship propulsion. It is a long-term goal to achieve room 
temperature superconductors. 
Active 
Active magnetic bearings in contrast to passive bearings are arranged such that magnetic 
poles are being attracted, with the stator magnets being elect roiuagnets. This makes the 
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bearings inherently unstable as attractive forces will increase as the displacement increases. 
Thus, the bearings require a complex control system to allow the forces on the magnets 
to be varied so as to allow a restorative force. 
Stator 
+- 
Sensors 
Rotor 
Figure 6.4: Active Magnatic bearings Schematic (1 coil shown) 
Active magnetic bearings comprise of 3 distinct technologies [89]: 
Bearings and Sensors are the parts directly attached around the shaft. The sensors 
are used to monitor the position of the shaft, while the actual magnetic coils apply the 
necessary forces. 
A control system is used for controlling and powering the electronics for signal condi- 
tioning, calculation of correcting forces, and resulting signals to the power amplifiers. The 
control system is required to adjust the current and hence magnetic force of the electro- 
magnets around the rotor to stabilise the forces and position of the rotor. This is done 
with sensors positioned around the rotor to measure the displacement of the rotor. 
The final components are the control algorithms (applicable to digital control), com- 
prising of software programs for calculating actions needed for bearing operation. 
The attractive electromagnetic suspension of the rotor is achieved by using stationary 
electromagnets. This creates a flux that goes through the magnets and the rotor (by going 
across the airgap) leaving the parts non-contacting. Figure 6.4 shows a schematic of a 
magnetic bearing. 
6.2.4 Rolling Element Bearings 
A rolling element bearing consists of an inner and outer ring, between which rolling ele- 
ments run in a raceway. The rolling elements are normally kept from mutual contact and 
evenly spaced by a cage. 
There are many types of rolling element bearings, but they can normally be divided 
into two distinct groups - ball and roller bearings, which include taper roller bearings 
(Figure 6.5). 
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Figure 6.5: Schematic of Rolling Element Bearings 
Rolling element bearings can potentially be used for high speeds, being limited by the 
materials and lubrication due to the centrifugal force acting on the balls and cage affecting 
the races. They can also be used for high load applications, but generally the higher the 
load, the larger the bearing and hence, the lower the maximum attainable speed is. 
6.3 Bearing Selection 
Table 6.1 shows the main attributes of some of the bearing types [68], [89], [16]. 
Hydrodynamic bearings are very expensive to develop, have large losses, high running 
costs and require considerable support for the oil system. This is especially hampered by 
the low pressure environment, which does not allow the engine oil system to be utilised, 
and makes sealing of the bearings difficult. Hence, these bearings are not suitable for the 
flywheel. 
The use of air foil bearings is not suitable for the flywheel, due to evacuated envi- 
ronment and the ability to seal the air from the containment. Additionally, the size of 
the bearing required for the loads and the development costs would make the bearing 
prohibitably expensive and also the supplying of air would also make it unsuitable for 
vehicles. 
Passive magnetic bearings are unsuitable at present due to the lack of load capacity, 
which can result in a catastrophic touchdown. With the development of HTS bearings 
this technology will be very promising for smaller applications such as the flywheel. 
Current technology in active magnetic bearings requires considerable support, in the 
form of electronics to operate, especially at high speed. Additionally, the electromagnets 
require a significant amount of power to operate, thus the space required for current 
electromagnetic bearings tends to be relatively large. Current magnetic bearings are most 
suited to stationary applications, where there is unlikely to be any sudden loading changes, 
as a very sudden load change can be too fast for the electrical system to react to, allowing 
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Table 6.1: Bearing Type Advantages and Disadvantages 
Air Bearings Magnetic Bearings Rolling Element 
Pressure & Air pressure limited Virtually Independent Lubricant Limited 
Temprature -200 to 400°C < -250 to > 200°C < -20 to > 150°C 
Speed High Very High Low - High 
b 
Damping High 
Control System Low - Medium Limits Vibration 
Reliability High High Medium - High 
Cleanliness Medium ° Very High Low - Medium d 
Resistance To High High Low - Medium Contamination 
Complexity Specialist designs Many Components Simple Design' 
Bearing Size Medium - Large Large Small - Medium 
External 
Air Supply Power 
Supply Grease - None 
Support Control System Oil - Oil Supply 
a Limited by cooling, lubricant and cage material 
b Dependant on bearings, loading, and lubrication 
Air Supply Dependant 
d Lubricant & Wear Dependant 
8 Especially with greased for life 
too much displacement of the shaft. For these reasons active magnetic bearings are not 
yet suitable for use in vehicular applications. 
Conventional rolling element bearings, however, are usable in vehicles without requiring 
significant additions to the vehicle. For example, if oil lubricated bearings were used an 
oil supply is required (although one exists already in most vehicles a separate one will be 
desirable to maintain the cleanliness of the bearings). If greased bearings are used, no 
other additions to the vehicle are required. 
Using greased packed bearings is therefore preferred for a vehicle, as it would be the 
simplest and cheapest to implement, which is important for commercial adoption of the 
flywheel. 
The high speeds that are required for the flywheel to operate require careful selection 
of bearings. ISO 19 angular contact ball bearings were examined in detail due to the high 
speeds available. Table 6.2 shows a selection of bearings from SNFA [98]. 
In addition to the high speeds required by the bearings, they must operate in a partial 
vacuum, and be capable of supporting the various loads produced within a vehicular 
application. The high speeds in a vacuum environment are particularly difficult, as the 
high speed will produce significant windage loss and as the lubricant must have a low 
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Table 6.2: SNFA VEB High Speed Spindle Bearings [98] 
VE1310 VEB12 VEB15 VE1317 VEB20 VE1325 VEB30 
d(min) 10 12 15 17 20 25 30 
D(inm) 22 24 28 30 37 42 47 
B(nnm) 6 6 7 7 9 9 9 
Balls 11 12 12 13 14 16 18 
C33(N) 2100 2200 3300 3400 5000 5400 5800 
Co(N) 910 1010 1570 1720 2700 3100 3500 
Via(RPNI) 170500 150700 126500 115500 94820 80410 69740 
Vg(RPNI) 110825 97955 82225 75075 61633 52267 45331 
Pr(N) 11 11 17 18 26 28 30 
ABE C' 9 Steel Balls - Ideal Conditions Spring Loaded 
enough vapour pressure so as to not evaporate over time, it tends to be more viscous 
which compounds the losses. The partial vacuum will also reduce the heat transfer frone 
the bearings to the housings. 
The direction of loads on the bearings will vary according to the demands of the vehicle, 
which means that the bearings cannot be spring loaded for a particular direction. The 
use of 2 pairs of back-to-back bearings solidly preloaded will allow the variable loads to 
be accommodated. Using back-to-back paired bearings with it solid preload (light) will 
reduce the attainable speed by 25% frone the ideal speed [36]. However, the dynamic load 
capacity will increase also such that a back-to-back pair can sustain a load of 1.63 that of 
a single bearing [98]. 
To allow for growth of the flywheel which may occur due to the length, the bearings 
are fully clamped on the outer and inner races on one side, while only clamped out the 
inner races on the other side (Figure 6.6). 
Assuming ideal conditions, the speeds capable of back-to-back ISO 19 steel bearings 
using ABEC 9 tolerances under light preload in grease are shown in Figure 6.7 [98]. 
For grease lubricated bearings, 20 mm and above have a rnaxirnurn speed rating less 
then 50000 RPM, and thus cannot be used in the arrangement required. The speed rating 
of the 17 mrn bore bearings of 56,300 rpm is very close to the flywheel speed limit and 
due to the unfavourable conditions in the flywheel housings, the performance may be 
subpar. The 15 ruin bore bearings have a maximum speed rating of 61670 rprn, which is 
significantly above the flywheel operating range, which would mean that for a given speed 
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Figure 6.7: ABEC 9 Steel Ball Achievable Speeds 
the bearing will run cooler than the 17 nun bore bearing. Therefore, for grease packed 
bearings, a 15 mm bore is the preferred size. 
For ideal oil lubricated bearings, bore sizes up to 30 min can operate over 50,000 rpm. 
However, the 30 mm bore oil bearing has a maximum speed of 52,305 rpm, which is very 
close to the maximum flywheel speed. With the unfavourable conditions, this would likely 
lead to subpar performance. The 25 min bore bearing can sustain a speed of 60,308 rpm, 
which is significantly above the flywheel operational speed. Thus, for oil lubricated bear- 
ings bore sizes of 25 mm and under can be used. 
The use of ceramic ball bearings instead of steel bearings will normally allow around 
15% higher speed operation and typically a 30% plus improvement in life over steel bearings 
136] and thus allow a safety margin over that of the steel balls. 
6.4 Lubrication 
There are two main methods of lubrication in a bearing - oil and grease lubrication. 
Oil lubrication has the advantage that higher speeds can be achieved, also, the oil will 
ensure better cooling of the bearings as well as debris management. However, having the 
associated equipment required for pumping of the oil is disadvantageous for the flywheel 
due to the added volume and weight requirements (although in conventional vehicles there 
is a oil pumping system already in place, but the oil system will not be suitable for the 
flywheel). The oil system required will have to operate at the low pressures that the 
bearings will be operating at. To achieve this, the simplest way is to have the whole oil 
system evacuated to the pressure of the flywheel, which will require a totally isolated oil 
system. 
Grease lubrication allows `lubricated for life' designs, which essentially means that the 
bearings are packed with grease before installation, allowing the bearing to be run for 
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the duration of its life without needing re-lubrication. It is also sealed to avoid ingress 
of contamination into the bearing. However, the use of grease means that the attainable 
speeds are much reduced compared to that of oil, as the removal of heat from the bearings 
cannot be achieved by the cooling effect of fresh lubricant oil. As such, the bearing sizes 
possible, which can be sufficiently lubricated, are limited (Figure 6.7). 
The choice of the lubricant is particularly important as the flywheel is operating in a 
vacuum environment. The temperature at which a liquid boils, decreases as the pressure 
reduces and is equal to the temperature at which the liquid vapour pressure reaches the 
environment pressure. Liquids (such as lubricants) do not have extremely low vapour 
pressures like most solids (especially at elevated temperatures). To avoid loss of lubricant 
it is necessary to choose a lubricant with a sufficiently low vapour pressure for the flywheel 
vacuum environment. For a particular class of lubricant the vapour pressure at a given 
temperature decreases as the chain length increases, but this also increases the viscosity 
of the liquid, thus the churning losses and cage drag increases, which will lead to higher 
losses and elevated temperatures. 
Investigation into the use of a TMP (Chapter 5) was carried out to enable use of 
conventional lubricants, however, a class of lubricants - fluorinated synthetic oils - were 
found to be suitable for medium vacuuum. These oils are similar to conventional hy- 
drocarbons, but instead of C-H bonds there are C-F bonds. This greatly increases the 
molecular weight of the oil, meaning for a given chain length the oil will have a much re- 
duced vapour pressure than that of a similar molecule with C-H bonds, and thus are much 
more suitable for low pressures. Unlike CFCs, the C-F bonds are much less susceptible to 
homolytic cleavage in the environment compared to C-Cl bonds and also the fluorinated 
hydrocarbons have no known effects on the ozone layer as the fluorine is not `ozone toxic' 
[31,33]. 
These classes of lubricants are used in computer hard drives, on the surface of the 
platters to keep the disc head from contacting the surface during start-up, the layer is only 
a few molecules thick. Some greases from Dupont Inc [31] (based on perfluropolyether) 
were examined (Table 6.3), the greases are thickened by PTFE and are white `buttery' 
greases. 
Table 6.3: Typical Properties of Dupont Krytoc Fluorinated Greases 1311 
Viscosity of Base Oil, cSt Vapour Pressure (Pa) 
Grade 20°C 38°C 99°C 204°C 38°C 260°C Density' atedb 
g/ml Range (°C) 
240AZ 40 18 3.3 0.77 0.05 200 1.89 -57 to 149 
240AA 85 35 5.3 1.1 0.01 100 1.91 -51 to 177 
240AB 230 85 10.3 1.8 7x10-4 4 1.92 -40 to 232 
240AC 800 270 26 3.9 1x 10-5 0.3 1.93 -29 to 316 
a Measured at 25°C 
b Atmospheric Conditions 
128 
Chapter 6- Bearings 
From Chapter 4 it was shown that windage of the rotor is very dependent on the 
pressure, and to avoid overheating of the rotor it is desirable to run at as low a pressure 
as possible. However, the very low pressures are not easily accommodated by the bearing 
lubricant. For example, the 240AZ grease has a vapour pressure of 0.05 Pa at 38°C, which 
increases to 200 Pa at 260°C. 
The maximum pressure in service that the bearings are expected to be subjected to, 
is 10 Pa as windage losses become excessive at higher pressures. It is important that the 
vapour pressure of the oil is sufficiently lower than this at the maximum expected bearing 
temperature to avoid loss of lubricant. If substantial heating occurs, the vapour pressure 
of 240AZ and 240AA may be a problem, resulting in significant lubricant loss. Using a 
thicker grease such as 240AB or 240AC will mean that the vapour pressures will be much 
lower at a given temperature. However, as the greases are more viscous, more losses will 
occur which will in-turn raise the bearing temperature. 
Further testing will be required to ascertain the ideal grease or grease blend for the 
production flywheel, however for the test rig, it was decided to use 240AZ as the operating 
speeds are very high and sufficient cooling is available to prevent excessive temperatures, 
which would increase the vapour pressure significantly. Further, due to the limited oper- 
ation of the test rig, small amounts of loss of lubricant will not be a problem. 
6.5 Bearing Losses 
The bearing losses can be calculated using Equation 6.1, which will give a first approx- 
imation of the bearing moment with dry rotating contacts [49]. 
M=M1+M+Mf (6.1) 
Ml is the torque due to the applied load (load dependent moment), M is the viscous 
friction torque (load independent moment) and Mf is the end flange friction torque (end 
flange moments). Mf is only applicable to roller bearings and is negligable in ball bearings 
such as those considered [49]. 
Mi = fiFß4 (6.2) 
fl =z 
(C, 
O)v 
Fß = Max 
F, 
0.9Factna - O. 1Fr 
z and y are dependent on the bearing configuration. For angular contact ball bearings 
z is 0.001 and y is 0.33 (Table 6.4). If it is assumed that the axial forces on the bearing 
are low in comparison to the radial forces, FQ = Fr. 
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Table 6.4: z and y Constants for Applied Load Bearing Torque [49] 
Ball Bearing Type a z y 
Radial Deep Groove 00 0.006-0.004 0.55 
Angular Contact 30 - 40° 0.001 0.33 
Thrust 90° 0.0008 0.33 
_ 
10-7 fo(vn)2/3d3, vn > 2000 M" 
160 x 10-7 fodm vn < 2000 
(6.3) 
The viscous friction torque regime depends on vn where v is the kinematic viscosity 
in cSt and n is the speed in RPM (Equation 6.3). fo depends on the bearing and the 
type of lubrication. For an angular contact ball bearing with grease lubrication, fo = 2, 
with oil mist lubrication fo = 1.7 and with an oil bath fo = 3.3 [49]. The speeds that 
the bearing will be operating at will mean that vn > 2000. The equation is valid as long 
as the bearing is operating at moderate speeds and not under excessive loading[49]. This 
means that for the higher speeds the moment given by the equation may deviate from 
actual performance, nevertheless it will still be indicative of the losses. 
Using a loading of 120 N distributed over the 4 bearings evenly (Figure 6.6), the 
bearing moments can be worked out (normalised with vn) and are shown in Table 6.5. 
The M moment at the high speeds will be by far the most dominant term in the bearing 
loss, with the load dependent moment having only a small effect (for the rotor considered). 
Table 6.5: Bearing Moments (nv Normalised) For Bearings 
Bearing 
Bore 
dm. 
mm 
Co 
N 
Ml 
Nmm 
M/(vn)2 3 
10 16 950 1.53x10' - 8.19X 10-4 
18 1070 1.66x101 1.17X10-3 
15 21.5 1660 1.72x10' 1.99 x 10-3 
17 23.5 1840 1.81x101 2.60 x 10-3 
20 28.5 2900 1.89X10-1 4.63 x 10-3 
25 33.5 3400 2.11x101 7.52 x 10-3 
The viscous friction torque is dependent on the viscosity, as well as the speed. How- 
ever viscosity is not constant, but reduces as the temperature increases. If steady state 
conditions are assumed, then the viscosity can be assumed to be solely dependent on the 
speed of the flywheel. Thus, the temperature viscocity relation is not required. 
From Table 6.3, if it is assumed that at a low speed such as 5,000 RPM, the lubricant 
temperature (locally) is 38°, whereas at full speed the local temperature is close to 99°, 
the viscosity can be estimated. This is shown in Table 6.6 and was found by linearising 
the speed and viscosity relation (-- nß"2). 
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Table 6.6: Dynamic Viscosity of Greases at Various Speeds 
Grease RPM (x103) 
10 20 30 40 50 
240AZ 13.5 9.56 6.99 5.03 3.44 
240AA 27.5 18.95 13.37 9.13 5.67 
Using the viscosities from Table 6.6, the losses for the various bearings at different 
speeds was calculated (Table 6.7 and Table 6.8). It can be seen that the losses ini- 
tially rise sharply with the speed increase, but at higher speeds the losses only increase 
marginally. 
Table 6.7: Individual Bearing Losses W (240AZ Grease) 
Bearing 
Bore 10 20 
RPM (x 10 3) 
30 40 50 
10 2.42 6.02 9.57 12.42 14.07 
12 3.39 8.46 13.46 17.47 19.76 
15 5.66 14.18 22.58 29.31 33.09 
17 7.34 18.42 29.35 38.09 42.98 
20 12.96 32.58 51.93 67.38 (75.96) 
25 20.94 52.71 84.04 109.03 (122.86) 
Table 6.8: Individual Bearing Losses W (240AA Grease) 
Bearing 
Bore 10 20 
RPM (x 10 3) 
30 40 50 
10 3.79 9.31 14.48 18.17 19.31 
12 5.34 13.14 20.45 25.66 27.22 
15 8.98 22.16 34.5 43.26 45.81 
17 11.68 28.85 44.92 56.31 59.6 
20 20.7 51.18 79.7 99.87 (105.6) 
25 33.52 82.91 129.13 161.8 (171) 
This trend is not actually what is expected for the bearing losses, where the losses 
increase more with higher speeds [98] (although this is only shown for oil lubrication). 
This variance in the prediction can be explained from the speed to viscosity relationship 
assumed when linearising the variables. This is due to the limited data available and the 
uncertainty in correlating the speeds to a viscosity (and hence temperature). Further to 
this the viscosity was assumed to be the same for a certain speed regardless of the bearing 
size. However, the losses predicted at the higher speeds agree well with expected losses 
with a similar viscosity base oil for the 25 mm bearing [98]. 
The losses that are calculated assume that the temperatures in the bearings are as 
required for the viscosity calculated. For this to be correct, the heat produced in the 
bearings must be removed at the rate it is produced for the temperature not to change. 
As an initial approximation, it is assumed that the only method of heat transfer is 
131 
Chapter 6- Bearings 
"conduction" through the outer race into the bearing housing. If the thermal flux is 
purely radial and even over the whole of the outer race, the temperature gradient can be 
calculated from the outside of the bearing housing to the inside of the bearing outer race. 
This is only also valid when 1«D, as 3D effects are neglected. 
H_ 
AAAT 
I 
AT 
_H I AiDB 
(6.4) 
A possible difficulty in using Equation 6.4 is estimating the value of the thermal 
coefficient (A), due to the gap between the bearing housing and the outer race, but as long 
as the machining tolerances are good this will be negligible. For the system the thermal 
coefficient can be assumed to be that of a low carbon steel, eg. 50 Wm-1K-1. 
The thermal gradient and temperature rise through the outer ring and through the 
bearing housing was calculated for speeds of 30,000 rpm and 50,000 rpm with 240AZ 
grease, as shown in Table 6.9. The bearing housing was taken as 10 mm thick, though 
for the case of the test rig it is 2 mm (Chapter 8). 
Table 6.9: Thermal Gradient of Outer Race and Housing 
Bearing A 30,000 rpm 50,000 rpm H OT/l AT H AT/l AT Bore 
m2 W K/m K W K/m K 
10 4.15E-04 9.24 445.5 5.19 14.07 678.56 7.63 
12 4.52E-04 13.1 579.1 6.69 19.76 873.49 9.83 
15 6.16E-04 22.21 721.5 8.25 33.09 1074.66 12.09 
17 6.60E-04 28.96 878.0 10.01 42.98 1302.99 14.66 
20 1.05E-03 51.53 985.1 11.67 - - - 
25 1.19E-03 83.59 1407.8 16.63 - - - 
Table 6.9 shows that the temperature rise in the outer bearing race is not very 
large. However, the maximum bearing temperature can be significantly higher as heat is 
generated by the rolling contacts, on the inner race as well as on the outer race. The heat 
must be transferred through the bearing before being conducted through the outer race, 
which will mean that the balls are at a higher temperature as illustrated in Figure 6.8. 
The heat transfer between the balls and the races, which is very complex, can be 
modelled by Equation 6.4 as the lubricant forms a "solid slug", allowing it to be modelled 
using conduction [49]. This can be performed as there is elasto-hydrodynamic (EHD) film, 
which was not taken account for in the bearing loss calculation (Equation 6.1). The 
effective area through which this conduction takes place is significantly lower than the 
overall area of the bearing surface, as the contact points are where the balls are located. 
The overall heat transfer beteen the balls and races will depend on the Peclet number 
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Figure 6.8: Simple Thermal Conduction Bearing Model 
(Pe), as shown in Equation 6.5, which is a measure of the heat transported by convection 
to the heat transported by conduction and is a product of the Reynolds Number and 
Prandtl Number. 
Pe=Re"Pr= PC 
ý 
pvl (6.5) 
In addition heat from the rotor windage (Chapter 4) will be conducted through the 
shaft which will have to be transferred through the bearings, which in turn will raise the 
temperature. 
With the importance of keeping the bearings cool in an evacuated environment, the 
smallest bearings possible should be utilised, as the losses and temperature rise are lower 
and also the thermal path from the inner race to the outer is smaller as shown by the 
thermal gradient in Table 6.9. 
6.6 Bearing Life 
A bearing has a fixed life limited until degradation of the bearing occurs, such its the 
onset of fatigue and spalling of the raceways, assuming that the bearing was correctly 
installed (requiring proper mounting, lubrication and sealing). The calculation of the life 
of a bearing is standardised according to DIN ISO 281 [551, and is based on the assumption 
that after a certain number of revolutions fatigue occurs, which depends only on the load 
on a particular bearing. This assunies that other failure conditions are not irret, such 
as wear by insufficient lubrication. The bearing life L10 is defined as the number of 
revolutions for a 0.1 (10%) failure probability by fatigue. In general, it is found that there 
is a logarithmic representation between load and life rating of it bearing [49,521: 
(kxC33)P 6 Leo =x 10 
(6.7) Lion. 
Ljo 
= 60 x it 
k= i0.7 (k is the additional load capacity of sets of i bearings. ) 
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The life equation used for calculating the fatigue life assumes a purely radial load in 
radial bearings and a purely axial load in thrust bearings. This is also assumed to be 
constant. For many bearing applications this is not the case, because the forces act at an 
angle or change in magnitude. If this happens a constant force needs to be used in the 
life equation, which must be determined, representing an equivalent stress with respect to 
the rating life. This force is called the equivalent dynamic load and is discussed later. 
6.6.1 Constant Load Life 
If a constant load is acting on a bearing at an angle, the axial Fa and radial F, loads can 
be calculated. If the ratio P/F, is plotted against Fn/F,., a curve is produced, which can 
be approximated by two straight lines. The two lines intersect at Fa, /F,. = e, which is 
the transition from one approximation to another. Using the straight-line approximation 
allows a general form for equivalent stress to be calculated, using Equation 6.8. The 
equivalent load factors (X and Y) are shown in Table 6.10. 
P=XF, +YFa 
Table 6.10: Equivalent Load Factors [98] 
Fa 
iCo e 
Fa/Fr< e 
x 
Fa/Fr >e 
XY 
0.015 0.38 1.47 
0.029 0.40 1.40 
0.058 0.43 1.30 
0.087 0.46 1.23 
0.12 0.47 10 0.44 1.19 
0.17 0.50 1.12 
0.29 0.55 1.02 
0.44 0.56 1.00 
0.58 0.56 1.00 
(6.8) 
For a perfectly balanced rotor that is spinning in a stationary vehicle, the only force 
that is acting on the bearings is the weight of the flywheel and the rotor shaft, radially 
and the preload axially. 
Using a combined radial load of 120 N, the basic bearing life and the running life at 
various speeds were calculated (Table 6.11). The axial load factor (X) for all the cases 
was found to be 0, and the radial load factor (Y) was 1 (Table 6.10). 
Table 6.11 shows that assuming ideal conditions the basic life of the bearings (even 
at high speed) will equate to many years of continuous use. For example, a 15 mm bearing 
will have a theoretical basic life of over 27 years operating continuously at 50,000 rpm, 
with the 10 mm bore bearing having a life of nearly 7 years under the same conditions. 
Clearly, this far surpasses the requirements of the vehicle. However, the flywheel will not 
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Table 6.11: Bearing Life For An Ideal Rotor With No Extra Loads 
Bearing 
Bore 
C33 
N 
CO 
N 
Preload 
N 
L10 
Revs x106 
Lloh (x1000) 
30000 40000 
0 RPM 
50000 
10 2100 950 11 94110 102 77 61 
12 2200 1070 11 108205 117 88 70 
15 3300 1660 17 365192 396 297 238 
17 3400 1840 18 399407 433 325 260 
20 5000 2900 26 1270250 1378 1034 827 
25 5400 3400 28 1600150 1736 1302 1042 
be operating under ideal conditions and will be subject to complex loading in the vehicle. 
The assumption of an ideal rotor is unlikely to be true as the rotor will be subject to 
manufacturing inaccuracies, as well as elastic growth when running which is unlikely to be 
completely uniform, both of which will then lead to out of balance forces. Thus, examining 
just the static effects of out of balance on the life of bearings is important. 
6.7 Out Of Balance Forces 
An unbalanced rotor causes forces that will act on the bearings, as well as the supporting 
structure. It will also lead to vibration and excitation of the system. The amount of vi- 
bration depends on speed, geometry, bearing stiffness and mass distribution, but reducing 
the unbalance will reduce the loads and hence the vibration levels. 
BS 6861-1 [15] can be used as a "Method for determination of permissible residual 
unbalance" for a rotating object. The permissible out of balance is taken as being related 
to the rotor mass, so that a larger rotor can have a higher permissible out of balance. The 
specific permissible out of balance (Equation 6.9) is used to ascertain the level of out of 
balance allowable. 
eper = 
Uper 
m 
(6.9) 
The residual permissible specific unbalance that can be tolerated for a given rotor type 
is generally inversely proportional to the speed (as forces increase with the speed). The 
combined effect of the speed and the residual unbalance is the balance grade: 
ý'=eperXW (6.10) 
The `Balance Quality Grade' allows out of balance limits to be specified for classes of 
rotating machines, examples of which are shown in Table 6.12. 
Table 6.12 shows that flywheels should be balanced to a balance quality of 6.3 accord- 
ing to BS 6861-1. This equates to a eper of 1.2 gmm (using Equation 6.10 or Figure 6.9), 
which is 14.4 gmm for a rotor of 12 kg. However, a higher grade of balancing would be 
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Table 6.12: BS 6861-1: 1987 Extract of Balance Quality Grades for various groups of 
representative rigid rotors [15] 
Balance 
Quality 
Grade 
epe,. xw 
mm/s 
Rotor types General examples 
G40 40 Car wheels, wheel rims, wheel sets, drive shafts 
G16 16 Drive shafts with special requirements 
Individual components of engines 
G6.3 6.3 Flywheels 
Marine main turbine gears (merchant service) 
Centrifuge drums 
Paper machinery rolls; print rolls 
Fans 
Assembled aircraft gas turbine rotors 
Parts of process plant machines 
Pump impellers 
G2.5 2.5 Rigid turbo-generator rotors 
Computer memory drums and discs 
Turbo-compressors 
Turbine-driven pumps 
G1 1 Tape recorder and phonograph (gramophone) drives 
Grinding-machine drives 
G0.4 0.4 Spindles, discs, and armatures of precision grinders 
Gyroscopes 
advantageous as the flywheel is of an advanced design. 
BS 6861-1 is useful for determining the permissible out of balance for classes of ma- 
chinery, but the balance grades that the machinery falls into is a generalisation, based on 
experience with current rotors and only serves as a guide to the degree of balance required. 
To determine the effect of out of balance on the flywheel, the forces due to out of balance 
were calculated, and used to determine the effect on the bearings. 
Table 6.13: Forces (N) Caused By Out Of Balance 
g"mm 20000 25000 30000 
RPM 
35000 40000 45000 50000 
50 219.31 342.67 493.45 671.64 877.25 1110.27 1370.7 
25 109.66 171.34 246.73 335.82 438.62 555.13 685.35 
10 43.86 68.53 98.69 134.33 175.45 222.05 274.14 
5 21.93 34.27 49.35 67.16 87.72 111.03 137.07 
1 4.39 6.85 9.87 13.43 17.54 22.21 27.41 
Table 6.13 shows the forces that are caused by various out of balance values at 
various speeds. Applying these loads to the bearings in addition to the weight of the rotor 
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Figure 6.9: Permissible out of balance [15) 
(-- 120N), will give a new life. The out of balance load is more complex than the static 
weight load, as it rotates around with the flywheel, and will act with and against the 
weight force depending on the rotor position. For simplicity (and a conservative case) the 
loads were taken as always acting together, thus allowing the Lloh life to be calculated. 
The bearing lives are shown in Tables 6.14-6.16. At 30,000 rpm, only the 20 mm 
and 25 mm bore bearings have L10 life over a year at a out of balance of 50 gmm, however 
at 40,000 rpm (which is close to the mean usable energy speed of 43300 rpm), none of the 
bearings under ideal conditions have a life over 1 year with 50 gmm out of balance. For 
25 gmm of out of balance at 30,000 rpm, the 15 mm bore bearing has a L10 life over 1 
year, but at 40,000 rpm only the 20 mm and 25 mm bore bearings have a life over 1 year, 
with no bearings being able to achieve a life over a year at 50,000 rpm. 
For 10 gmm of out of balance, all the bearings have a L10 life over 1 year at 30,000 rpm, 
with the 15 mm and greater bore bearings having a life over 1 year at 40,000 and 
50,000 rpm. 
The maximum unbalance required for a life over 1 year (between 10 and 25 gmm at 
43,000 rpm average) compares well with the permissible unbalance (Upe, ) calculated by 
BS 6861-1, of 14.4 gmm for a 12 kg rotor for a 15 mm bearing. Smaller bore bearings 
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require significantly lower unbalance to be able to perform satisfactorily for the flywheel 
life. As 15 mm bore bearings can be used this means that it is still possible to use grease 
filled bearings (Figure 6.7). 
Table 6.14: 30,000 RPM Bearing Life With Out Of Balance 
gmm 10 
Bearing Bore / Years 
12 15 17 20 25 
50 0.09 0.1 0.34 0.37 1.18 1.48 
25 0.41 0.47 1.58 1.73 5.51 6.94 
10 1.93 2.21 7.47 8.17 26 32.75 
5 4.15 4.77 16.09 17.6 55.98 70.52 
1 9.2 10.57 35.69 39.03 124.1 156.36 
Table 6.15: 40,000 RPM Bearing Life With Out Of Balance 
gmm 10 
Bearing Bore / Years 
12 15 17 20 25 
50 0.02 0.02 0.08 0.09 0.27 0.35 
25 0.12 0.13 0.45 0.49 1.56 1.96 
10 0.78 0.9 3.03 3.31 10.54 13.28 
5 2.25 2.58 8.72 9.54 30.34 38.21 
1 7.74 8.9 30.04 32.86 104.5 131.63 
Table 6.16: 50,000 RPM Bearing Life With Out Of Balance 
gmm 10 
Bearing Bore / Years 
12 15 17 20 25 
50 0.01 0.01 0.02 0.03 0.08 0.1 
25 0.04 0.04 0.15 0.16 0.52 0.66 
10 0.33 0.38 1.28 1.4 4.44 5.59 
5 1.19 1.36 4.6 5.03 16 20.16 
1 6.29 7.23 24.4 26.69 84.88 106.92 
6.8 Gyroscopic Loads 
From Equation 1.7, generally the change in angular momentum is given by Equa- 
tion 6.11. 
OL = 
%Tdt 
(6.11) 
This means that the torque required to overcome the gyroscopic force when turning a 
flywheel constantly is equal to the change in angular momentum per unit time. 
If a constantly rotating flywheel is rotated as shown in Figure 6.10, through an angle 
of 0 about a perpendicular axis to the rotation at a constant velocity, the torque required 
for restraining the gyroscopic forces is given by Equation 6.12. 
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Figure 6.10: Angular Momentum Change 
B 2Jw 
T= - t 7r (6.12) 
This is derived by considering a constantly rotating flywheel, being turned 7r radians 
(180°), which results in a change in momentum of Jw - -Jw = 21w. 
__ i 
ý`ýN ii 
I=cýý- 
Tý ýý -F F 
Figure 6.11: Gyroscopic Loads Free Body Diagraffii 
By considering the free body diagram of the gyroscopic loads and the lw iriiigs 
(Figure 6.11), the forces on the bearing sets can be ascertained. 
FI=T 
B 2Jw 
'ý'Ft l7r (6.13) 
For the flywheel using l= 445 min and J=0.1kg 111,2, the force for a. given angle 
rotation per second on a bearing pair is shown in Table 6.17. A turn rate of' ISO's -I is 
very fast and is likely to only occur in unusual situations such as accidents or racing. For 
normal driving turn rates of 30°s-1 - 45°s-1 are typical. 
As the bearings in each set are close together, the force on each bearing is approxi- 
mately half that of those shown in Table 6.17. This means that the gyroscopic load on 
each bearing is well below the dynamic load capacity of even the 10 min bore bearing with 
a turn rate of 180°s-1, operating at 50,000 rpm. 
The dynamic load capacity of a 15 min bearing is 3300 N (Table 6.2), which is 
sufficient for a turn rate of over 360°s-i with the flywheel at 50,000 rpni, which means 
that the 15mm bearing is able to cope with these shock loads without any damage to the 
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Table 6.17: Gyroscopic Forces With Varying Turn Rates 
Turn Rate F (N) 
(Degrees s-1) 50,000RPM 43,000RPM 30,000RPM 
180 2353 2024 1412 
90 1177 1012 706 
45 588 506 353 
30 392 337 235 
bearing. 
For normal turn rates, the gyroscopic loading is similar to the out of balance loading 
at 50,000 rpm of between 25 gmm and 50 gmm (Table 6.13). The life is significantly 
reduced with high out of balances and thus will also be affected by the gyroscopic loading. 
However, the gyroscopic loads only occur when the car is turning and thus the loading is 
variable. 
6.8.1 Variable Loads 
If the load and speed change, then the equivalent load must be calculated for the load cycle. 
For each different loading the equivalent load must be calculated as for a constant load 
above. For each cycle the equivalent load P, the rotational speed n and the duration of the 
load q% must be found. The overall equivalent load is then found using Equation 6.14 
(14]. However, suitable turning information could not be found. 
P Pl I 
nm) \ 00/+P2 
(na) 
00 ý'... 
nm = nl(-! --) 
\+ 
n2( a)*- (6.14) 100\100 
6.9 Bearing Natural Frequencies 
In Chapter 3 it was shown that the rotor is not expected to have any natural frequency 
body modes in the operating range of the flywheel due to the high stiffness of the individual 
components. However, the rotor and shaft are mounted on the spindle bearings which are 
appreciably less stiff, and are commonly modelled as springs. Thus, it is important to 
examine the modes of the bearings with the rotor mass attached. 
The bearing system as a first approximation, ignoring rock modes, can be treated as 
a simple undamped mass on a spring (Figure 6.12), which will result in the undamped 
natural frequency (Equation 6.15 in Hz). 
1 
f 
21r m 
(6.15) 
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Figure 6.12: Undamped Spring and Mass Model 
The stiffness of the bearings is given as axial rigidity (R0). The axial rigidity is given 
as the force required to displace the bearing axially by one micron and is dependent on the 
size of the bearing, the geometry and preload. The rigidity also depends on the speed [14], 
with higher speeds reducing the rigidity. However, for a 15° angular contact ball bearing 
this is negligible. Approximate values of axial rigidity are given in the bearing catalogue 
for various preload levels which were used. The radial rigidity (R,. ) for a 15° angular 
contact ball bearing can be related to the axial rigidity by Equation 6.16 [36,98]. 
R, 6x Ra (6.16) 
Using the values of rigidity for light pre-loads (as specified by SNFA [98]) of back-to- 
back paired bearings the undamped natural frequencies for system were calculated, both 
axially and radially. The mass of the rotor was taken as 12Kg and the stiffness was taken 
as that of two springs in parallel, thus doubling the overall stiffness. This is a 2D analysis 
and does not account for complex 3D coupling of the modes. 
Table 6.18: Bearing Undamped Natural Frequencies 
Bore Pr 
N 
Ra 
Nµm-1 
R,. 
Nµm-1 
Ka 
Nm-1 
Kr 
Nm-1 
fa 
RPM 
fr 
RPM 
10 11 10 60 20x 106 120 x 10 12,330 30,200 
12 11 10 60 20x 106 120 x 106 12,330 30,200 
15 17 13 78 26x 106 156X 106 14,060 34,430 
17 18 14 84 28X 106 168 x 106 14,590 35,730 
20 26 17 102 34 x 106 204 x 106 16,070 39,370 
25 28 19 114 38x 106 228X 106 16,990 41,630 
Table 6.18 shows the preload (light) and the rigidity for various ISO 19 bearings [98]. 
The overall stiffness and the natural frequencies were thus calculated. 
The axial undamped natural frequencies (fa, ) calculated for the bearings are quite low, 
ranging from just over 12,000 rpm for a 10 mm bore bearings to just under 17,000 rpm 
for 25 mm bore bearings. These modes are below the operating range of the flywheel 
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(25,000-50,000 rpm), which will require the flywheel to pass through them on start-up 
and shut-down and operate above these modes. This, however, is unlikely to be a major 
problem as excitement of the axial mode will be small. This is because there will be little 
high speed axial movements acting on the flywheel. 
The radial undamped natural frequencies for all the bearings occur in the operating 
range of the flywheel. These modes are important as they will be excited by the rotor 
spinning directly. The predicted undamped mode of the 10 mm bearing is 30,200 rpm 
which is near the lower part of the flywheel operating range, while the undamped natural 
frequency of 41,630 rpm for a 25 mm bore bearing is very close to the mean usable energy 
storage speed of 43,300 rpm, which is especially critical as the flywheel will be operating 
within this speed vicinity most often. 
In fact the first ISO 19 bearing, that has a rigidity high enough that the undamped 
natural frequency under light preload is over the operating range of the flywheel, is a 40 mm 
bore bearing (whichcan not actually achieve the required speeds). The actual axial rigidity 
required is 27.5 Nµm-1. Thus, using undamped bearings will lead to bearing vibration 
(except with an ideal rotor). To allow use of bearings, the stiffness and damping must be 
modified so that their use is acceptable. One such method is to increase the preload of 
the bearings to increase the rigidity. 
Table 6.19: Medium Preload Rigidity and Obtainable Speeds [981 
Bore 
mm 
Pr 
N 
Ra 
N/ia 
Vha 
RPM 
Vga 
RPM 
10 32 15 100,000 65,000 
12 34 17 89,000 57,850 
15 51 20 74,400 48,360 
17 54 22 68,000 44,200 
20 79 28 55,900 36,335 
25 85 31 47,400 30,810 
ISO 19 ABEC 7 
Table 6.19 shows that only the 20 mm and 25 mm bore bearings have a sufficient 
rigidity to cause the undamped natural frequency to be above the operating range of the 
flywheel. However, the 20mm bore bearing is the only one capable of operating up to 
50,000 rpm with oil lubrication. (Although the case of ABEC 7 was examined instead of 
ABEC 9, the results are still acceptable due to the adverse vacuum conditions) For heavy 
preloads, the 15 mm bore bearing has sufficient rigidity, however it has a maximum back 
to back speed of 45,500 rpm with oil lubrication. However, using grease packed bearings, 
which will be required for the flywheel due to the evacuated environment, means that none 
of the bearings will have sufficient rigidity and maximum speed together no matter the 
preload. 
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Increasing the stiffness of the system so that the flywheel operates sub-critically of 
natural frequencies is not possible with the bearings, thus changing the system stiffness 
so that the flywheel operates above the natural frequencies was investigated. 
6.9.1 Damping 
The undamped natural frequency of the system is the frequency at which the system has 
a theoretical infinite response. 
tK 
M 
MONN 
C 
Figure 6.13: Damper, Spring and Mass Model 
All systems have damping and the natural frequency depends on the mass, stiffness 
and damping (Figure 6.13). This can be described qualitatively by Equation 6.17 
(Where F is the restraining/forcing force). 
Mx + Cx + Kx = F(t) (6.17) 
Due to the phase shifting (Equation 6.17), without damping an infinite response can 
occur, when the mass and stiffness terms are equal in magnitude. 
The damped natural frequency is given by Equation 6.18 for underdamped systems, 
where ( is the damping ratio which is given by Equation 6.19. 
.fd=. 
fn 1- S2 (6.18) 
2 KM 
(6.19) 
When C<1, the system is underdamped and will oscillate if set into motion, when 
=1 the system is critically damped. For a sinusoidal driving force, the ratio of the 
response to the exciting force is given by the transmissibility (Equation 6.20). 
1+4 
fl 2C2 
C. fd / 7' =f222 (6.20) 
1-'Jd) +4(f 
fd) 
(2 
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From Equations 6.18-6.20, it can be seen that increasing the damping has two effects, 
it will lower the frequency (for under damped systems) where resonance will occur and it 
will reduce the response, which is shown in Figure 6.14. 
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Figure 6.14: Transmissibility With ll, aiupiiig; 
As the frequency increases the transmissibility increases fromm 1 to its maximum at t he 
damped natural frequency, before returning to 1 at f fr . 
At higher frequencies isolation 
occurs with transmissibility less than 1. A higher damping ratio although having a reduced 
transmissibility peak will have reduced isolation. 
Unfortunately, unlike the stiffness and the mass it is hard to ascertain the damping 
coefficient analytically, due to the dependence of many variables and the simple muodelling 
as a viscous damper dependent only on speed. Damping is also caused by other factors 
such as hysteresis, friction and radiation damping. Thus, the damping coefficient is chosen 
around the range of operation for a `best fit', and is why the damping coefficient should 
normally only be measured experimentally. 
An initial estimate of the damping ratio of the bearings was taken to be 0.005, which is 
the typical damping ratio of a steel spring (Table 6.20). Using Equation 6.20, the peak 
transmissibility is 100, which results in a force acting on the bearings which is 101) ticueti 
the exciting force. The damped natural frequencies calculated for the bearings under light 
preloads, show that the small amount of intrinsic damping has a negligable effect. 
The transmissibility peak of 100 with a( of 0.005, is equivalent to a hundred fold 
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increase in residual unbalance. If the rotor was balanced well to under 1 gmm, which is a 
balance quality of around G0.4 (Table 6.12), the effective out of balance would be close 
to 100 gmm at the damped natural frequency. 
The bearings are able to accommodate the forces which are less than C33 (Table 6.13 
and Table 6.2), however, the life of the bearings are going to be severely compromised 
running near this frequency (Table 6.14 and Table 6.15). 
To improve the life expectancy of the system, it is necessary to modify the stiffness and 
damping from that of hard mounted bearings. Any increase in damping will reduce the 
frequency at the resonance, whereas increasing the stiffness will increase the frequency. 
Damping can be directly changed by varying the oil flow into the oil lubricated bearings. 
However this cannot be achieved with grease for life bearings, which have a fixed amount 
of grease in them. With greased bearings, the damping will be increased from that of 
`dry' non-lubricated bearings, such that typical damping ratios with greased bearings are 
0.01-0.03. The damping is mainly dependent on cage drag, as the fluid film damping is 
insignificant [25]. Increasing oil flow into the bearings will also increase losses due to higher 
churning losses which may reduce the efficiency of the flywheel. Fortunately, this will not 
likely lead to increased temperatures within the bearing due to the higher cooling flow. 
From Table 6.19 it was shown that it is possible to increase the stiffness of the 20 mm 
bearing such that the natural frequency is above 50,000 rpm with a medium preload 
allowing the bearing to operate with oil lubrication. However, as the natural frequency 
is close to the flywheel operating range which means that the transmissibility will be 
over 1 near 50,000 rpm, and worse alteration in the loading/stiffness and the damping 
could potentially put the natural frequency in the operating range (Table 6.16). This is 
entirely possible as the stiffness of only the bearings was only taken account (with minimal 
damping) mounting onto an immovable/infinitely stiff base. This is not the case as the 
bearings will be mounted in a bearing housing that has a finite mass and finite stiffness. 
Table 6.20: Typical Damping Ratio Of Some Materials [71] 
Material Damping Ratio 
Steel spring 0.005 
Natural rubber 0.05 
Neoprene 0.05 
Elastomers 0.12-0.15 
Glass fibre pad 0.1-0.2 
Composite pad 0.3 
Thus, operating the flywheel supercritically above the natural frequency, preferably 
in the isolation region to reduce vibration to the vehicle is investigated by incorporating 
damping materials into the structure. Table 6.20 shows some typical materials that are 
used for damping and it also shows damping ratios that can be achieved under typical use 
when acting as an isolation materials. 
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6.9.2 Multi-DOF system 
The effects of multiple degrees of freedom (Figure 6.15) can be taken into account using 
Equation 6.21. 
tK, KK 
-AAr M3 I: 
1M1: 2M21 
Figure 6.15: Multiple DOF Damper, Spring and Mass Model 
ýM] [i] + [C] [x] + [K] [x] = F(t) (6.21) 
If there is no mass coupling, [M] is a simple array of the masses, [K] is a band matrix 
along the diagonal. [C] in general is not a diagonal matrix, but if it is assumed that [C] 
is a linear sum of [K] and [M] then it will be diagonal[40], hence a decoupled system. [C] 
cannot normally be found analytically, but will normally have to be measured. 
IM] = 
ml 0 [C] = 
C1 -Cl [K] = 
Kl -K1 
0 ml -Cl Cl + C2 -K1 Kl + K2 
The bearing supports are. not necessarily directly coupled together (Figure 6.6) and 
the supports can be isolated from each other using rubber, which has a relatively high 
damping coefficient (Table 6.20), which allows freedom of movement. 
Incorporation of a cooling passage around the bearings required a split bearing housing 
(Figure 6.16). To stop leakage of the cooling fluid o-rings are required, which can act 
as dampers and low stiffness springs. This will allow alteration of the system natural 
frequencies. The design of the bearing housing, including the cooling passage, is discussed 
further in Chapter 8. 
If only the housings are considered, acting together, neglecting mounting to the rest 
of the system, the system can be modelled as a2 DOF spring damper system. M2 is 
the rotor mass, C2 and K2 the damping and stiffness of the bearings respectively. Ml is 
the mass of the inner bearing housings, Cl and Kl are the damping and stiffness of the 
o-rings. 
Now if MI « M2, as a first approximation, the system can be reduced to a1 DOF 
problem, where the effective stiffness is given by Equation 6.22. 
1_11 
Kef f K1 
+ KZ 
(6.22) 
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Shaft 
Figure 6.16: Schematic Of Two Part Bearing Housing 
The effective damping coefficient is more complex as it is dependent on the "velOcity" 
of the two springs, hence, it is also dependent on the spring stiffmwsses. A larger dýýllvet. iou 
will result in a higher maximum speed, for a given frequency, which will result in a higher 
force for a given damping coefficient. 
The stiffness of the O-rings will depend on the material it is made from, the size of 
the o-rings and the number of o-rings used. Table 6.21 shows common values of Youngs 
Modulus for natural rubber. The stiffness varies with the hardness, allowing flexibility in 
the choice of the material, as long as it will not be detrimental to the sealing. Normally 
o-rings have a Shore hardness of around 50 [801 and may be trade from Neoprene (due to 
the better vacuum performance). 
Table 6.21: Youngs Modulus Of Natural Rubbers [66] 
Hardness 
Shore Type A 
Youngs iiioduliis 
(P(l x 106) 
30 0.92 
35 1.18 
40 1.50 
45 1.80 
50 2.20 
55 3.25 
60 4.45 
65 5.85 
70 7.35 
75 9.40 
n_D; - 
The stiffness of rubber and similar materials actually varies from the static value as 
hysteresis occurs. This will normally increase the effective stiffness by 20%-30% under 
cyclic loading [66]. 
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Figure 6.17: O-Ring Stiffness Perameters 
To estimate the stiffness of the o-ring, it can be assumed that the force acting on the 
o-ring at any one given instance affects a certain proportion of the o-ring. To represent 
this a usage factor is required as a factor of the amount of the o-ring effectively used. The 
geometry of the o-ring is shown in Figure 6.17. 
The O-ring under operation will actually be deformed from the circular cross section, 
creating 'flats' through which the force will act. Assuming that the flat width is w, the us- 
age factor is y and that D«R, the effective area of the o-ring is given by Equation 6.23 
A= 2ry7rRw (6.23) 
Due to the squeeze on the o-ring this will result in an effective depth d, using this and 
the effective area (Equation 6.23), the stiffness of the o-ring can be estimated. 
EA K= d 
2EryirRw 
d d 
(6.24) 
However d and w will be related and affected by the shape of the o-ring recess in the 
bearing housing, this means that the maximum stiffness would occur if the o-ring com- 
pletely filled the o-ring groove (ignoring the effects of the groove wall and the clearances). 
Using an overall diameter (R) for the o-ring of 60 mm, and a cross-sectional diameter 
(D) of 2.2 mm for a o-ring groove designed for 30% squeeze (see Chapter 4), w is 2.2 mm 
and d is roughly 1.6 mm. Using a hysteresis stiffening factor of 30% with the values in 
Table 6.21 for various values of usage factor, Table 6.22 was obtained. 
Comparing the stiffness of a single o-ring to that of four bearings (Table 6.18), it 
is clear that the 0-ring is far less stiff. For example, using the highest stiffness from 
Table 6.22 and using 8 o-rings (see Appendix G ), the total stiffness is 15.2 x 106 N/m 
which is only 12.7% the stiffness of the pair of 10mm bearings. 
From Equation 6.22 if KI « K2 then Ke ff -- K1. Because the stiffness of the 
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Table 6.22: Stiffnesses of a 2.2min x 60min Diameter O-Ring 
Base E K with varying ry 
x106 0.1 0.2 0.3 0.4 0.5 0.6 
0.92 104 6.20710 9.30x10` 1.24x10 1.55x10' 1.86x105 
1.18 3.98 x 101 7.95x 104 1.19>( 105 1.59 x 105 1.99 x 105 2.39 x 105 
1.5 5.05 x 10'} 1.01 x 105 1.52 x 105 2.02 x 105 2.53 x 105 3.03 x 105 
1.8 6.06x10' 1.21x105 1.82x105 2.43x105 3.03x105 3.64x105 
2.2 7.41x101 1.48x105 2.22x10'' 2.96x105 3.71x105 4.45x10'' 
3.25 1.10x105 2.19 x 105 3.29x105 -1.38x105 5.48 x 105 6.57 x 10' 
4.45 1.50 x 105 3.00 x 105 4.50 x 105 6.00 x 105 7.50 x 105 9.00 x 105 
5.85 1.97x105 3.94x105 5.91x10, ' 7.88x105 9.86x10' 1.18x10`' 
7.35 2.48x105 4.95x105 7.43x105 9.91x105 1.24x10' 1.49x10`' 
9.4 3.17x105 6.33x105 9.5x105 1.27x 106 1.58x106 1.90x10`' 
bearings is so much greater than that of the o-rings, deflection in the bearings will be 
negligible in comparison to the o-rings, thus the velocity will also be very low in comparison 
to the o-ring velocities. As it is already known that the damping in the bearings is quite 
low, this will mean that the overall contribution to damping in them will be negligible: 
Ce 
, ff 
Cl as a first approximation. 
RR 
bB Cos(0) 
8 
Figure 6.18: O-Ring Stiffness Usage Estimation (y) 
The usage factor (-y), which would be applicable is not really known and would need 
to be ascertained from testing. However, if it is assumed that the usage factor is depen- 
dant upon the amount o-ring compressed in the the normal plane to that of the force 
(Figure 6.18), a usage factor of 1/7r ^ 0.3 is obtained. From Table 6.20 natural rub- 
bers or neoprene have a damping ratio of about 0.05, which allows the damped natural 
frequencies to be calculated (Table 6.23). 
The natural frequencies predicted for the system with o-rings (Table 6.23) are signifi- 
cantly lower than that of the natural frequencies of the bearings on their own (Table 6.18), 
such that they do not occur anywhere near the operating range of the flywheel. This cou- 
pled with the relatively low transmissibility of 10.05 (Equation 6.20) will mean that as 
long as the flywheel can pass through these frequencies quick enough, it will be able to 
operate safely above them. 
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Table 6.23: Natural Frequencies with O-Rings (ry = 0.3, ( = 0.05) 
Base E 
X 106Pa 
Kef f 
N/m 
In 
RPM 
fd 
RPM 
T% 
@25,000 RPM 
0.92 7.44x10 2,605 2,601 1.52 
1.18 9.54x105 2,950 2,946 1.85 
1.5 1.21 x 106 3,326 3,322 2.25 
1.8 1.46x106 3,643 3,639 2.63 
2.2 1.78 x 106 4,028 4,023 3.13 
3.25 2.63 x 106 4,896 4,889 4.47 
4.45 3.60 x 106 5,728 5,721 6.03 
5.85 4.73x106 6,568 6,560 7.91 
7.35 5.94x106 7,362 7,353 10.00 
9.4 7.60 x 106 8,326 8,315 12.98 
Further to this, the operating range of the flywheel is over f fd for all the cases, 
which will mean that the forces transmitted to the casings will be lower then the exciting 
forces in the flywheel as transmissibility <1 (Equation 6.20). For example the predicted 
transmissibility using 75 Shore hardness o-rings at 25,000 RPM is 11.62% (Table 6.23), 
falling to less then 1.5% for 30 Shore hardness o-rings. The transmissibility will reduce as 
the speed increases, which will reduce the effect of the increasing out of balance forces on 
the flywheel housings. 
Although it may seem that the best way to reduce the vibrations to the rest of the 
system is to use the least stiff o-rings (or reduce the number of o-rings), the deflections 
which occur with softer o-rings increases. If the o-rings are too soft this could result 
in the o-ring gap disappearing, which would mean that the vibration forces can bypass 
the o-rings, resulting in a1 DOF system with the bearings as the springs and dampers 
resulting in the natural frequencies being in the range of the flywheel operating speeds 
(Table 6.18). Table 6.24 shows the deflections of the same o-rings under a static load 
of 120N. 
For a shore hardness of 30 in the proposed configuration a deflection of over 150 pm 
occurs just under static load, which means that the gap between the housing surfaces must 
be over this amount to avoid the coupling of the `inner' and `outer' housings (ignoring 
the additional effect of rotating forces). A shore hardness of 75 will give a deflection 
of under 16 µm. Using a stiffer o-ring will allow tighter tolerances without the risk of 
the housings coupling, but will reduce the isolation to the environment and increase the 
natural frequency. Although the natural frequency would be far below the operating range 
of the flywheel, as the natural frequency increases the time spent near it (when powering 
up or down) will increase due to the squared increase in energy (assuming constant power) 
and with the higher forces at higher speed, the excitation will be larger. 
Use of a standard medium stiffness rubber such as that of shore hardness 50 (which is 
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Table 6.24: Deflection of O-Rings under 120N Static Load(y = 0.3) 
Base E 
X 106Pa 
Deflection 120N 
/nn 
0.92 161.3 
1.18 125.76 
1.5 98.93 
1.8 82.44 
2.2 67.45 
3.25 45.66 
4.45 33.35 
5.85 25.37 
7.35 20.19 
9.4 15.79 
readily available), has a low transmissibility of less then 3%, a damped natural frequency 
of 3,821 rpin and a medium deflection of under 70 N, rn, with the flywheel static load of 
120 N. This is a good compromise on the design requirements of good tolerances and low 
body modes. 
6.9.3 Squeeze Film Damping With a Cooling Passage 
A film of liquid can be used as very good vibration damping device, where vibration 
causes the film to be squeezed through a narrow channel. This is the saute idea as a 
hydraulic damper and is the way viscous damping is normally modelled in mass, spring 
damper systems. The volume of liquid that must be displaced (as it flow rate) is the area 
multiplied by the squeeze velocity [91]. 
IýI 
Squeeze Velocity (V) 
Figure 6.19: Squeeze filin damper 
q5 = AV (6.25) 
The displaced liquid must pass through the channels, which will resist the flow of the 
liquid creating a back pressure, which will resist the movement. 
Using a cooling passage with the split housings (Figure 6.16) means that there is a 
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fluid source, which could be employed for a squeeze film damper. This would be an unusual 
squeeze film damper, in that the film would be acting on the inner bearing housing, rather 
than (conventionally) on the shaft. Since the bearing housings are not free to rotate 
relative to one another, the situation can be likened to a hydrostatic bearing system, 
where a fluid flow under pressure will support a shaft (and provide squeeze film damping), 
although the purpose of the flow in this case will not actually be to support the inner 
housing. 
The squeeze film will be acting in parallel to the o-ring spring dampers and thus must 
be correctly specified to complement damping and stiffness properties of the o-rings. For 
example, if a highly stiff squeeze film was the result, the o-rings would not be utilised 
significantly and if the squeeze film stiffness exceeded the bearing stiffness significantly, 
very little squeeze film damping would occur as the vibrations would result in movement 
in the bearings only and thus, the system would behave as if the bearings were rigidly 
mounted (Table 6.18). 
For conventional hydrostatic bearings it is possible to analytically obtain expressions 
for the stiffness and damping assuming that the bearing is in a concentric position [91]. 
For example, stiffness values for thin land recessed bearings can be found using: 
khs - 
P_LD 3n2 
ne n 
(1 - L)ß 
ho -Si ,, 
(/) 
Z -i-1 + 2y sin2 (7r/n) 
a (. L)2(1 a2 
khd =P 
LD 
12n2 sin2(7r/n)Sh Z+1+ 2y sin (ir/n) 
khd 
C84 
7rN 
Capillary or Slot 1-ß 
Z= Orifice 
2(1-, ß) 
0 Constant Flow 
However, the cooling passage's primary purpose is the cooling of the bearings and not 
to act as a support, as this is already provided by the rolling element bearings and the 
o-rings. Further, the design and implementation of full fledged hydrostatic bearings would 
add unnecessary complexity and support requirements (due to the high pressure liquid 
source that is required). 
The use of just the squeeze of fluid to act as a damper, without using a pressurised 
inlet has been investigated for a number of different applications. For example, Starr [99] 
analytically examines a squeeze film damper for solid state accelerometers, valid for small 
Reynolds numbers, small displacements, pressure changes and isothermal assumptions. 
Damping on isothermal squeeze films is demonstrated by Blech [11], including an 
analysis on annular rings. 
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6.10 Bearing Summary 
The support of the flywheel for a vehicular application was considered. High speed angular 
contact bearings were chosen, arranged in a back to back arrangement, with one pair of 
bearings on each end of the flywheel. One pair of bearings was fully clamped, with the 
other only clamped on the shaft to allow rotor growth. 
With ideal conditions and ABEC 9 tolerances, 25 mm bore bearings and under are 
capable of operating within the design speed limit of 50,000 rpm with oil lubrication. 
Using grease lubrication however reduced the bore size considered to 15 mm. 
Fluorinated synthetic oils were investigated, which have fluorine bonds instead of hy- 
drogen bonds, increasing the molecular weight of the oil while maintaining the chain 
length. Thus for a similar viscosity, the vapour pressure is much reduced. Grease was de- 
cided upon due to the difficulty in using oil in 16w pressure environment. Loss of lubricant 
due to the vacuum is a very realistic mode of failure, especially at elevated temperatures. 
Reducing bearing losses will reduce heating and increase efficiencies. 
The losses were calculated for various bearings and speeds for two different greases and 
the temperature rise of the outer race, above the housing temperature, was calculated at 
50,000 rpm - 7.6°C for a 10 mm bearing, 12.1°C for a 15 mm bearing with 240AZ grease. 
However the maximum temperature rise can be significantly higher internally. To reduce 
the chance of overheating, a cooling passage for the bearings was recommended. 
The life of the bearings (L10), assuming a perfectly balanced rotor with a weight of 
120 N, far exceeded the vehicle life, e. g. 65,000 hours at 50,000 rpm for a 10 mm bearing. 
However residual unbalance, even after balancing, will remain. BS 6861-1 requires a 
balance grade of G6.3 for flywheels, which equates to 14.4 gmm out of balance on a 12 kg 
rotor. The effect of out of balance on the bearing life was investigated at speeds of 30,000, 
40,000 and 50,000 rpm. Only 15 mm and larger bearings have a Llo life of over 1 year 
operating at 40,000 rpm with 10 gmm of imbalance (which is better balanced than the 
BS 6861-1 requirements). However, with 25 gmm of imbalance, which could occur with 
elastic deformation, the L10 life is reduced to slightly under half a year. 
A bounce mode was found to occur within the operating range of the flywheel for all 
considered bearings under light preload. For the mode to occur above the operating range 
of the flywheel, a bearing axial rigidity of above 27.5 Nµm-1 is required. It is not possible 
to achieve this with grease lubrication with any preload. 
Reducing the natural frequency below the operating range of the flywheel by incor- 
porating damping materials was investigated. Ideally the operating range would be over 
pfd, so that transmissibility will be less then unity. Using o-rings, the bearings only 
slightly affect the natural frequency, which is reduced significantly. Thus the flywheel 
can operate supercritically. 15 mm bore bearings were chosen. The bearings are greased 
packed, can run at over 50,000 rpm, have a sufficient life of over half a year and have 
acceptable losses. 
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Coupling and Coupling Sealing of 
Flywheel System 
7.1 Chapter Overview 
Connection of the flywheel to the drive train of the vehicle is a critical design consideration, 
due to the vacuum environment that the flywheel is housed in. 
This chapter describes coupling of the flywheel to the drive train of the vehicle. An in- 
vestigation into non-contact magnetic couplings was carried out, which allow drive through 
a physical diaphragm seal. The main emphasis was on eddy current couplings for reasons 
described later. 
Direct shaft coupling of the flywheel was investigated, which requires a seal that can 
operate at high speed and allow the flywheel vacuum to be maintained. Rotating fluid seals 
were examined, which are capable of sustaining significant pressures across themselves, 
when operating at high speed. However, when the flywheel stops operating the seal would 
fail, and the liquid would pool under gravity. Thus, magnetic fluids were researched and 
vacuum feedthroughs, using magnetic fluids, were found that would be able to operate 
with the conditions that the flywheel would experience, whilst maintaining the flywheel 
environment when the rotor is stopped. 
7.2 Magnetic Couplings 
The use of magnetic couplings for energy transmission to and from the flywheel was initially 
considered as at the time it was the only feasible solution thought available. The couplings 
would allow the flywheel to be fully enclosed from the environment, acting through the 
containment walls. 
Magnetic couplings can be divided into a few classes [13] [113]; Synchronous Couplings, 
Hysteresis and Eddy current. These can be further subdivided into two types (although 
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this is normally only catagorised for synchronous couplings) - face-type and co-axial. 
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Figure 7.1: Magnetic Coupling Types 
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Figure 7.2: Face Type Synchronous Characteristics 
The use of synchronous face-type couplings has been investigated in depth [13,113]. 
One potential pitfall of using synchronous couplings is that when the torque demands 
exceed the limits of the coupling, the coupling halves will `disengage' by slipping. The 
coupling normally will have to be stopped to reconnect them. However, it is possible to 
re-engage them by controlling the speed and torque of the working half such that the 
coupling halves are at the angular offset required to maintain the torque transfer, though 
this becomes progressively harder with higher speeds and will require a fast acting control 
system. While the coupling are slipping, substantial axial force oscillations will occur as 
poles pass one another, as well as substantial heating due to the fast moving fields on the 
metal spiders and keepers. Eddy current couplings do not disengage all of a sudden at a 
given torque, but the slip speeds between the coupling halves will increase. When torque 
demands are reduced the relative coupling slip speed will reduce. Eddy current couplings 
are used in many current applications and new designs, for example, in a combined friction 
eddy current drive by Renault based on a patent described by [81]. 
155 
Chapter 7- Coupling and Coupling Sealing of Flywheel S 
7.2.1 Eddy Current Coupling 
Figure 7.3 shows the layout of a typical eddy current coupling pair. Eddy current 
couplings work on the principle that the magnets create a field such that flux cuts through 
the eddy current plate. The movement of the magnets and hence the field causes eddy 
currents to be set up, which in-turn interact with the field causing a force in the eddy 
current plate. The keeper plates are employed in the coupling to cause the flux to eifiter 
deeper and more perpendicularly into the eddy current plate, hence, increasing the field 
strength and improving the performance of the coupling. The design characteristics of the 
coupling can be described by Equations 7.1-7.3. 
AG 
T 
Ke 
Eddy Cu 
ECPT 
NI 
MT 
Mý .4 
Plate 
PCR Pitch Circle Radius AG Air Gap 
MR Magnet Radius NOP Number Of Poles 
MT Magnet Thickness ECPT Eddy Current Plate Thickness 
Figure 7.3: Eddy Current Coupling Parameters (Opened For Clarity) 
DSA = 
NO 
- 2arcsin 
PCI ) 
(7.1) 
P ? 
27v - PCI? PPAL = (7.2) NOP 
'lIR"NOP 
FF = (7.3) 4PCR 
Equation 7.1 is the Dead Space angle, which is the sector angle between two 
neighbouring poles where there is no magnetic material. Equation 7.2 is the Pole to 
Pole arc length describing the length between the centres of two adjacent niaguets 
around the PCR. Equation 7.3 gives the Filling Factor for circular magnets which is 
the ratio of the actual magnetic area, to what the area would be if sector shaped magnets 
with the same inner and outer radii were used. 
For the eddy current plate the important factors are the material that the plate is 
made from, the way the plate is made and the thickness of the plate. Figure 7.4 shows 
the effect of material for an example coupling, used for a high speed dynamometer [102]. 
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Figure 7.4: Material and Speeds on an Example Eddy Current Coupling 
Design Constraints 
The use of the coupling in the flywheel has to be carefully considered. For a given configu- 
ration (ignoring temperature effects), torque transmitted across the coupling is a function 
of the gap size and relative slip speed. For smaller gaps or higher slip speeds torque 
transmitted increases. As the slip speed increases, a maximum torque will be reached 
(Figure 7.4) which is due to the skin depth - where the field entering the eddy plate 
material is more and more confined and at higher incident angles causing saturation. 
To increase torque achievable for given design on the magnet side, there are a number 
of options: 
1. Increasing the field strength which can be achieved by using higher grade magnets 
and/or using multiple magnets in tandem per pole which increases the NIT. 
2. Increasing the magnet PCR. 
3. Using a higher FF. 
4. Increasing the NOP. It is also important to alternate adjacent poles into a North- 
South-North arrangement which increases the rate of change of flux, hence perfor- 
mance. 
Although the relative speeds of the coupling halves should not, be very large, both 
halves are moving with considerable absolute speeds, which will limit the coupling size 
due to stress limits. The magnets are normally held in a aluminium spider and when 
rotating will act as a dead weight (providing little if any structural strength), which will 
have to be restrained by the magnetic coupling. All the options to increase torque outlined 
above will increase the stresses. By using carbon fibre around the coupling, higher loads 
can be achieved and this is utilised for high speed applications [102]. 
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A further problem for the design is keeping the coupling halves cool, because of this 
the magnetic half will have to be inside the containment, while the eddy current half will 
be outside, where cooling can occur. 
Due to the extremely high speeds that the flywheel is rotating, the torque required from 
the coupling is not very large for a given energy demand. For example to transfer 25 kW 
with the flywheel at the minimum operating speed (25,000 rpm), the torque required is 
9.6 Nm. 
Computational Simulation 
To analyse the performance of potential eddy current coupling designs, computational 
modelling was carried out in `Magnet' and ANSYS using 2D models (as only static analsis 
could be done in 3D). This resulted in 2D approximations having to be made. The main 
parameters are shown in Table 7.1. 
Table 7.1: 2D Eddy Current Model Parameters 
2D Parameter Value 
Gap This is identical to the AG 
Keeper Plate Thickness The thickness of the keeper plates 
Holder Thickness The thickness of the aluminium magnet holder 
Magnet Thickness MT 
Pole Distance This is taken as the PPAL 
Eddy Plate Material and Thickness 
Model Depth The 2D depth of the model 
Speed The relative surface speed of the magnets 
The resulting 2D model has only a simple extruded depth, giving cuboid shaped mag- 
nets the full depth of the model. The model depth is critical and is taken as the magnet 
diameter multiplied by the Filling Factor [102], while the surface speed of the model was 
calculated by using Equation 7.4. The boundary conditions for the model are periodic, 
for an continuous row of magnets. Figure 7.5 shows an example view of the 2D model 
showing the flux lines. 
S=w"PCR (7.4) 
The model solution yields forces per magnet acting in the drag direction (X) and the 
vertical direction (Y). These can be directly translated to the equivalent forces - Torque 
and axial. 
FT = FF"NOP"PCR 
FA = F1 " NOP 
(7.5) 
(7.6) 
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Figure 7.5: Eddy Current Coupling 2D model Flux 
Model Validation 
To validate the computer models, an experimental test bed for eddy current couplings was 
fabricated, modifying a previous test rig for synchronous face type couplings [113], [13]. 
The modified rig is outlined in Figure 7.6. 
Eddy Current Plate 
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Figure 7.6: Eddy Current Coupling Rig Schematic 
The rig contained 2 whetstone bridges for measuring the axial force and torque to 
which a linear potentiometer was added to measure the air gap and a tachometer for 
measuring the slip speed. The temperature of the backing plate was also recorded, with 
water cooling introduced to limit the heat build up. 
Axial loads, however, could not be measured as the whetstone bridge was not temper- 
ature compensated correctly (due to the differing positions of the strain gauges in relation 
to the backing plate). 
Figure 7.7 shows the performance of a simple coupling with 8 poles (15 mm magnets) 
at 100 mm PCD, for various air gaps (10 mm - 1.5 mm) on a steel eddy plate, without 
keepers. The torque demonstrated for this design is very limited, even at a 1.5 mm air 
gap and 4000 rpm slip speed it is about 0.6 Nm. 
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Figure 7.7: Eddy Current Coupling Torque - Steel Plate 8 Pole 15mm 
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Figure 7.8: Eddy Current Coupling Torque - Copper Plate 12 Pole 22mm 
Figure 7.8 shows the performance of the final tested coupling with 12 poles (22 mm 
magnets) at 122 mm PCD, for various air gaps (5.1 mm - 1.1 mm) on a copper eddy plate, 
with keeper plates on both sides. The torque achieved using this coupling design is far 
higher and requires far less slip speeds. With a 1.1 mm air gap nearly 6 Nm was achieved 
with just under 900 rpm slip speed. 
The actual maximum torque at a given slip speed is likely to be higher as the eddy 
current plate heated up considerably during testing even with the use of cooling and it 
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was not possible to maintain a constant temperature such that eddy plate temperatures 
exceeding 100°C were recorded. As the temperature increases, the plate resistance also 
increases reducing the effectiveness. This will account for the erratic results shown in 
Figure 7.8. 
The experimental results did not compare well to the analytical models, with less 
torque produced. This can be attributed to the heating of the eddy current plate and 
misalignments in the positioning of the coupling halves. Additionally, the assumtions and 
2D only effects used for the simple 2D model neglect 3D effects. 
7.2.2 Drawbacks of Eddy Current Couplings 
For use in the flywheel, the eddy current coupling must operate through the containment 
wall, which will dictate the minimum gap size and will be determined by the buckling and 
deformation limits of the material. The containment wall must be magnetically transpar- 
ent, otherwise it will (partially) act as a eddy current plate, with a massive slip speed, 
this limits the materials for the wall to plastics which will have to be joined to the main 
structure. 
With a gap of 5 mm (which is likely to be the realistic minimum), the torque is 
significantly reduced for the same slip speed, when compared to that of 1 mm. For 
example, if the design in Figure 7.8 could operate at the high speeds required, the 
torque is roughly only 10% of that required. Although designs such as using slots in the 
eddy current plate increase the performance, the effect is limited. 
Coupled to this is the problem that the flywheel is operating at high speed and at 
these speeds the magnetic coupling would fail due to its large size. Unfortunately, using 
a smaller coupling will decrease the torque capability further. 
By using very high slip speeds, with a suitable design so that the system is not satu- 
rated, the required torque may be achievable (for example with steel which does not have a 
maximum torque Figure 7.4). However, to transfer energy to and from the flywheel, the 
magnetic coupling half would have to operate at such a different speed to accommodate 
the slip speed, which would introduce significant lag into the system and require that the 
magnet drive can operate at these higher speeds. 
The greatest disadvantage of the eddy current couplings is the large loss that will 
occur during their operation, which will be a product of the torque and the slip speed. 
For example, a coupling requiring 2000 rpm slip speed to provide 10 Nm of torque will have 
a loss of 2.1 kW. With higher slip speeds the loss is higher. With the large loss, significant 
heating occurs and thus cooling will be necessary. This is because the torque a given 
eddy current plate can sustain will depend on its temperature with higher temperatures 
increasing the resistance and hence reducing the torque. The magnets will also have to be 
kept cool to avoid damaging them. 
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7.3 Direct Shaft Connection 
Due to the difficulties of having a magnetic coupling, an investigation into directly connect- 
ing the shaft to the flywheel was carried out. A direct shaft connection requires dynamic 
sealing of the containment from the atmosphere around the driving shaft. This is not 
trivial due to the large pressure difference, and the high shaft speeds. Another problem 
with having a direct shaft connection is that the flywheel cannot be decoupled from the 
rest of the powertrain if needed (although this would not be trivial when using a magnetic 
coupling). 
The losses due to the magnetic coupling are replaced by sealing losses that should be 
significantly less. Slipping of magnetic coupling halves is avoided for incorporation in the 
control system. Using a direct drive instead of a magnetic coupling allows the containment 
walls to be thick, as no magnetic flux needs do pass through them, which will improve the 
safety of the system. 
The shaft has to be able to transmit the power/torque required by drive train. From 
Equation 7.7 the maximum torque for a given solid shaft can be found. Using Equa- 
tion 7.8 the power that the coupling can transmit can also be calculated. 
T=T r= 
2-T (7.7) 
I 7rr3 
W= T"w (7.8) 
This results in Equation 7.9 which is the power carried across the shaft at 25,000 rpm 
(the minimum operating speed and hence the highest torque), for a given shaft and max- 
imum allowed shear. 
w= 
25000rmaxr3ir2 
(7.9) 
60 
Using a fatigue limit of 350 MPa, which is appropriate for high strength steels, the 
maximum design shear stress is 175 MPa (as the maximum shear stress is half the direct 
stress using Mohr's circle). For a6 mm diameter steel shaft, Equation 7.9 shows that a 
maximum power of 38.86 kW is possible at 25,000 rpm, before losses, for the vehicle (using 
two flywheels). This is ample for regenerative storage and power assist. The fatigue limit 
is conservative as very high loads will only be required for a fraction of the operation of 
the flywheel and as such Miner's rule will allow higher loads. 
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7.4 Rotating Fluid Seals 
ýGº ýGº 
Sealing of the shaft at the high speeds was considered too difficult to do with a solid 
contact seal (due to the large losses and the heating that would occur), so liquid based 
seals were investigated. 
A rotating fluid seal is composed of a rotating annulus of liquid which due to the 
circumferential force is held in place and is able to support a pressure difference across it 
(Figure 7.9). 
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Figure 7.9: Rotating Fluid Seal Schematic 
An analysis was carried out to assess the operating viability of the rotating fluid seals, 
using derived equations. 
The "pressure head" (hp) is the fluid level displacement occurring due to the pressure 
differential. Assuming that the liquid layer has a constant density (which is unchanged by 
the forces acting on it) and the bulk of the fluid is moving at a angular velocity of Lj. 
Initially a 2D analysis was performed using forces in the fluid (Equation 7.10). This 
was replaced by a more rigorous analysis in which the forces of the fluid layers were used 
and integrated at the limits to produce a solution Equation 7.11. 
hr, _ (ro - h0) - (r0 - )10)2 - 
2p', 
(7. IU) 
pW_ 
3p (ro - ho) hr - 
pWz - 
(ý'o - h0)3 + (r"o - h0) (7.11) 
The losses in the rotating fluid seal are nearly entirely due to the drag of the fluid 
on the stationary structure. The shear losses were derived assuming that the viscosity of 
the fluid remains constant, the drag losses occur only on the axial faces of the pressure 
separating wall, the gap (G) is constant on both sides and the fluid is sheared as a couet. te 
flow. The loss is given by Equation 7.12. 
ho 
p 
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E_ 7r2Gz [2r4 - (ro - ho)4 - (ro - ho - hp)4] (7.12) 
From Equation 7.12, minimising the losses can be achieved by reducing ho and ro. 
However, the seal must operate at varying speeds, so if the rotating fluid seal is designed 
to have a minimal (zero) ho at maximum speed, the seal will fail at lower speeds, as the 
circumferential forces will be insufficient to keep the seal intact. 
By using a constant volume expression for the amount of fluid in the seal Equa- 
tion 7.13, the fluid required to operate the seal from a minium to maximum speed was 
calculated, along with the shear loss. 
V= rG [2rö - (r(O) - ho)2 - (r0 - ho - hp)2] (7.13) 
The losses calculated for a rotating fluid seal operating at various speeds is shown in 
Figure 7.10, with a gap of 1mm and water as the fluid. Figure 7.10(b) shows the 
losses occurring for a rotating fluid seal that is designed to operate at a minimum speed 
of 10,000 RPM, while Figure 7.10(a) operates at a minimum speed of 20,000 RPM. At 
the minimum speed h0 is 0- the seal is just operating. 
Figure 7.10: Rotating Fluid Seal Losses at 50,000 rpm 
Comparing the two rotating fluid seals Figure 7.10, the rotating fluid seal designed 
to operate at lower speeds produces more losses, this is because a larger `head' of fluid is 
required to support the pressure with the lower circumferential forces at low speeds. As 
ro increases, the losses increase significantly, as the higher circumferential force produced 
is proportional to the square of the radius, while the shear drag is proportional to radius 
to the power of four. 
Due to the assumptions made for calculating the shear losses, the values were taken 
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as qualitative, however it is apparent that using a seal with a small ro is the only feasible 
option. To operate the weir seal at lower speeds, will also increase the losses that occur, 
as more fluid will be required. 
To achieve the smallest losses a very small volume of fluid is required, which will just 
allow the rotating fluid seal to operate at the minimum design speed. This would be hard 
to achieve as the small volume would evaporate quickly due to the relatively high windage 
losses compared to the fluid volume. This could be countered, by having a much larger 
rotating fluid reservoir connected to the weir seal and having a cooling mechanism. 
The analysis was carried out using a fluid with similar properties to water, however, 
this water will not be the ideal choice, as it will vaporise in the vacuum region at a too 
fast a rate to be suitable. Also other fluids may have more suitable properties, such as a 
higher density, lower viscosity and higher vapour pressure. 
A problem which still remains is that when the seal stops operating (at the minimum 
designed speed), air will enter the vacuum chamber. This means that the flywheel upon 
startup will need to be spun, until the rotating fluid seal starts operating. The chamber 
would then have to be evacuated, which would be unacceptable for a commercial vehicle, 
due to the time (for a small vacuum pump) or expense and space. The flywheel must also 
operate up to and possibly over this speed in standard atmosphere until it is evacuated, 
which will take time. This will produce unacceptable losses. 
Another problem is that when the flywheel is not operating, the seal fluid will pool 
under gravity at the bottom of the seal, which means that the reservoir space has to be 
large enough to cope with this. The slowing and starting of the flywheel will have to be 
carefully controlled to stop the fluid `spilling' from the seal into the flywheel containment. 
To keep this from happening when the flywheel stops, investigation into using a magnetic 
fluid was undertaken. 
7.4.1 Magnetic Fluids 
A magnetic fluid is a suspension of small magnetic particles in a liquid. The particles 
are very small - normally in the 10-100 nm range, and are coated with a surfactant to 
stabilise the suspension Figure 7.11. The surfactant is important as it stops the particles 
coalescing over time and with magnetic fields. 
Without a magnetic field, the suspension acts like a normal fluid, with the particles 
randomly distributed, but when a magnetic field is applied, the particles orient themselves 
with the field and are attracted. As the particles are ferromagnetic, if the magnetic field 
is removed the particles will quickly distribute themselves randomly again. 
The suspension acts as a homogeneous fluid, which means that if a magnetic field is 
applied, which attracts the particles in the fluid, the whole of the fluid will be attracted 
to the magnetic field. One supplier of magnetic fluids is Ferrotec [38]. 
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Surfactant Fluid 
magnetic i'ermeaoe i article 
Figure 7.11: Magnetic Fluid Structure 
7.5 Ferrotec Vacuum Feedthroughs 
Forrotec Ltd produce a range of vacuum feedthroughs using a magnetic fluid for the seals. 
These differ from rotating fluid seals in that the fluid is kept purely in place by a magnetic 
field, forming it liquid ring seal. A magnetic circuit is formed by the magnetic flux passing 
through one of the pole pieces and into the rotating shaft, where it returns through the 
other pole piece Figure 7.12. The high magnetic flux under the pole pieces attracts the 
magnetic fluid into it ring seal, which is held firmly such that it can sustain a pressure 
difference. 
High Magnetic Permetivity Shaft 
Figure 7.12: Fcrrotec Vacuum Fcedtlirougli 
The seals have been shown to operate up to 500,000 r7ni iii, ni (.: 26.18 in,. 5- 1) and caii 
also support high vacuums (10-9 Pa). These are the extreme ranges of current technology 
with the seals, and with higher speeds it is more difficult to sustain vacuum, due to the 
shearing losses in the fluid and the vapour pressure increase. 
A shaft of a nominal 6 mm diameter was chosen, which will allow the required power 
transfer, and will operate at a maximum of 300,000 RPM 7iant (15.71 nas-1) at 50,000 rpiu. 
166 
Magnetic Fluid 
Chapter 7- Coupling and Coupling Sealing of Flywheel System 
7.6 Coupling Summary 
Coupling of the flywheel to the drive line is complicated by the vacuum environment inside 
the flywheel. Investigation into magnetic couplings and specifically eddy current couplings 
was carried out with the fabrication of a test rig allowing testing of different gap sizes and 
speeds, as well as testing a number of magnetic configurations. However, eddy current 
couplings were found to be unsuitable due to the high speeds, limited torque available and 
losses occurred do to the slipping action of the coupling halves. 
Direct shaft drive connections were examined as a direct drive is capable to transferring 
a large amount of power for a small shaft size, due to the high speeds. The maximum 
torque a given shaft was able to achieve was calculated and a6 mm diameter shaft was 
found sufficient for the power requirements. Solid seals were not suitable due to the high 
frictional losses, thus liquid seals were investigated. 
Equations for the losses using rotating fluid seals were derived, assuming a minimum 
speed of flywheel operation to form a seal. It was found that to create a rotating fluid seal 
that formed a seal at low speeds would result in excessive losses at higher speeds, which 
would be in excess of the seals ability to transfer away. 
To maintain the seal when the flywheel is stopped or at low speeds, magnetic fluids 
were examined which would be held in place by permanent magnets. This led to the 
finding of a magnetic fluid ring seal which are ideal for the flywheel using direct drive. 
167 
Chapter 8 
Test Rig Design 
8.1 Chapter Overview 
This chapter describes the specific designs and issues in the construction of a flywheel 
demonstrator, built as a proof of concept and a test rig. The test rig was designed to verify 
the safe running, rotor dynamics and structural integrity of the flywheel, demonstrate the 
maintenance of the internal environment and assess the system losses. 
To assess the bearing and windage losses and ensure that the flywheel operates safely, 
run down testing was used. This required the use of a vacuum shaft feedthrough to 
maintain a vacuum. The flywheel was driven by a turbocharger, using a magnetic coupling. 
The rotor dynamics and body modes of the system can be assessed by performing 
hammer testing on the flywheel and using a FFT analyser and the "ADRE" rotor dynamics 
measurement system whilst running. 
The construction and balancing of the flywheel and the required components is dis- 
cussed, along with the instrumentation and equipment required. 
8.2 Flywheel Test Rig Setup 
8.2.1 Hammer Test 
Hammer testing was carried out to assess the vibration modes of the flywheel. The rotor 
was mounted in the bearing housings, but did not have the casing and the coupling drive 
attached. This was necessary as it is not possible to excite the rotor with the casing in 
place. However, as the casing was designed to be softly mounted and not a rigid structure, 
the lack of a case would not adversely affect the system stiffness, and hence the hammer 
test significantly. 
The flywheel was suspended by the bearing housings on low stiffness springs as shown 
in Figure 8.1. Hitting the rotor with a small `hammer' and recording the response with 
an accelerometer was carried out at various positions on the rotor. 
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Figure 8.1: Hammer Test Layout 
Although the flywheel operates at 50,000 rpm (833.3 Hz) and under, the testing ex- 
amined a much larger range of frequencies to assess safety margins. The actual wound 
carbon fibre rotor is slightly shorter than that analysed, which will increase the stiffness. 
However, the neck down region is less stiff as the structure is more slender (Figure 3.21). 
8.2.2 Run Down Test 
The test setup for the run down tests is shown in Figure 8.2. To drive the flywheel, a 
turbocharger was used, as the turbocharger is a small unit that can be operated remotely. 
requiring just an oil and air supply. The turbocharger was mounted on rails driven by 
a motor attached to a ball lead screw drive, which allowed engaging and disengaging 
remotely. The turbocharger was connected to the flywheel using a magnetic coupling. 
Temperatures were monitored for the flywheel bearings and the magnetic coupling, 
and the speed of the flywheel was measured using an optical through-gap sensor. 
8.3 Manufacture & Design Of Components 
8.3.1 Carbon Fibre Winding 
It is important that the hubs fit well into the carbon fibre and are aligned correctly. To 
ensure this the hubs are placed into mating `shoes', which are directly handed to the 
carbon fibre during winding. 
Figure 8.3 shows the assembled mandrel, with the shoes attached. To aid adhesion 
of the carbon fibre to the aluminium shoes, the surface was rough finished and a high 
strength metal plastic adhesive was used. The small gaps were filled with body filler resin 
and release agent (Frecote) applied. 
Figure 8.4(a) shows the carbon fibre first layer being woi1nd. PTFE was used to 
stop adhesion to external areas. The progressive angle change of the helical layer is 
demonstrated in Figure 8.4(b) which is the 11th winding layer. The final winding layer 
is shown in Figure 8.4(c), demonstrating the hoop winding area limit. 
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1 Decoupling Motor 2 Turbocharger 
3 Magnetic Coupling & Speed Sensor 4 Sefety Cage 
5 Flywheel 6 Sensor Box 
Figure 8.2: Run Down Rig Layout 
Figure 8.3: Assembled Mandrel 
The finished rotor was cured in a temperature controlled oven overnight with slow 
temperature ramping to avoid thermal stresses. The ends were cleaned and the final rotor 
dimensions are shown in Table 8.1. 
The rotor diameters are larger than predicted. The inner diameter is 1.5mm larger 
than the design diameter, which is due to assembly tolerances of the non-labeled mandrel 
sections and expansion during curing. The outer diameter is 7.5mm larger than the design 
diameter, which is due to altering wind angles of layers to avoid slipping of the carbon 
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(a) 
Figure 8.4: Carbon Fibre Winding 
Table 8.1: Wound Rotor Properties 
Property Value 
'Mass 9.34kg 
Length 361.6mm 
Outer Diameter 257.5inm 
Inner Diameter 201.5rnrn 
fibre and alerating of the final layers to amalgamate the previous layers. It was possible 
to reduce the outer diameter by grinding off the hoop layer, however this was not done as 
it would reduce the strength of the winding. 
8.3.2 Rotor Hub 
The smooth ideal hub design (Figure 3.18) was modified to facilitate in-house inaiiu- 
facture using straight instead of curved profiles. To ensure that these modified profiles 
are suitable, 2D axisymmetric models were analysed in ANSYS, using contact constrained 
and also unconstrained models (Figure 8.5) at 50,000 rpm. 
The maximum Von-I. Qises stress in the restrained model (Figure 8.5(e)) is linder 
80 AMPa, where the hub attaches to the flywheel, while in the unrestrained tnoii&l the 
Von-Mises stress (Figure 8.5(f)) is far higher at over 190 MPa, but the location of the 
maximum stress is in the main structure. 
With the carbon fibre rotor, the hubs are restrained significantly due to the rotor 
expansion (Figure 3.22), thus the stresses will tend to be closer to the restrained model. 
Without the restraining influence of the matched carbon fibre rotor, the overall stresses 
in the hubs are high, with the maximum stresses close to the yield stress of some high 
strength aluminium alloys. 
To fine balance the flywheel the hubs provide an ideal place for balance planes as 
they will be located at either end of the rotor. Using 3 min balance holes at a radius of 
50 mm with a spacing of 15° will provide sufficient correction to achieve the balance grade 
required for the flywheel (Table 6.12). A 3D model incorporating the balance holes was 
analysed using 45° pie sector (Figure 8.6), unrestrained where the carbon fibre would 
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Figure 8.5: 2D Modified Hub Model 
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attach, as this produces the highest stresses. 
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Figure 8.6: 3D Modified Hub Model With Balancing Holes (Unrestrained) 
Examining the Von-Mises stresses (Figure 8.6(d)), the stresses as expected are very 
high directly around the holes at up to 350 MPa, with remaining stresses similar to the 
2D axisymmetric analysis (Figure 8.5(f)). With restraint of the carbon fibre the stresses 
as a whole will be reduced, however there will still be large stress concentrations directly 
near the holes. Thus high strength aluminium was used for the manufacture of the hubs, 
nevertheless the stresses will exceed the yield stresses locally at 50,000 rpm, but this will 
not be a problem for the test rig which will be run at slower speeds. 
8.3.3 Bearing Housing 
In Chapter 6 support of flywheel using two pairs of back-to-back bearings, one pair fully 
clamped and one only clamped on the inner race (Figure 6.6) was discussed. 15 mm bore 
bearings were chosen, as they had sufficient life and could operate in the unfavourable 
vacuum conditions with grease lubrication. `Greased for life' bearings have the advantage 
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of, a simple design over oil lubricated bearings. The main drawbacks that using greased 
for life bearings is that the bearing size is limited, and cooling and damping with the oil 
is not possible. 
Cooling of bearings is not normally a significant issue as the bearings are rated to 
operate at the temperatures produced by the high speeds. However, the presence of a 
vacuum environment will mean that cooling via convection in air is not possible as a heat 
transfer method and lubricant droplets expelled from the bearing will not transfer any heat 
until they impact on to a surface. This may mean removal of the heat from the bearings 
might not be sufficient. Additionally, excessive temperatures could cause the rotor matrix 
material to soften and hence this heat should be removed. 
As heat transfer into the flywheel is not desirable, the flow of heat from the bearings 
to the bearing housings must be sufficient. The only direct contact point between the 
housings and the shaft are the bearings. To increase the heat transfer from the bearings 
out through the bearing housings and not into the rotor shaft, forced liquid cooling of 
the bearing housing was implemented. This will maintain the bearing housing at low 
temperatures, encouraging heat transfer away from the flywheel. 
n_pinnc 
Outer Housinc 
Inner Housing 
Shaft 
Cooling Passage 
Bearings 
Figure 8.7: Bearing Water Cooling Jacket 
To allow a liquid cooling passage, the bearing housing had to be constructed from 2 
parts, referred to as the inner and outer housings. A schematic of the layout is shown 
in Figure 8.7. The inner housing is machined such that the cooling passage is over the 
bearings, with a thin wall separating the bearings and liquid. The cooling passage is just 
a simple annulus around the housing. The inlets and outlets to this cooling passage are 
in the outer housing, with water entering from the bottom, circulating and leaving from 
the top. 0-rings are used to seal the cooling passage, which will additionally act as spring 
dampers in the system, helping with the rigid body modes (Chapter 6). 
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8.3.4 Containment 
Two different casings were used for the testing of the flywheel, the second one used after 
the failure of the first one (Figure 9.13(b)). Both were composed of three sections; two 
to accommodate the bearing housings and a central cylindrical shell. 
Initial 
The containment design composed of three steel parts; two end plates that attach to the 
housings and a cylindrical shell that connected the end plates. 
The larger than designed rotor (Table 8.1) did not allow sufficient clearance between 
the rotor and containment wall, especially when accounting for elastic growth when spin- 
ning, thus a new axial containment shell had to be fabricated allowing sufficient clearance. 
This was achieved by using the existing shell as a mandrel and winding carbon fibre 
around it, using carbon fibre matting and epoxy. The mandrel was removed and the ends 
re-utilised in the new containment shell, for seating onto the containment side pieces. 
Secondary 
A secondary steel casing was utilised (Figure 8.8), which was prirnarilly designed for 
investigation of heat transfer in the annular air gap in high speed motors / generators 
[108]. The casing was however also designed to allow further testing of the flywheel for 
run down tests. The annular air gap between the casing and rotor is significantly larger 
(nominally 50 nrm), and is not a constant due to experimental requirenietits. This was 
not a significant problem as the losses predicted by Beck's equation do not decrease very 
significantly at higher gaps. 
Figure 8.8: Second Steel Casing 
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8.3.5 Coupling Drive 
Using a magnetic ring seal limits the size of the shaft that can be used to transfer power to 
and from the flywheel. A nominal shaft size of 6mm was chosen, which allowed a 0.25 inch 
(6.25 mm) seal to be utilised. To use the flywheel, a drive system must be attached to 
this shaft, however, due to the limiting size of the shaft and the difficulty with aligning 
the connecting shafts, a generic hexagon drive was used. 
The hexagon drive was 5 min flat to flat, which fits in the 6 imn diameter profile, 
allowing the shaft to pass through the seal. The hex drive tolerates a small amount of 
misalignment between the drive and the flywheel, as excessive misalignment will bend the 
shaft and cause significant problems. 
For the testing of the flywheel it is necessary to be able to decouple the drive system 
from the flywheel for run down tests. The use of a synchronous face type magnetic coupling 
(Figure 7.1) is ideal for this, as the driving magnetic coupling half can be moved away 
from the driven half, when commencing the run down test. There will be no walls in the 
way of the magnetic couplings, which allows a small gap to be used and hence, a high 
torque can be achieved. Using a synchronous coupling instead of a eddy current coupling 
means that there are no eddy current losses and no need to cool the system. It is important 
that the system is not over-torqued as the coupling will disengage and the rig will have to 
be stopped before re-coupling. As the flywheel losses are found using the run down test, 
it does not matter if it takes a long time to speed the flywheel up, hence, a gradual speed 
increase can be used to ensure that decoupling does not occur. 
To utilise a coupling on the flywheel, it coupling housing, incorporating bearings to 
keep the magnetic couplings apart was made. Figure 8.9 shows a schematic of the 
coupling adapter design chosen. The bearings are fully clamped, to ensure that if a 
decoupling occurs the alternating forces will not be transferred through the shaft onto 
the flywheel. Ideally small bearings should be used to reduce the extra losses as pinch as 
possible. However, after calculating the potential forces through the system and the effect 
on hearing life, two 12mm angular contact bearings, back-to-back with spacers to increase 
the stiffness, were used. 
Hex 
Recess 
Magnetic 
Coupling 
Bearings 
Figure 8.9: Schematic of Magnetic Coupling Drive 
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The magnetic couplings used were 50 min in diameter, with six 12 mm button magnets 
in NS configuration on a PCD of 28 mm. These magnetic couplings were used in a high 
speed windage rig and have been used at up to 90,000 rpm. The couplings were driven 
using a turbocharger, which was re-utilised for the flywheel rig. 
8.4 Instrumentation & Equipment 
8.4.1 Speed Pickup 
Due to the design of the flywheel, measuring the speed of the flywheel in the main coit- 
tainment is not simple. Measurement could be carried out using the balance holes in the 
hubs with a magnetic pickup. However, as some of the balance holes will be filled and due 
to the limited space for mounting, this was not really feasible. A reflective optical pickup 
with an in-built source is an option, however, due to the expense and the limited space, 
it is not preferable. 
As the rig requires a coupling attachment to drive the flywheel, this is an ideal place 
to place a speed pickup. However, with the magnetic coupling, a conventional magnetic 
pickup cannot be utilised to send TTL (transistor-transistor-logi(! ). It was decided to use 
a through gap optical sensor to measure the speed. A speed pickup disk containing a 
notch, for it signal pulse each revolution, was manufactured. The overall layout is shown 
in Figure 8.10. 
Pickup Cutout 
Balance Hole 
Through Gap 
Optical Sensor 
Figure 8.10: Optical Speed Pickup 
The speed signal was fed into the `ADRE' system, which delivered a comparable TTL 
signal, which was fed to a counter in the data acquisition machine. 
8.4.2 Vacuum Pump 
Despite sealing of the containment rigorously, the vacuum pump obtained was unable to 
produce a vacuum of 10 Pa, instead only producing a vacuum of 2500 ± 100 Pa. The 
177 
Chapter 8- Test Rig Design 
pump is rated to higher vacuum, but could not produce it, even when connected to the 
gauge directly. The losses were subsequently higher, which limited the speeds that could 
be tested, as higher losses increase both the torque and the heating. 
8.4.3 Vibration Sensors 
Monitoring the vibration and rotor dynamics of the flywheel system is essential to en- 
sure that the behaviour is within acceptable bounds. To monitor the general vibration a 
velociineter was mounted externally on the casing and used to view the vibration levels 
using it FFT analyser. 
TTL RPM Computer, 
Adre Box 
Pulse Out 
_T_ rzs _rJ Adre Sensor 
Speed Pickup 
Figure 8.11: ADRE Shaft Measurement Arrangement 
To ascertain the behaviour of the rotor and shaft, the `"ADRE" system was used which 
utilised position sensors to monitor shaft deflections (Figure 8.11). Two pairs of sensors 
were accommodated, with a pair housed within each bearing housing. The sensors for each 
pair were mounted at right angles to allow polar monitoring of the shaft. Unfortunately 
it was found that only one of the sensors was working and in a serviceable condition, thus 
only shaft excursions could be measured. 
8.5 Run Down Testing Parameters & Additional Losses 
For performing run down tests on the flywheel, it is necessary to know the inertia to allow 
calculation of the actual losses frone the speeds during the test. It is also necessary to 
know the pressure achieved to be able to compare the theoretical losses due to windage 
against the actual losses. 
8.5.1 Flywheel Inertia 
Direct measurement of the flywheel inertia was not possible, as the flywheel with the 
shaft could not be safely placed on any available equipment, such as a pendulum rig, 
without introducing large errors due to the supports required. However, the mass of the 
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flywheel and shaft could be measured and compared to the 3D solid model and if the 
values are close the inertia could be inferred. The real rotor and shaft mass was measured 
at 11.94±0.01kg, with the solid model mass predicted at 11.62kg (Appendix H). 
The predicted mass of the flywheel is very similar to the actual mass (within 3%), 
and the extra mass can be attributed mainly to the balancing requirements of the shaft. 
This means that the predicted inertia of 0.117kgm2 (Appendix H) will be similar to the 
real inertia and as the energy storage is linearly related to the inertia within the accuracy 
required for calculation of the losses. 
8.5.2 Coupling Losses 
Using the attachment, as shown in Figure 8.9, will lead to additional losses due to the 
extra bearings and the windage on the coupling. 
The bearing losses can be calculated using Equation 6.1 and are shown for 12 mm 
bearing utilising two different viscosity greases in Table 6.7 and Table 6.8. For a given 
grease assuming similar temperatures and viscosity, the loss for a 12 mm bearing is about 
60% that of a 15 mm bearing. 
The aerodynamic windage due to the coupling will mostly be due to the actual coupling 
disk. For an unbounded disk, the losses can be calculated analytically [93]. 
For laminar flow the losses can be calculated using Equation 8.1 
cm _ 
3.87 
Red (8.1) 
For turbulent flow, where the Reynolds number is more than 3.1 x 105 [116], the fric- 
tional coefficient is given by Equation 8.2. 
Cm = 0.146Re95 0.2 (8.2) 
The losses for the disk windage on the coupling is shown in Table 8.2, for both regimes. 
However, the Reynolds number is below 3.1x105 for all the cases examined, indicating, 
especially at the lower speeds of under 30,000 rpm, that the laminar form can be used. 
In reality one of the faces of the coupling is next to the larger speed pickup disk, which 
is a few millimetres from the coupling bearing housing and thus is bounded. 
For a bounded disk the flow can be characterised by the Reynolds number and the gap 
to radius ratio, with the regimes shown in Figure 8.12. 
For the speed pickup disk, the radius is 35 mm and the gap is 3 mm, this means that 
for Reynolds numbers below 1.5 x 105, the regime is II (Equation 8.3) and above this the 
regime is IV (Equation 8.4). The equations only account for one side of the discs. 
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Table 8.2: Unbounded Disk Loss on the Coupling 
RPM 1? cß 
Regime Approximation Losses 
Laminar (W) Turbulent (W)- 
10000 3.47 x 10 0.12 0.11 
15000 5.21 x 104 0.34 0.33 
20000 6.95 x 10' 0.70 0.75 
25000 8.68 x 104 1.22 1.40 
30000 1.04x 105 1.92 2.32 
35000 1.22x 105 2.83 3.58 
40000 1.39x 105 3.95 5.20 
45000 1.56 x 105 5.30 7.23 
50000 1.74 x 10" 6.90 9.72 
0 
11x103 1x10° 1x10' 1x106 1x10' 
Re 
Figure 8.12: Bounded Disc Flow Regimes [1161 
Regime 11 Cm = 1.30Req 
1/2 (8.3) 
Regime IV C -i/5 
These equations will only give an indication of the windage as the speed pickup disk 
extends radially beyond the bearing housing and is thus only partially bounded and also 
the disk contains a cut-out for the optical pickup trigger. However using the equation: -; as 
a first approximation yields the values shown in Table 8.3. 
By approximating the total aerodynamic windage losses as the unbound windige of 
the coupling and one bound face of the speed pickup disk, the total losses at a given speed 
can be calculated. This is a sensible approximation as the additional windage between the 
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Table 8.3: Bounded Disk Windage For Speed Pickup 
RPM Red Regime Cl Windage (W) 
10000 6.81 x 10 II 4.98x 10- 0.16 
15000 1.02 x 105 II 4.07x 10-3 0.44 
20000 1.36x 105 II 3.52 x 10-3 0.90 
25000 1.70 x 105 IV 3.76 x 10-3 1.88 
30000 2.04x 105 IV 3.62 x 10-3 3.13 
35000 2.38 x 105 IV 3.51 x 10-3 4.82 
40000 2.72 x 105 IV 3.42 x 10-3 7.00 
45000 3.06 x 105 IV 3.34 x 10-3 9.74 
50000 3.40 x 105 IV 3.27x 10-3 13.08 
coupling and the speed pickup can be accounted for. The total calculated losses for the 
coupling with the bounded and unbounded disk as well as bearing losses, using a grease 
with similar viscosities to the main bearings is shown in Table 8.4. 
Table 8.4: Total Theoretical Coupling Loss 
RPM 
(X103) 
Bearing Loss 
(%) 
Total Loss 
(W) 
10 95.98 7.04 
15 93.67 12.31 
20 91.18 18.14 
25 87.41 24.61 
30 83.83 31.25 
35 79.89 38.02 
40 75.57 44.83 
45 70.84 51.57 
50 65.60 58.08 
8.5.3 Windage Losses 
At the limited pressures of 2500 ± 100 Pa that the vacuum pump could produce, the 
regime is continuum flow. However, the pressure is very low compared to atmospheric 
conditions, and published literature on drum losses at these pressures has not been found. 
Nevertheless it is still useful to perform run down tests at these pressures to compare the 
losses to the predicted losses from Beck's solution at higher pressures (Appendix D) 
and the losses predicted from continuum models (Equation 4.26 and Equation 4.28). 
Table 8.5 shows the predicted losses using the continuum models at 2500 Pa as well as 
the predicted windage of Beck's Solution with a 10 mm gap at 1000 Pa. 
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Table 8.5: Predicted Windage Losses at 2500Pa 
Outside Drum (W) Total V'Vindage(W ) (x1.6) 
Beck Bounded Unbounded Beck Bounded Unbounded 
RPM 1000P a 10111111 1000Pa 1ÜIIIn1 
5000 3.64 1.22 4.95 5.83 1.95 7.92 
10000 14.57 8.41 34.08 23.32 13.46 54.53 
15000 32.79 26.14 105.87 52.47 41.82 169.39 
20000 58.3 58.53 237.03 93.28 93.65 379.25 
25000 91.09 109.51 443.34 145.74 175.21 709.34 
8.6 Balancing 
The carbon fibre rotor was balanced on its own initially as it would be the most unbalanced 
component in the system. The balancing was carried out by placing the hubs inverted into 
the rotor and running them on the rollers of the balancing machine. By using `bluetak' to 
compensate for the out of balance, a rough static imbalance of 1.4 kg iri n was estimated. 
To balance the rotor just using the balance holes in the hubs, with a radius of 50 mnni, 
is clearly not feasible as this would require 14 g on each hub which is nearly 2 rnr of steel. 
If it was possible to add this mass to the hubs, although as a whole the flywheel would be 
balanced, the individual components would still be out of balance, which would lead to 
the equivalent of 3 point bending (Figure 8.13). As the speed is increased, the structure 
will deform, which is likely to make the structure go further out of balance. 
a 
Figure 8.13: Balance Correction Leading To 3 Point Bending 
Instead of adding material it is possible to remove material, however, this will severely 
compromise the integrity in the case of the carbon fibre as the windings will be cut or 
damaged in the region where material is removed from. Thus, adding material to the 
carbon fibre will rough balance the system, so that any remaining out of balance can be 
adjusted by the balance planes on the hubs. Adding material to the outside of the rotor 
was considered, but as the rotor is cured, adding epoxy would rely on a surface bond ati<1 
would not form a chemical bond to the existing matrix. Combined with the high stresses 
and strains, it would likely have led to de-lamination of the new layer, especially over 
repeated cycles. 
182 
Chapter 8- Test Rig Design 
Adding material to the inside of the rotor also is not simple, as in the manufacture, 
the mandrel was treated with a PTFE based release agent, which will partially remain 
on the carbon fibre, thus adhesion to the inner surface is not ideal. For the initial rough 
balance this can be easily removed by light abrasion on the inner surfaces to remove this 
layer, giving a nice keyed surface before applying the epoxy. 
As the balance improved, the system was mounted on the real shaft, with the hubs 
fixed in. The hubs were fixed, because a slight difference in the placement of the hubs will 
yield a change in the balance. For example 10 microns average difference frone the axis 
yields an out of balance of 100 gram on a 10 kg rotor. Additionally the hubs are fitted 
with a very light interference fit to ensure that they remain firmly connected to the shaft 
and thus removing them is not feasible. 
With the hubs fixed in position, access to the inside of the rotor is not possible except 
through the balance holes on the hubs. Epoxy can still be applied using a syringe to direct 
the material. However, as the surface can not be abraded, tests were carried out to see the 
adhesion on pieces of carbon fibre with the release compound. This included trying other 
materials such as silicone based adhesives. The adhesion to the surface was not as good as 
on a keyed surface, but the adhesion resisted casual peeling tests, though it was possible 
to remove it without damaging the carbon fibre. This is sufficient for the balancing of time 
test rig, as even if delamination did occur whilst spinning, the forces are sufficient to keep 
the adhesive in place until the flywheel is almost stopped, eg at a point 100 mm radially 
rotating at 100 rpm the acceleration is over 1 g. Further the force acting on the adhesive 
is likely to reinforce the bond rather then cause a delaniination. 
ý'ti 
(a) (b) 
Figure 8.14: Rotor Balancing (Initial Case) 
For the final balancing with the initial containment, the flywheel was fully assembled 
within the casing (Figure 8.14). This is due to the higher speeds that were required for 
testing and involved driving the flywheel using the magnetic coupling and turbocharger 
adding masses to the hub balance planes. Further details of the balancing methodology 
are described in Appendix A. 
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With the failure of the containment and the scuffing of the rotor (Figures 9.13-9.14), 
the flywheel required rebalancing. This was achieved by placing the flywheel in the bearing 
housings without the casing and driving the system with a belt drive on the shaft. This 
allowed higher speed balancing (up to 4500 rpm), which was deemed safe as the flywheel 
had been spun to much higher speeds. Due to the limited speeds for balancing a FFT 
analyser was used to ensure that the suggested balance corrections improved the balance 
of the flywheel. 
8.7 Test Rig Summary 
To demonstrate the feasibility of the flywheel a demonstrator was built for testing. Ham- 
mer testing was used to assess the body modes of the flywheel and the rotor dynamics were 
monitored using a FFT analyser and the "ADRE" rotor dynamics measurement system 
whilst running. 
Windage and bearing losses were assessed using run down testing, which also was used 
to ensure that the flywheel operated safely. The inertia of the flywheel was calculated 
from the CAD solid model as 0.117 kgm2. 
A vacuum pump and vacuum feedthrough was required to allow testing of the flywheel 
in a evacuated environment, however, only a limited vacuum could be achieved of 2500 ± 
100 Pa due to the vacuum pump. Losses at this pressure were calculated using 3 different 
methods: Beck's losses with a 10 mm gap at 1000 Pa, Bounded Continuum loss with a 
10 mm gap at 2500 Pa and unbounded at 2500 Pa. 
The flywheel was driven by a turbocharger, using a magnetic coupling. A speed pickup 
was attached to the coupling on the flywheel, using an optical sensor, giving a TTL pulse 
every revolution. The additional losses stemming from aerodynamic and bearing losses 
were calculated. 
The rotor hubs were modified incorporating balance holes to facilitate fine balancing. 
Local stresses around the balance holes at the design speed of 50,000 rpm are very high, 
however, as this is localised and the flywheel would be tested at limited speeds the stresses 
would not be significant. 
Winding of the carbon fibre produced a rotor that exceeded the designed dimensions, 
such that the casing was too small, thus an alternate casing composed of carbon fibre wind- 
ing was initally used, which was replaced by a steel casing. The flywheel was assembled 
and balanced exceeding the balance requirements of BS 6861-1. 
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Chapter 9 
Results 
9.1 Chapter Overview 
This chapter presents the results from testing of the flywheel; consisting of hammer testing 
and run down tests. 
Hammer testing of the flywheel, with the responses from hitting the rotor in the centre, 
on one edge and also horizontally near the hubs is presented. This allows excitement of 
most of the body modes, which can be measured. 
The results from the run down tests are presented. For each test the flywheel was 
accelerated to the desired speed, before the turbocharger was detached. The speed of the 
flywheel and the temperatures were recorded, and the the losses calculated. 
9.2 Hammer Testing 
Figure 9.1 shows the hammer test frequency response from an impact in the centre of the 
flywheel, with a range of 0-10 kHz response analysed for a broad overview of the modal 
behaviour. Figure 9.2 shows the hammer test frequency response up to 5 kHz for the 
centre, side and horizontal excitement. Figure 9.3 shows the hammer test frequency 
response with just an impact on the centre, with a range of 0-2000 Hz, for a higher 
resolution examination of the operating range of the flywheel. 
A summary of the main resonance peaks up to 7,000 Hz is shown in Table 9.1. The 
excitation methods producing the response peaks and the response figures that they can 
be seen in, is indicated. 
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Table 9.1: Extracted Resonance Peaks From Hammer Tests 
Excitation Peak 
+25 (liz) 
Figure Excitation Method 
Center llorisontal Side 
1000 9.2    
1875 9.1,9.2,9.3   
2050 9.2  
2900 9.2   
3200 9.2    
3850 9.1,9.2   
4050 9.2  
4600 9.2  
6300 9.1  
9.3 Run Down Tests 
The signal from the optical pickup (Figure 8.10) was used to calculate the speed of the 
flywheel, however, due to the counting of the signal, the resolution of the speed was in 
60 rpm increments, which led to the output speed oscillating due to rounding errors. 
At low speed, this is significant, for example a 10% error at 600 rpm. thus low speeds 
under 1000 rpm are not meaningful to use to calculate losses. A smooth curve was fitted 
to the speed data allowing the losses to be calculated. 
Extra notches in the speed pickup disc could not be added as the `AD1tE' system 
requires wie pulse per revolution. 
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9.3.1 Run Down at Atmospheric Pressure 
The run down testing of the flywheel in air with two tests is presented; run down from 
5,000 rpm and a run down frone 15,000 rpm due to the failure of the initial containment. 
Run Down From 5,000 rpm 
A run down test was done from 5,000 rpm without an evacuated environment - to iuake 
sure the system and data recording were working effectively. Additionally, the atmospheric 
air drum windage can be examined and compared to the predictions. 
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Figure 9.4: Run Down Tests - 5,000 rpin (Atmospheric Pressure) 
Run Down From 15,000 rpm 
A run down test was attempted with a starting speed of 15,000 spul. Due to the very 
high speeds and energy involved (> 140 kJ (Q 15,000 rpin) compared to previous tests, the 
rotor was slowly accelerated frone 10,000 rpni to 15,000 rpni, taking one hour. Ilowever, 
upon reaching 15,000 rpm, a sudden loss of speed occurred. Initially it was thought 
that the coupling may have decoupled, however, the loss of speed was very large - far 
larger than what would be expected and indeed, there was no accompanying sound of the 
turbocharger operating at very high speed. Observation of the system showed that the 
vacuum pump was operating at full capacity and the vacuum gauge was not reading. A 
loss of containment had occurred. The speed of the flywheel and the temperatures during 
the latter part of the testing are shown in Figure 9.5(a). 
During the acceleration of the flywheel, the main bearings maintained it similar teni- 
perature due to the cooling. The coupling temperature increased between 11,500 rpm and 
13,500 rpin, from 40°C to 50°C, which was accompanied by increased vibrations. The 
level of vibrations reduced at higher speeds, leading to reduced coupling tenipenatures. 
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Figure 9.5: Run Down Tests - 15,000 rpm (Atmospheric Pressure) 
lt is safe to assume that after the containment failed the containment rapidly filled 
up with air, which means that the losses in atmosphere can be calculated at high speeds 
Figure 9.5(b). 
9.3.2 Run Down in Vacuum 
The run down testing of the flywheel in a vacuum of 2500 Pa is presented. Run Down 
tests for 5,000 rpm and 10,000 rpm were performed with the initial casing. However, dui' 
to the failure of the containment, the tests at 15,000 rpm, 20,000 rpm and the attempted 
25,000 rpm test were performed using the secondary casing. 
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Figure 9.6: Run Down Tests - 5,000 rpm 
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Run Down From 10,000 rpm 
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Figure 9.7: Run Down Tests - 10,000 rpm 
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Figure 9.8: Run Down Tests - 15,000 rpiii 
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Figure 9.9: Run Down Tests - 20,0O0 rpm 
Attempted Run Down From 25,000 rpin 
Due to the high losses that were occurring with the spinning of the 11 wheel lilt l part ia11Y 
evacuated atmosphere, temperature measurements were made on the case using a' I, ýser 
temperature gauge during the 20,000 rpm run down test (after the flywheel had slowed to 
under 15,000 rpm) on the casing and on the completion of the test on the casing and rotor 
using an access point on the end. It was found that the casing was at 36°C during the 
test and this cooled down to only 34°C by the end of the test. The flywheel was 1uen. sured 
(at the end of the test) on the side to be 39°C. 
Direct monitoring of the rotor temperature during the test was not possible, which was 
of concern with the large heating that was occurring. However, as the case temperature 
can be measured directly, this could be used to ascertain the safe running criterion. The 
flywheel is likely to be hotter than the casing during testing, but the extent of this is not 
easily determinable, thus a temperature limit of 55°C for the casing was decided on, with 
the start of the run down above this temperature. 
The temperatures of the bearings, the coupling and case during the speed increase 
from 20,000 rpm and the subsequent run down are shown in Figure 9.10(a) 
A speed of 22,400 rpm was obtained, which is close to the limit of whit «<as au ilic%, iihlc 
using the turbocharger, because only a very small increase in airflow - which wws required 
due to the very slow and falling acceleration - caused decoupling to the flywheel. The casing 
temperature was increasing rapidly (at around 5°C per 10 ininuites) and had rem-lied X15°(' 
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Figure 9.10: Attempted Run Down Test - 25,000 rpm 
9.3.3 Summary Of Losses 
Losses in air are shown in Table 9.2 for speeds of 5,000 rpm, 12,500 rpm and 15,000 rpm. 
The losses in vacuum are shown in Table 9.3 for the speeds of 5,000 rpm, 10,000 rpm, 
15,000 rpm, 20,000 rpm and 22,400 rpm. 
Table 9.2: Selected Losses In Air (Atmospheric Pressure) 
Loss (W) at Given Speed Test 
5,000 rpm 12,500 rpm 15,000 rpm 
5,000 rpm 104 -- 
15,000 rpm 97 1056 1472 
Table 9.3: Selected Losses In Vacuum (2500 Pa) 
Test 
5,000 rpm 
Loss (W) at Given Speed 
10,000 rpm 15,000 rpm 20,000 rpm 22,400 rpm 
5,000 rpm 34.8 - --- 
10,000 rpm 29.1 103.9 --- 
15,000 rpm 28.3 118.1 274.8 -- 
20,000 rpm 25.1 117.6 259.1 428.3 - 
22,400 rpm 26.1 111.7 254.4 454.8 560.7 
9.4 Containment Failure 
An attempt was made to perform a run down test from 15,000 rpm with the initial casing, 
however a loss of containment occoured. The containment failure occurred rapidly as 
shown in Figure 9.5(a) with a marked rise in the main bearing temperatures indicating 
higher losses. The coupling temperature did not increase, as the cooling limited heat 
transfer past the main bearing housings. 
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With the failure of the containment, the level of vibration of the system increased 
significantly, which indicated an increase in imbalance or a bearing failure. A burnt plastic 
smell was noticed, which indicated that the carbon fibre rotor could be damaged. The 
test rig was disassembled and examined. 
Figure 9.11: Containment Failure - Main Structure. 
Figure 9.11(a) shows the test rig in the cage. There was no external sign of any 
damage to the flywheel. The flywheel could be turned manually with as much eise as 
before testing commenced. Taking the rig out of the cage (Figure 9.11(b)) did not, 
reveal any damage, which seemed to indicate that one of the seals failed. 
}L 
rt 
Figure 9.12: Containment Failure - Magnetic Seal 
The magnetic ring seal was examined, after removing the coupling attachment. Fig- 
ure 9.12 shows that the fluid ring was intact around the seal. With a failure of the seal 
the fluid would have been blown in or evaporated, thus the seal had not been cunipro- 
mised. The only remaining seals were o-ring seals. The flywheel was further disassembled 
removing the end plates, revealing the carbon fibre rotor, which seemed tu be intact. 
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Figure 9.13: Containment Failure - Failure 
While removing the rotor from the main casing, it was noticed that there were dusty 
debris in the flywheel containment. After removing the flywheel the source of fliese debris 
became apparent. Figure 9.13 shows the debris in the contaiiiinelit. It is apparent that 
the containment wall failed as shown in Figure 9.13(b), this allowed air to seep cliii('kly 
into the system. Farther, the epoxy from the breakage zone inipm"ted oil the rotor and 
had been heavily oxidised (which accounts for the burning smell). This ()xidked material 
was spread around the inside of the containment as shown in Figure 9.13(a). 
Figure 9.14 shows the scuffing caused by the debris on the carbon fibre. The dehýris 
caused mostly superficial damage on the rotor. The scuffing and the rotating debris c"uiil(I 
have accounted for the increase in vibration while running down. 
Figure 9.14: Containment Failure - Sculling 
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Discussion of Results 
10.1 Hammer Test Of The Flywheel 
The resonance responses from hammer testing are shown in Figures 9.1-9.3. For the 
0-10 kHz response (Figure 9.1), a number of high frequency peaks, greater than 1800 Hz, 
are clearly indicated. A anti-resonance region occurs, after the first major peak, at roughly 
2400 Hz. The anti-resonance is also apparent in Figure 9.2 for the centre and side 
impacts, though for the side impact it is somewhat lower at 2,100 Hz. The horizontal 
impact response follows the general trends of the centre impact response, with the peaks 
occurring at slightly higher frequencies. The side impact response has some additional 
resonance peaks. 
Figure 9.3 shows that as the frequency increases from rest, the general response 
reduces, until around 1200 Hz where it starts increasing again. At low frequencies the 
data is scattered and, although partially due to low body frequencies, it is also due to 
limiting factors on the instrumentation. There are a few sharp spikes at 100 Hz of less, 
but these are of little significance (if not noise), for example, the spike around 50 Hz has 
negligible energy at these speeds. 
Table 9.1 shows the summary of the main resonance peaks for the hammer testing 
and a summary of the predicted body modes (Figure 3.19) is shown in Table 10.1. 
Table 10.1: Summary of Predicted Body Modes 
Frequency Description 
1411 Shaft and hub axial deflection 
1840 Twisting of Rotor Around z Axis 
3526 xy Mirrored Twisting of Rotor and Shaft out of Phase 
3702 xy Mirrored Twisting of Rotor and Shaft in Phase 
3990 xy Mirrored Rotor and Shaft Axial Deflection in Phase 
4759 xy Mirrored Rotor and Shaft Axial Deflection Out of Phase 
195 
Chapter 10 - Discussion of Results 
The predicted mode at 1411 Hz is not apparent on any of the traces, but this is likely 
due to the `hammer' not exciting this mode. 
The predicted mode of 1840 Hz coincides with a resonance peak of around 1875 Hz, 
which occurs with the side and centre impacts and is a relatively sharp peak indicating 
that it is not damped significantly. A resonance peak at at 2050 Hz for the horizontal 
impact occurs and is reasonably damped, which would mean that the undamped natural 
frequency occurs higher, and was not predicted. 
The resonance peak at 3200 Hz is most sharply shown with the side impact. It is 
possible that this peak is the damped frequency of the predicted 3526 Hz, requiring a 
damping ratio (C) of around 0.4. However as the previous mode has a natural frequency 
that is very close to a predicted mode for both the side and centre excitation, it would 
indicate that the damping is not so high, which would mean that this is an additional 
mode. 
The next peak occurs around 3850 Hz for both the centre and side excitation. Modal 
analysis predicted a mode at 3700 Hz and a mode at 3990 Hz. However, the stiffness of 
the actual shaft was higher than that of the model, as it has a much greater diameter and 
is also partially hollow. This would mean that the modes with the shaft moving would 
occur at higher frequencies than that predicted. The next excitation peak is near 4050 Iiz 
for the horizontal impact, which would correspond well to the predicted mode. 
A response peak at around 4600 Hz for the side impact is observed. However, it is 
unlikely to be related to the predicted mode at 4760 Hz as the actual shaft is stiffer and 
would increase the natural frequency. There is indication of a response peak occurring for 
the horizontal impact above 5000 Hz, which would agree well with the predicted mode 
at 4759 Hz, considering the stiffer shaft, however, this is beyond the frequency range 
examined. 
A low resonance peak is observed at around 1000 Hz, however it is hard to see and 
partially blends into the noisy traces, though less so for a horizontal impact. 
10.2 Run Down Tests 
10.2.1 Run Down at Atmospheric Pressure 
A summary of the losses in air at a selection of speeds is shown in Table 9.2. The loss pre- 
dicted for the selected speeds are shown in Table 10.2, for unbounded (Equation 4.26) 
and bounded with a 10 mm gap (Equation 4.28) models. The main bearing losses 
(Table 6.7) and the magnetic coupling losses (Table 8.4) are also shown. 
The losses at 5,000 rpm were 104 W and 97 W for the 5,000 rpm and 15,00 rpm tests 
respectively. The loss with the 5,000 rpm test is 5% higher than the bounded model and 
4% lower than the unbounded model, whereas the loss with the 15,000 rpm test is 2% 
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Table 10.2: Predicted Losses With Run Down in Air 
Losses (W) 
5,000 rpm 12,500 rpm 15,000 rpm 
Bearings 7.3 30.8 39.2 System 
Coupling 2.5 9.8 12.3 
Unbounded 98.3 1330 2235 Model Bounded (10 mm) 89.0 1060 1760 
Unbounded 108.1 1371 2287 Total Bounded (10 mm) 98.8 1101 1812 
lower than the bounded model and 10% lower than the unbounded model. 
For higher speeds, the loss is mostly from rotor windage. The 15,000 rpm run down 
test gives a loss of about 1472 W at 15,000 rpm and 1056 W at 12,500 rpm. The loss 
at 12,500 rpm is 4% lower than the bounded model prediction but 23% lower than the 
unbounded model. However, the predicted bounded loss at 15,000 rpm is significantly 
larger than that of the run down test by almost 20%. This is most likely due to the finite 
time taken for the pressure to rise due to the air entering the system, thus the first few 
seconds were at significantly lower pressure than atmosphere. 
The losses predicted by the bounded model are very similar to the losses observed 
from the run down tests and thus are likely to be accurate for estimating the losses with 
a containment failure. 
10.2.2 Run Down In Vacuum 
A summary of the losses for the run down tests in vacuum is shown in Table 9.3. With 
an evacuated environment the drum windage will be much smaller than in air. The run 
down tests at 5000 rpm and 10,000 rpm were carried out using the initial casing, whilst the 
15,000 rpm and higher tests were carried out with the secondary casing, after the failure 
of the initial casing. 
The predicted losss are shown in Table 10.3, for the models shown in Table 8.5. 
The rarefied losses that are predicted with a pressure of 10 Pa using Beck's solution 
(Equation 4.4) are shown for comparison. The main bearing losses (Table 6.7) and the 
magnetic coupling losses (Table 8.4) are also shown. 
Losses at 5,000 rpm were calculated for all the run down tests in vacuum. The losses 
ranged from 34.8 W to 26.1 W, with the losses generally decreasing as the maximum 
speed of the test increased. The losses are considerably greater than any of the model 
predictions, however, the closest model is the unbounded model, which ranges from 51- 
68% of the actual losses. 
The losses at 10,000 rpm ranged from 118.1 W to 103.9 W, again with the losses 
decreasing as the maximum speed of the test increased, except in the case of the 10,000 rpm 
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Table 10.3: Predicted Losses With Run Down in Vacuum 
Losses (W) at a given RPM 
5,000 10,000 15,000 20,000 22,400 
Bearings 7.3 22.6 39.2 56.7 61.7 System 
Coupling 2.5 7.0 12.3 18.1 21.0 
Beck's (10 Pa 10 mm) 2.6 10.3 23.2 41.2 52.2 
Beck's (1000 Pa 10 mm) 5.83 23.32 52.47 93.28 116.96 Model Bounded (2500 Pa 10 mm) 1.95 13.46 41.82 93.65 128.72 
Unbounded (2500 Pa) 7.92 54.53 169.39 379.25 521.17 
Beck's (10 Pa 10 mm) 12.4 39.9 74.8 116.1 134.9 
Beck's (1000 Pa 10 mm) 15.6 52.9 104.0 168.1 199.7 Total Bounded (2500 Pa 10 mm) 11.8 43.1 93.4 168.5 211.4 
Unbounded (2500 Pa) 17.7 84.1 220.9 454.1 603.9 
run down test which has the lowest . loss. The losses are greater than any of the model 
predictions, however, again the closest model is the unbounded model, which ranges from 
71-81% of the actual losses. 
The losses at 15,000 rpm ranged from 274.8 W to 154.4 W, with the losses decreasing 
as the maximum speed of the test increased, The losses are greater than any of the model 
predictions and again the unbounded model is the closest, which ranges from 80-87% of 
the actual losses. 
The losses at 20,000 rpm were calculated with only the 20,000 rpm and the 22,400 rpm 
tests, which resulted in losses of 428.3 W and 454.8 W respectively. The losses are very 
similar to the unbounded model, with the losses predicted as 106% and 100% of the 
losses from the 20,000 rpm and 22,400 rpm tests respectively. The other models predict 
considerably lower losses. 
A maximum speed of 22,400 rpm was obtained with the attempted run down test at 
25,000 rpm. The loss calculated at this speed is 560.7 W and again the unbound model 
is the only model close to the actual loss. The model predicts a loss of 603.9 W which is 
108% of the actual loss. 
All the models apart from the unbounded model predict losses that are far below the 
actual losses and for example, the bounded loss model, the percentage error increases and 
decreases with speed; The model predicts losses of 41-48% of the actual losses at 5,000 rpm 
(except for the 5,000 rpm test) and a loss of 34-37% the actual losses at 15,000 rpm. At 
22,400 rpm the loss predicted is 38% of the actual losses. 
The unbounded loss model in all the test cases produced the closest losses to the 
experimental losses. Figure 10.1 shows the percentage ratio between the unbounded 
model losses and the actual losses for each of the low pressure run down tests at various 
speeds. It is clear that the predicted losses are increasing at a rate greater than the actual 
losses, which results in the losses at low speed underestimating the actual losses and at 
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Figure 10.1: Comparison of Unbounded Losses to Run Down Losses 
higher speeds, the predicted losses are greater than the actual losses. However, there seems 
to be a linear relation between the percentage error and the speed, and thus the predicted 
losses could be compensated for. 
10.3 Results Conclusion 
Testing of the flywheel was carried out to verify the safe running, rotor dynamics and 
structural integrity of the flywheel, and assess the system losses. 
Hammer testing confirmed that there were no body resonance modes occurring within 
the operating range of the flywheel, with the first natural frequency occurring at over twice 
the maximum operating speed of the flywheel. The hammer tests also illustrate that the 
analytical modal analysis of the rotor and shaft agrees reasonably well with the actual 
modes of the flywheel. 
Run down testing of the flywheel was used to assess the bearing and windage losses and 
ensure that the flywheel operated safely. Tests under atmospheric pressure, demonstrated 
that the losses agreed very well with the losses predicted by the bounded rotor model. 
Run down testing under vacuum, was limited by the vacuum pump to a pressure of 
2500 ± 100 Pa. This enabled a maximum run down test speed of 22,400 rpm before the 
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turbocharger detached. Run down tests at 5,000 rpm and 10,000 rpm were completed 
before a loss of containment, caused by a rupture in the containment, occurred during 
an attempted 15,000 rpm run down. Run down tests from 15,000 rpm, 20,000 rpm and 
22,400 rpm utilised a secondary metal casing. The losses calculated from the run down 
tests were predicted most accurately by the unbounded model, with the predicted losses at 
lower speed underestimating the actual losses and overestimating at speeds of 20,000 rpm 
and greater. The percentage ratio between the predicted losses and the actual losses and 
the speed of the flywheel, within the bounds of the speeds tested, can be approximated 
by a straight line and thus form a linear relation. 
The effect of the change in casing is not apparent. This may be because the original 
casing was used at lower speeds, where the effect of air gap is less pronounced. The secon- 
day casing was used at higher speeds and had a significantly greater radial gap. However, 
as the pressure is significantly lower than atmospheric pressure but still continuum flow, 
the behaviour is likely to be different. 
Running of the flywheel demonstrated that no significant vibrations (Appendix I) 
were present, using the external FFT analyser, with a maximum overall vibration of less 
than 2 mms-1. Vibration levels observed using the external FFT analyser, were highest at 
between 12,000 rpm and 14,000 rpm and at over 21,000 rpm. The `ADRE' system showed 
that shaft vibrations were highest at over 18,000 rpm. However the vibrations remained 
low throughout the testing of the flywheel. 
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Conclusion 
Thesis Summary 
This thesis described the design and construction of a high speed energy storage flywheel 
suitable for use in a vehicle. 
Utilising kinetic energy storage has many advantages in comparison to alternative 
energy storage technologies such as batteries; including decoupling of power from energy 
capacity, higher specific power and no need to convert from electrical to mechanical with 
the associated losses. 
Carbon fibre composite was used for the flywheel as far higher specific energies are 
possible than with a metal flywheel and carbon fibre tends to spool into fibres in a failure 
whereas metallic rotors fragment into large pieces. The rotor was designed to be a long 
cylinder as this provided a larger moment arm for constraining of gyroscopic forces and 
also allowed the flywheel to be incorporated into the vehicle structure. 
Simulation in `Advisor' was used to assess the performance of a flywheel based me- 
chanical hybrid, using a pair of flywheels operating between 25,000 rpm and 50,000 rpm, 
with an inertia of 0.1 kgm2 each. A powertrain incorporating a double epicyclic gearbox 
with a simple control system was used. This demonstrated that the vehicle emissions 
were significantly reduced (similar to the Toyota Prius with a similar sized chassis), whilst 
performance was above that of the conventional vehicle. With refinement of the control 
system, better performance and lower emissions would be expected. 
To design the carbon fibre rotor, analytical techniques, FEA and modal analysis were 
used. This led to a rotor design using a multi-layered helical carbon fibre winding, which 
formed a neck down region, allowing safe attachment to the shaft by enabling metal hubs 
smaller than the free hoop diameter to be used. To allow construction of the flywheel rotor 
incorporating a neck down, a collapsible mandrel was designed which could be removed 
after curing of the rotor. 
Containment and safe running is critical to the design of the flywheel. Windage un- 
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der atmospheric pressures would produce unacceptable losses, thus requiring a vacuum. 
Windage losses under rarefied conditions were calculated using Beck's solution for various 
pressures and radial gaps as well as assessing the windage on the hubs and internal surface 
of the rotor. The total windage was calculated to be 160% of the outside drum windage. 
Simple thermal models for conduction through the rotor and radiation allowed the gap 
and pressure pressure limits to be calculated; 5mm and over with 1OPa pressure or any 
radial gap over 1mm with a pressure of 1Pa. Failure of the rotor and containment was 
investigated, with the losses under atmosphere calculated using unbounded and bounded 
models. The use of water and salts with high water of crystallisation in an emergency to 
absorb heat was investigated. 
Maintenance of the vacuum between service lives must be ensured. Calculation of 
the pressure rise in a year for an ideal containment showed that permeation is negligible, 
whilst the sealing using o-rings is critical and can lead to a significant pressure rise. 
Using specialist vacuum lubricants for the bearings will limit the achievable speeds due 
to the high viscous frictions. The use of a Turbomolecular Pump (TMP) was investigated 
to maintain a higher pressure in the vicinity of the bearings than that of the rotor. The 
ability of a limited number of TMP design tools, led to the creation of a particle sur- 
face simulation engine written in C++, allowing full arbitrary 3D surface geometry and 
molecular modelling using Monte-Carlo methods. Molecular distributions were created in 
accordance to the Maxwell-Boltzmann distribution and collisions were modelled as per- 
fectly elastic using an arbitrary mixture of diffuse and specular reflection. An octtree was 
used to order the surfaces and facilitate the traversal of the model. However, with the 
use of perfluropolyether based lubricants, the use of a TMP was unnecessary for a limited 
range of bearings. 
Selection of suitable bearings for a vehicle and determining their operational limits, 
especially due to the vacuum, is essential. High speed, greased packed, angular contact 
rolling element bearings were chosen in preference to magnetic bearings due to simplified 
design, space and weight constraints in a vehicle. The use of perfluropolyether based 
grease allows the bearings to operate in the flywheel vacuum at high speed, however, at 
high temperatures loss of lubricant can still occur. 17 mm and smaller bearings are rated 
for use with grease at the speeds required for the flywheel, however, due to the unfavourable 
vacuum conditions 15 mm and smaller bearings were suitable and the bearing losses were 
calculated for various bearings and speeds. Calculation of the bearing life on a rotor 
balanced to satisfy BS 6861-1, showed that 15 mm and larger bearings had a sufficient life 
for the vehicle. The forces that occur under gyroscopic loading were investigated, finding 
that the maximum force with a turn rate of 180°s'1 was lower than the dynamic load 
capacity of 15 mm and larger bearings; thus 15 mm bearings were chosen. To examine the 
effect of the bearings on the natural frequencies, simple vibrational analysis was carried 
out. A bounce mode occurred in the operating range of the flywheel, but with inclusion 
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of o-rings as low stiffness springs, the flywheel could operate super-critically above the 
damped natural frequency. 
The coupling of the flywheel to the powertrain must be able to provide sufficient torque 
and operate through the vacuum. The use of an eddy current coupling was investigated, 
which could operate through the containment wall and would not detach with over torquing 
unlike a synchronous coupling. The coupling was analysed using finite element software 
and experimental analysis, however it was found that eddy current couplings were unsuit- 
able for the flywheel due to the limited torque available and the losses incurred. Direct 
shaft connections were examined, however, solid seals were not suitable due to the high 
frictional losses, thus liquid seals were investigated. Analytical solutions for the losses in 
weir seals were derived, but investigation into magnetic fluids led to selection of a magnetic 
fluid ring seal, which is capable of operating with the speeds and pressures required. The 
seal required a6 mm shaft, which is capable of the torque required. 
To demonstrate feasibility the flywheel, a demonstrator was constructed that allowed 
testing of the flywheel, to verify the safe running, system vibrations and to assess the 
system losses under vacuum and atmospheric pressure. Assessment of the bearing and 
windage losses, and ensuring that the flywheel operated safely, was carried out using run 
down tests. The flywheel was driven by a turbocharger, using a magnetic coupling. The 
losses due to the coupling, stemming from bearing and disk windage losses, was calculated. 
Vibrations were monitored using an external FFT analyser and the `ADRE' system. A 
Hammer test was used to assess the body modes of the flywheel. The vacuum pump 
could not produce a pressure lower than 2500 ± 100 Pa, thus models were investigated to 
calculate the windage. 
Hammer testing of the flywheel showed that there were no body modes in the operating 
range of the flywheel, with the first resonance mode at over twice the maximum speed of 
the flywheel. 
Run down tests were run under atmospheric as well as vacuum conditions. The atmo- 
spheric losses were very closely predicted by the losses for a bounded rotor with a 10 mm 
radial gap and would hence be suitable for predicting the losses at higher speeds. 
The run down tests under vacuum were carried out using two different containment 
casings, due to the failure of the initial containment during testing; the run down tests 
at 15,000 rpm and greater speeds were with the second casing. A maximum speed of 
22,400 rpm was reached, being limited by the turbocharger. The losses were most closely 
matched by the predictions of an unbounded rotor in continuum flow, with the predicted 
losses at lower speeds underestimating the actual losses and overestimating the losses at 
higher speeds. However the ratio of the predicted losses to the actual losses within the 
range of speeds tested increased approximately linearly with speed, and thus the predicted 
losses could be compensated for. The vibrations of the flywheel were very small with a 
maximum overall vibration of less than 2 mms-1 indicated on the external FFT analyser. 
203 
Chapter 11 - Conclusion 
Achievement of Aims 
The research and development of the flywheel, led to a design suitable for incorporation 
into a vehicle, operating between 25,000 rpm and 50,000 rpm, with a design inertia of 
0.117kgm2 and an energy storage of 1.6MJ. To achieve this, the following objectives were 
examined: 
Investigate the benefits and requirements of a flywheel based powertrain. 
"The advantages that are leveraged from using a flywheel must be investigated, including the 
fuel savings and performance advantages along with the modifications that are required for 
incorporating flywheels into vehicle powertrains. " 
The advantages that are leveraged from using a flywheel in a vehicle, were demon- 
strated using simulation in `Advisor', with a mechanical hybrid incorporating a double 
epicyclic gearbox. The simulation showed significant reductions in vehicle emissions and 
improvement in performance above that of the base vehicle. 
Formulation of tools required for analysis and design of the flywheel. 
"To attain a suitable design of a flywheel, many issues must be investigated; The shape 
and profile of the rotor must be developed, for sufficient energy storage and safe operation. 
Containment issues including windage and burst containment must be examined and selection 
of bearings must be carried out. " 
The research and design of the flywheel required many issues to be investigated and 
solved some difficult design problems: 
.A rotor was designed, with low stress levels and sufficient energy at the operating 
speeds of the flywheel. Use of a novel neck down region, incorporated during the 
manufacture of the rotor, allowed safe and simplified attachment of the rotor to the 
shaft using a metal hub which was smaller then the free hoop radius. The hub was 
designed to complement and support the rotor whilst spinning. 
" To reduce rotor windage, the pressure in the containment was reduced. A pressure 
of 10 Pa was selected, which allowed significantly reduced losses, whilst being high 
enough to avoid loss of lubricant for the bearings. 
" Support of the flywheel using 15 mm, high speed, grease packed angular contact 
rolling element bearings was demonstrated, using a perfluropolyether based lubri- 
cant. The lubricant allowed operation in an evacuated environment at the high 
speeds that the flywheel required. The bearings had a design life suitable for use in 
a vehicle and could cope with high shock loads, such as from high gyroscopic forces 
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due to high rates of turning. The bearing housing incorporated o-ring dampers which 
allowed the flywheel to operate above the bearing and housing natural frequency. 
" The coupling of the flywheel to the drive train, through the vacuum, was accom- 
plished by using a magnetic fluid seal on a spindle shaft. This allowed synchronous 
driving of the flywheel and avoided the problems that are posed by the use of con- 
ventional solid seals or magnetic couplings. 
Demonstrate feasibility of flywheel for hybrid vehicle energy storage 
"Construction and testing of a composite flywheel using a design suitable for vehicular appli- 
cations must be carried out to demonstrate the design and loss predictions. " 
Construction and testing of a flywheel was carried out, which involved hammer testing 
and run down tests, which demonstrated: 
" The flywheel was successfully operated up to 22,400 rpm, which is nearly half the 
maximum operating speed (50,000 rpm) of the flywheel. 
" No flywheel body modes were observed in the operating range of the flywheel, with 
the first observed mode occurring over 1800 Hz. 
" The flywheel exhibited little vibration whilst running, with a maximum overall vi- 
bration, observed with a FFT analyser, of less than 2 mms-1. 
" The losses that were predicted in atmosphere by the bounded continuum model 
agreed very well, within 5%, with the actual losses observed. 
" The losses in the vacuum (; ý-, 2500 Pa), were most closely predicted by the unbounded 
continuum model, with a linear correlation observed in the speed range tested. 
Future Work 
The analysis, design and construction of the flywheel, led to the successful operation of 
the flywheel at up to nearly half the maximum operating speed and demonstrated the 
static behaviour of the design. However, for demonstrating the flywheels suitability for 
use in a vehicle, further testing is required to confirm the predicted behaviour: 
" Perform run down testing of the flywheel, with a vacuum of 10 Pa. This 
will allow the actual losses to be compared to the predicted losses, at the design 
pressure of the flywheel enclosure. The validity of the general assumptions used for 
the rarefied loss calculations can thus, be tested. 
" Testing the bearing lubricant performance. The use of a fluorinated hydro- 
carbon based grease for the bearings potentially allows the bearings to operate at 
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low pressures without high losses due to viscous drag. The effects of temperature 
and pressure on the greases, leading to degradation and especially loss of lubricant, 
needs to be investigated. This will allow a suitable fluorinated grease to be chosen 
along with operational limits on the flywheel to ensure a suitable working life. 
" Burst test the carbon fibre rotor. The burst test will confirm that the flywheel 
is operating significantly away from the burst speed. It will also allow analysis of 
the bursting mechanism, which will help design the containment to ensure the rotor 
fragments cannot escape or damage the environment. 
" Investigate the use of salts with high water of crystallisation to absorb 
energy. Initial investigation into using salts with high water of crystallisation, 
demonstrated the potential to absorb significant amounts of energy, in the case of a 
rotor failure. Heat absorption rates and the suitability of structural incorporation 
to the containment of different salts must be investigated. 
" Design of the casing. The casing must be designed to absorb the energy from a 
rotor burst, whilst being as light as possible. Additionally the casing may be used as 
a structural part of the vehicle and must incorporate the necessary features. Testing 
of the casing, using the rotor burst test data, must be performed to verify the design 
which could include salts with water of crystallisation. 
" Cycle testing of the flywheel. Testing of the flywheel performance with storing 
and extracting energy, as required from the representive drive cycle that it would 
be subjected to will allow assessment of the overall performace that will be achieved 
in the vehicle. It also allows the coupling of the flywheel to the drive system and 
epicyclic gears to be optimised. 
" Testing of the flywheel with imposed external loads. Subjecting the flywheel 
to gyroscopic loads by rotating the system on a turntable will ascertain the effect on 
the bearings. For example, high rotation rates can be used to simulate the conditions 
that would occur in an accident. 
" Incorporate the flywheel into a prototype vehicle. Testing the flywheel system 
and the associated powertrain in a prototype vehicle will allow `real world' testing 
of the system. 
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Balancing of the Flywheel 
A high speed for balancing is conventionally used as the out of balance forces will be 
relatively high and give accurate readings on the balancing machine. This is possible for 
most items as they have little inertia and hence less energy when spinning at high speeds. 
Unfortunately the flywheel has high inertia and mass and thus is not safe to spin at 
high speeds without making sure that the out of balance is low for the given speed. This 
was especially the case for the flywheel as the rotor was initially highly out of balance. Fur- 
thermore due to the inertia, accelerating and decelerating the flywheel takes a significant 
amount of time. 
Balancing was thus carried out by balancing at a slower speed range, correcting the 
out of balance, then ramping up the speed range and repeating the balancing procedure. 
The balancing machine used, uses piezo-electric sensors to measure the force produced. 
However it was found that a minimum speed had to be used to measure the out of balance 
for a given unbalance, and this was dependant on the item being balanced and its mass, 
rather then just the out of balance. For example a smaller item with a similar out of 
balance could be spun slower. 
The out of balance force thus must be a certain fraction of the static force due to the 
mass. Table A. 1 shows the speed at which a certain out of balance gives a certain force. 
Figures A. 1-A. 3 show the balancing of the flywheel, detailing the mass to be added 
(on the outside of the rotor or the balance holes on the hubs) and the angular position. 
The convergence of the balance points on the figures corresponds to a out of balance force 
of just under 1 N. This would suggest that the out of balance force must be around 1% of 
the static force, for accurate balancing. 
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Table A. 1: Speed Required For Out of Balance Force 
gmm 
1 1 
10N 
RPM For Given Force 
5N 3N 2N 1N 0.5N 
500 1351 955 740 604 427 302 
250 1910 1351 1046 854 604 427 
100 3020 2135 1654 1351 955 675 
50 4271 3020 2339 1910 1351 955 
25 6040 4271 3308 2701 1910 1351 
10 9550 6753 5231 4271 3020 2135 
5 13505 9550 7397 6040 4271 3020 
1 30198 21354 16540 13505 9550 6753 
0.5 1 42707 1 30198 23392 19099 13505 9550 
Mass On Outer Surface 
90 
--a-- 9(1) 
+9 (2) 
150-500RPM 
180 
270 
Figure A. 1: Rough Balance 
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Mass On Outer Surface 
90 
--0-- 9(1) 
a 9(2) 
Ballance Masses 
Plane I Plane 2 
1.5@270 1.2@0 
0.1@50 0.2@255 
0.2@30 0.2@240 
460-800RPM 
180 
270 
Figure A. 2: Rough Balance 
Balance Mass Required @ 50mm Radius 
Calibration Mass 1.25g 
90 
--E7-- 9 (1) 
A g(2) 
Ca0bº. tbo 
(RPM s) 
1000 
1500 
2000 180 
2250 
2500 
0 
0 
e) 
Figure A. 3: Balance In Casing 
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Appendix C 
Hemispheric Hub Manufacture 
and Attachment 
Ilaviti- it prat a hill, frone the rotor cylinder his the advantage that the cylinder is easy 
to manufacture, but requires the hub to be manufactured and attached to the cylinder 
securely and precisely. 
C-= =ý> 
Mandrel 
Ring 
Winding 
Figure C. 1: Composite Hemispheric Hub Manufacture 
The method of manufacture envisaged is to filament wind two hubs at the sinne time 
around a spherical mandrel as shown in Figure C. I. The finished winding would be (-tit 
into the two separate lnibs after being cured. The hubs will connect to the shaft, bnt 
instead of directly winding onto the final shaft(s), which would reduce the flexibility iii 
manufacture and assembly, metallic rings are proposed to which the composite is directly 
bonded. The main shaft(s) will attach to these rings when assembling, allowing flexibility. 
in the shaft design and size not afforded by winding onto an actual shaft, which would 
have to be cut to produce two stub shafts. 
As the hub will tend to try to flatten out as it spins, the hubs will want to move axially 
relative to the cylinder, away front the contact and '`pop" from the ends. To avoid this, 
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the hubs will require secure attachment to the cylinder. Initially it was envisaged that 
the hubs could simply be adhered to the cylinder using the matrix epoxy, however with 
the stresses acting on the system due to the hub (Figure 3.11), using a more substantial 
attachment was thought to be advisable. Use of a cap or such device to externally clamp 
the hub and cylindrical rotor is not possible due to the speeds and loading, thus the use 
of an inbuilt attachment mechanism is required. 
One method that could be employed is having coaxial holes in the hubs and rotor 
which are used to connect the parts with a 'pin' in shear. The pin would have to be 
designed such that it is either tapered or has a flange at one end and is inserted so that 
the larger end is at a lower radius to avoid the pin from coming out with the gyroscopic 
load. Unfortunately with using this method there will be increased chances of failure - the 
holes will be stress concentrations in the part, the pins will be subject to shear and the 
pins will act as a non structural mass, increasing loading but providing no support. 
The holes that the pins will pass through should not be created by drilling holes in the 
wound rotor and hubs as the holes will then break fibres and seriously compromise the 
strength. Instead the holes would have to be incorporated into the winding process, which 
would make the winding much more complex and will probably make automatic winding 
impossible (for example hoop winding near the holes). 
For safety the pins should be made from composites, firstly because of the lower density 
compared to most metals which will mean less load on the system and secondly that if 
there is a failure the loose pins should be more benign then if they were made of metal. 
The pins will have to be produced so that the fibre is along the length, otherwise the 
shearing of the pins will only be supported through matrix material. 
Manufacture of the cylindrical rotor by winding for a mixed helical and "hoop" design 
will mean that the winding cannot produce a simple cylinder and will require places for 
the winding to turn around. These areas would have to be removed from the cylinder, 
which will reduce the strength in these areas, thus the winding will have to account for 
this. 
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Beck's Rotor Drum Windage 
With Viscous Flow 
The rutor vViiiddLr loses predicted by Beck's solution (Equation 4.4) for the viscous 
flows are are past the limits of Beck's solution and thus not expected to he valid. The 
losses for 100Pa and 1000Pa are similar to each other and this is not surprising as the flow 
is very different from molecular. 
1000Pa 
2000 
- Gap 
2mm 
-- -- 3mm 
1500 
--- 
tmm 
5mm 
3` 
d 
looo 
vi 
c_ 
500 
0 10000 20000 30000 40000 SOC 
RPM 
100Pa 
2000 
1mm 
-- 2mm 
-"-"-"- 7mm 
1500 ! mm 
---- Smm 
1000 
V 
C 
500 
00 
10000 20000 30000 40000 
RPM 
(a) 1000 Pa (b) 100 Pa 
Figure D. 1: Beck's Drum Rotor windage - Viscous Flow 
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TMP Single Stage Frontend 
An example frontend for simulation of a single stage of the TMP was written, using an 
OpenGL interface [75,87,96] (allowing easy porting). The frontend interface is outlined 
below. 
TMP Montecarlo simulation 
Single Stage Calculator 
Sejul Shah - Imperial College 
Defining the Blades (1 oi4) 
r Create Simple Blades 
l' Import Blade Geometry 
Reflection coati oo 
NBC 
Figure E. 1: TMP Frontend - Blade Geometry 
Figure E. 1 is the first step, where the geometry of the 'blades' - comprising of t 1w 
stators and rotors - is defined. To define the blades two methods are available: input of 
a file containing the geometry data in STL (standard triangular language) ASCII format, 
alternatively simple blades can be defined dynamically as shown in Figure E. 2 
The dynamic blade generator allows creation of simple blades, defined by points on a 
face (such as the top or base) and extrusion vectors to give the opposite face. 
Figure E. 3 shows the definition of the hub and shroud surfaces on the model. 
Figure E. 4 illustrates the defining of the gasses present in the model, the gasses are 
assumed to be fully mixed in the flow and not interact. It also shows the axial model 
bounds and the rotor-stator region defining planes. 
Figure E. 5 is the final step before running the simulation, where the bounds of t he 
model and the rotor speed are set. 
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Total Number Of Blades 
Staut Blades: i2 
Roar Blades rl 
On stator 
or Point Details (mm) 
I Point Extrusion vector 
X. 05 X 00 
V: 25V: t0 
z z: o0 
Add as new 
On Robr 
r Point Details (mm) 
rr Poml E, ufion vector 
X -05 X: 00 
Y: 25 Y: i0 
Z04 Z: 00 
Uptl . 
Aotl as now 
OK 1 
Pt 
(a) Definition (b) Output 
Figure E. 2: TMP Frontend - Dynamic Blade Generation 
Figure E. 3: TMP Frontend - Hub and Shroud Definition 
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(b) Output 
Figure E. 4: TMP Frontend - Molecular definition and regions 
(b) Output 
Figure E. 5: TMP Frontend - Bounding Box 
216 
(a) Definition 
(a) Definition 
Appendix F 
Magnetic Eddy Coupling Rig 
Drawings and Calibration 
A test rig was developed for experimental analysis of the suitability of eddy current cou- 
plings. The test rig was based around a current test rig used by Linus Bokesand [13], 
which was used to test magnetic face type synchronous couplings. The test rig was set up 
to measure torque and axial load with varying the gap between the coupling halves and 
the angle offset. However the rig was not suitable for eddy current testing, as eddy cur- 
rent couplings work by slip occurring to provide the flux 'cutting' and the test rig allowed 
significant movement due to its design. 
Figures 
F. 1 Magnetic Coupling Rig Assembly ...................... 218 
F. 2 Magnetic Coupling Rig Bearing Housing .................. 219 
F. 3 Magnetic Coupling Rig Driving Shaft . .... . .... .... ...... 
220 
F. 4 Magnetic Coupling Rig Magnetic Coupling Backing .... ... ..... 
221 
F. 5 Magnetic Coupling Load Backing . .... . .... .... ..... . .. 222 
F. 6 Magnetic Coupling Rig Support Plate ................... 223 
F. 7 Coupling Rig Calibration Load Cell Axial ........ ...... ... 224 
F. 8 Coupling Rig Calibration Load Cell Torque . ... ... . ..... . .. 224 
F. 9 Coupling Rig Calibration Speed . ... .......... . ........ 225 
F. 10 Coupling Rig Calibration Gap 
....... .... . ........... . 
225 
217 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
Ö I LJ 
s ý, o 
Y N 
N 
ä 
H 
naf. .Q 
AY 1. 
S 
P 
K O 11 1 11 1 1 1 11 
N ... .. Y N 1ý1 PI N 
M V 
8 
M 
$ 8ý ý 
g 
5 ý ý ý $ E Z ý ö . 
oý o n ýo n_ ý 1ý/ N o a m n Nn 1ý1 aL 
d 
O 
C 1ý 
"i D t 
E E 
W N N 
NA r 
N 
Q 
N 
Q 
O 
Lai Z 
Jt 
= cr- 
N 
rr -n 
\ 1 1 1 1- 1 o --G) 1 6 
f 3 
º- 
e 
co 
WÖN 
1 CY 
+ ýy 
N p Vj 
.I 
Figure F. 1: Magnetic Coupling Rig Assembly 
218 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
YyC 
N 
4 °l 3 
Y N `" et 
C ä ` / 
! 
L 
N 
l^Ssb Q 
C0 
ý x \ 
. 
x 
df0 Q 
. ý4- 
. 0. 
as a 76 
4. CD 
C, %D 
al c 44 C C3 0 
C7 7 
Go 
N 
00 
0 
d Ad 
y N ý 
3 
Q 
.3 
ý 
d 
co 
r 
ö 
W 
O 
W Z 
J .V 
Ö 
Ö 
x 
X 
i 
i 
V 
N 
N 
0 
D y 
p 
Y 
dd d ' ` yý ft 
0 cl cl 
SS 
cs 
S 
cä 
vv c 
rr r ýo 
d 
Figure F. 2: Magnetic Coupling Rig Bearing Housing 
219 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
xo 
Y 
iIN l7 1 
3 kD y ýý 
I 
01 O ý, O0 /ýI Yüf Iv )" _ )- I.. I.. 
N 
7ÖQ 
CU 7 4. Cuu 
idJ N 
N_ ^II 
ex 
Cý" Zd co N 6YH 0, 
ýý 
006 F 
xyv3: I "- 
VN 'a 0 
L 
3ý 4 
I ý- uIIu 
k4 
N 
J 
N 
'Rui L Ln 
rO C), 
O 
in Z N 
Ln J 
O 1ý 
1ý Q 
Np. 
fll L2 
CDC) Id, 
@ 
>c r 41 u u O 
Jx 
öý 61 
`ödd a°p 
a- r. 
I N 
Ih 
I 
L IV Q/ W 
mý ýv VjJ 
Figure F. 3: Magnetic Coupling Rig Driving Shaft 
220 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
YY 
_ 
iV 
aý3 
Y1 o 
N$ 
1Ix 
in 
11, LI 
Ic 
ýý $o 
0 
Iý: E w 
aY y IY Y JC 
vN 
Qeýý ýv 
sill 
üy 
qpM 
w< 
gW 
Ö« 
YY 
VJ 
Figure F. 4: Magnetic Coupling Rig Magnetic Coupling Backing 
221 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
wP 
C 
S'o; V3 
-4 21 
eon-- ` ggI 
13 
mU in vii Tu Q= 
In 
O 
tl 
XR 
t 
0q 
uä= 
o, 
OD º-9 
"wö 
13 
e öý u x^d O. r00le 
' 
,ý_NFy 
50, 
E 
\\ 
Loo ö 
Of `/8 /IA ý- Wv 
A 
0 
-i Co 
'xO 
1W .Z 
G~ 
/ coIt Cl 
\ 80 
/a0 0- 
10- C3' 
eV 
t 
7i 
l 
ýN CO 
V1 V 
+oi d'o 
qu 
Nq j o.. 
moo 
Iy1 
oF, < .3 
Q .1 acm 
UWON 
äIy Yý 
3yY 
ýN 
utö 
3 ,1v 
Q 
W 
ýý vär 
Figure F. 5: Magnetic Coupling Load Backing 
222 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
t 
V Vý 
jr r 
t iss N3 ANO0ý 
C 
vH 
N rlr ja 
L 
nxý 
x 
in or 
ti o 
ö 
'ýo m 
co 
o 
lyl Z 
J to t-- cr. 
-A 4%f'o IDU a CL CD 
e 
Nt 
9cNp 
dyNZo 
L. j 
.ýi 
n 
ýo0 nx 
NX 
C6 
d "¬ Yi 
yl Vý- 
"ý ýýxX 
C "« cc 
fVUC 
   Wý sap 
Nd 
O O" VJ 
Figure F. 6: Magnetic Coupling Rig Support Plate 
223 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
Axial calibration 
10V Bridge - Gain I- Amp3 - Channel 4 
I 
0.4 .0 0038y .0 004 
u 
as 
. 25- 
0.2- 
As- 
0.1. 
0s 
0 
V [V ýV WW 1Vp 120 
LOW (N) 
Figure F. 7: Coupling Rig Calibration Load Cell Axial 
Torque Calibration 
5V Bridge - Gain 5- Mnpl - Channel 0 
E 
I 
00 
y"0.0997R " 0.001 
R'-1 
05 
04 
0.3 
02 
0.1 
0 
sa"6670 
iwaw (Nm) 
Figure F. 8: Coupling Rig Calibration Load Cell Torque 
224 
Chapter F- Magnetic Eddy Coupling Rig Drawings and Calibration 
Speed Caiibraton 
RPM " Voltage - Channel 5 
45 
85 
3 
p 
1. a 
1 
05 
0 
y. 0.0008x .0 0002 
R' . 0.9998 / 
0 1000 2000 3000 4000 5000 6000 
RPM 
Figure F. 9: Coupling Rig Calibration Speed 
Gap Calibration 4.56V Input 
12 
10 
a 
18 
4 
2 
. 0.9994 
" vw. w oe. np. 
-Un. r (no. mnQs) 
0- 
0 05 1 1.5 2 2.5 3 3.5 4 45 6 
Ching. Voltag. 
Figure F. 10: Coupling Rig Calibration Gap 
225 
Appendix G 
Main Test Rig Drawings 
Figures 
G. 1 Füll Assembly .................. ..... ..... .... . 227 
G. 2 Bearing Housing Driven Assembly .............. .... ... 228 
G. 3 Bearing Housing Driven Outer ......... ......... ..... 229 
G. 4 Bearing Housing Driven Inner ........................ 230 
G. 5 Bearing Housing Driven Internal Cap ............... ..... 231 
G. 6 Bearing Housing Non-Driven Assembly .... ............... 232 
G. 7 Bearing Housing Non-Driven Outer ..................... 233 
G. 8 Bearing Housing Non-Driven Inner .... ....... .......... 234 
G. 9 Main Shaft .................................. 235 
G. 10 Mandrel Assembly .............................. 236 
G. 11 Mandrel End Clamps ....... ... ......... ... .... ... 237 
G. 12 Mandrel Corner Blocks .... ..... ....... ..... ..... .. 238 
G. 13 Mandrel Middle Blocks ....... .... ................. 239 
226 
Chapter G- Main Test Rig Drawings 
IIi; 
OO 
OO 
. 
. 
OO 
O 
Figure Cl: 
. 
Full Assembly 
227 
Chapter G- Main Test Rig Drawings 
ai ä 
-äA 
Y_ 
0 
OooO 
Figure G. 2: Bearing Housing Driven Assenibly 
228 
Chapter G- Main Test Rig Drawings 
LE: 
z 
DT 
J. 
1 
op ýo ö 
OOoo 
Figure G. 3: Bearing Housing Driven Outer 
229 
Chapter G- Main Test Rig Drawings 
Ve 
rö 
Djý 
oa,. 
-- 
oýo 
. Y. 
Figure G. 4: Bearing Housing Driven Iiuier 
230 
Chapter G- Main Test Rig Dr 
oö 
.. m 
1< ý 1< 
Figure G. 5: Bearing Housing Driven Internal Cap 
231 
Chapter G- Main Test Rig Drawings 
WN 
J 
- V o ý 
Yý 
It o S 
I 
0 0 000 
0 0 
ö 
Figure G. 6: Bearing Housing Non-Driven Assembly 
232 
Chapter G- Main Test Rig Drawings 
pö 
NV 
N 
1 
11 
11 N 
om 
o m 
o_ 
ö 
w ý^ 
N 
iý 
öEr 
ý. oc 
.e 
uv'v 
g. v u_ 
e'er. 
os r 
:Z7: r 
0 
ý° I°O 
ý' 0" o/ 0 
N 
00-" 
O 
OO 
Ö 
-- --1------ 
--s o ud 
N 
'9. lSl ö '9. 
g` 
:ýo »=o ý 
z Vý°v ö 
ro y.. 
ýN 
9YP 
QWO QW 
= 
s ýpvr 
N Gý s_ 
u vý ý ýW 
r 
0 
=o °säa 
ö °ä 
J e_N L ". 
i 
NoO C 
vii 
sr 
N 
0 
oý 
o0 
/ 
re 
0 
u 
a 
ýo 
Ö 
=e 
= 
ý. 
e 
ra. H 
_.. J 
Figure G. 7: Bearing Housing Non-Driven Outer 
233 
Chapter G- Main Test Rig Drawings 
NV 
Oa 
OO 
Y< 
g'N d ý. 
V 
sVZ 
NO' ý ZOý Zs 
V'ö0E -O_ 
N e'n ED ö~ - 
ös 
ý rýW T 
üY I\F m -_ mn 
zY 
ýd 
Y' No 
0ör 
ýý 
z 
NZ 
r ZH 
PO 
OS 
YN Twm 
ýÖoYNýÖ ý1 
O¢ZO 
N 0O O 
V'ýýO Oý N 
OýO 6e 
NOaOE 
Ö 
Oýný 
mN 
Vý 
O_ 
ih lix! 
1 
41 
y ýcýä 
is=3 =ýiýs 
Figure G. 8: Bearing Housing Non-Driven Inner 
234 
Chapter G- Main Test Rig Drawings 
V- 
Nt 
ý 19. v 
ý gi 
ýý ýý 
1101_. 
O 
ý 
cl- 
- 
=2vVO 
cz O- v! = 
. 
ä3tß 
"" 
q) SCW - 
vt - 
-NCO cyO ýQWW E uý 
M 
Q3 co C 
1! i 
Z o_ 
N 
v 
r. 
ý 
O, 
N 
!N- N 
1ý OOO 
ON 
T"" Zn 
. 
ON ýý, WW 
-ýYýO 
00 V 
ý< 
A 
It: . 0 
L'ff 
I U 
I I 
l4 °0- 
=o 
°o 
h 1- Oo 
X v= SE 
Z= 3TL 
Ws 
Jw 
LLJ V; 
<'dý U 
Figure G. 9: Main Shaft 
235 
Chanter G- Main Test Rig Drawings 
Figure G. 10: Mandrel Assembly 
236 
Chapter G- Main Test Rig Drawings 
Np _z OýV=_ Op. 
19. a°o 0 
00 
_ýMu 
ýy 
O 
O 
"- h 
W Crý 
OýO ý7 Q 
Uo 
(Ný: J 
OY 
O OL 
W 
Z t! 
tO 
x 
YI 
l_ ýz sOOs ääE 41z !: Iz1. 
gab 
Figure G. 11: Mandrel End Clamps 
237 
Chapter G- Main Test Rig Drawings 
aY 
si 
O ` 
h 
o m 
o <_ 
wi 
0 
Vt 
Q 
i 
iu 
äei ii 
ýn I R 
y ! 
V 
: s= i 
! 
"s 
i 
Figure G. 12: Mandrel Corner Blocks 
238 
Chapter G- Main Test Rig Drawings 
r 
ýo0 
. r°a ýN O 
k 
.v 
v öv 
zz 
z 
ö 
j; A 
°S 
sä=E 
i'ýs i're 
: 3sß 
9'iß 
Figure G. 13: Mandrel Middle Blocks 
239 
Appendix H 
Solid Model Calculated Values for 
Rotor and Shaft 
VOLUME = 6.4332555e+06 mm3 
SURFACE AREA = 7.2568048e+05 mm2 
AVERAGE DENSITY = 1.8054675e-09 TONNE / mm3 
MASS = 1.1615034e-02 TONNE 
CENTER OF GRAVITY with respect to SHAFT ROTOR coordinate frame: 
XYZ0.0000000e+00 0.0000000e+00 1.1253466e-02 mm 
INERTIA with respect to SHAFT ROTOR coordinate frame: 
INERTIA TENSOR (TONNE * mm2): 
Ixx Ixy Ixz 2.0012906e+02 2.6138660e-02 0.0000000e+00 
Iyx Iyy Iyz 2.6138660e-02 2.0011218e+02 0.0000000e+00 
Izx Izy Izz 0.0000000e+00 0.0000000e+00 1.1689589e+02 
INERTIA at CENTER OF GRAVITY with respect to SHAFT ROTOR coordinate frame: 
INERTIA TENSOR (TONNE * mm2): 
lxx Ixy Ixz 2.0012906e+02 2.6138660e-02 0.0000000e+00 
Iyx Iyy Iyz 2.6138660e-02 2.0011218e+02 0.0000000e+00 
Izx Izy Izz 0.0000000e+00 0.0000000e+00 1.1689589e+02 
PRINCIPAL MOMENTS OF INERTIA: (TONNE * mm2) 
Il 12 13 1.1689589e+02 2.0009315e+02 2.0014808e+02 
ROTATION MATRIX from SHAFT ROTOR orientation to PRINCIPAL AXES: 
0.00000 -0.58854 -0.80847 
0.00000 0.80847 -0.58854 
1.00000 0.00000 0.00000 
ROTATION ANGLES from SHAFT ROTOR orientation to PRINCIPAL AXES (degrees): 
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angles about xyz 90.000 -53.947 90.000 
RADII OF GYRATION with respect to PRINCIPAL AXES: 
Ill R2 R3 1.0032043e+02 1.3125198e+02 1.3127000e+02 mm 
MASS PROPERTIES OF COMPONENTS OF THE ASSEMBLY 
(in assembly units and the SHAFT ROTOR coordinate frame) 
DENSITY MASS C. G.: X 
SIIAFT_WHOLE 
7.80000e-09 1.51507e-03 2.32349e-08 
ROTOR-SUPPORT-DISCS 
2.78000e-09 2.61066e-04 2.47934e-15 
ROTOR-SUPPORT-DISCS 
2.78000e-09 2.61066e-04 -2.47934e-15 
ROTOR. RINGS-FOR_CARBON FIBER 
2.78000e-09 1.96182e-05 7.25174e-14 
ROTOR-RINGS-FOR-CARBON-FIBER 
2.78000e-09 1.96182e-05 -7.25174e-14 
ROTOR-CARBON-FIBER 
1.58000e-09 9.53859e-03 3.62527e-15 
Yz 
MATERIAL: UNKNOWN 
-6.23505e-09 8.62812e-02 
MATERIAL: UNKNOWN 
2.81411e-15 1.70068e+02 
MATERIAL: UNKNOWN 
2.81411e-15 -1.70068e+02 
MATERIAL: UNKNOWN 
0.00000e+00 1.75596e+02 
MATERIAL: UNKNOWN 
0.00000e+00 -1.75596e+02 
MATERIAL: UNKNOWN 
1.87628e-14 -1.34991e-06 
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FFT Spectrum and ADRE Plots 
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